UNCLASSIFIED 

.D  4  2  6  2  9  0 


DEFENSE  DOCUMENTATION  CENTER 

FOR  '  \ 

SCIENTIFIC  AND  TECHNICAL  INFORMATION 

CAMERON  STATION.  ALEXANDRIA.  VIRGINIA 


UNCLASSIFIED 


NOTICE:  When  government  or  other  drawings,  speci¬ 
fications  or  other  data  are  used  for  any  purpose 
other  than  in  connection  with  a  definitely  related 
government  procurement  operation,  the  U.  S. 
Government  thereby  incurs  no  responsibility,  nor  any. 
obligation  whatsoever;  and  the  fact  that  the  Govern¬ 
ment  may  have  formulated,  furnished,  or  in  any  way 
supplied  the  said  drawings,  specifications,  or  other 
data  is  not  to  be  regarded  by  implication  or  other¬ 
wise  as  in  any  manner  licensing  the  holder  or  any 
other,  person  or  corporation,  or  conveying  any  rights 
or  permission  to  manufacture,  use  or  sell  any 
patented  invention  that  may  in  any  way  be  related 
thereto. 


Best 

Available 

Copy 


'-TDR-63-1115 


r‘ 

<C 

o 


an 

<c 


DEVELOPMENT  OF  MECHANICAL  FITTINGS 
•  PHASES  I  AND  II  • 


TECHNICAL  DOCUMENTARY  REPORT  NO.  RTD-TDR-63-1 1 15 
December  1963 


Air  Force  Flight  Test  Center 
Air  Force  Rocket  Propulsion  Laboratory 
Edwards  Air  Force  Base,  California 


Project  No.  6753,  Task  No,  675304 


(Prepared  under  Contract  No.  AF  04(61 1  )-8 176  by 
E.  C.  Rodabaugh,  J.  W.  Adam,  B.  Goobich,  and 
T.  M.  Trainer,  Battel  1  e  Memorial  Institute, 
Columbus,  Ohio) 


NOTICES 


Qualified  requesters  may  obtain  copies  of  this  report  from  DDC. 


DDC  release  to  OTS  is  authorized. 


! 


FOREWORD 


This  report  summarizes  the  research  activities  performed  under  USAF  Contract 
No.  04(61 1)-8  176 ,  from  April  1  ,  1962,  to  July  31,  1963.  The  research  was  performed 
by  Battelle  Memorial  Institute  under  the  auspices  of  the  Air  Force  Rocket  Propulsion 
Laboratory,  Air  Force  Flight  Test  Center,  Edwards  Air  Force  Base,  with  Lt.  P. 
Olekszyk  and  Mr.  Roy  A.  Silver  serving  as  project  monitors.  The  principal  investi¬ 
gators  were  J.  W.  Adam,  J.  C.  Gerdeen,  and  B.  Goobich,  Research  Engineers;  E.  C. 
Rodabaugh,  Senior  Research  Engineer;  W.  A.  Spraker,  Staff  Mechanical  Engineer;  and 
T.  M.  Trainer,  Group  Director. 


ABSTRACT 


The  purpose  of  this  program  was  to  develop  a  family  of  improved  lightweight 
mechanical  fittings  for  service  with  rockets'  fluid  systems  under  stringent  environ¬ 
mental  and  operating  conditions.  The  work  consisted  of  ( 1)  a  review  of  the  design  and 
use  of  present  fittings  for  missiles,  (2)  a  review  of  candidate  materials  for  the  required 
operating  conditions,  (3)  the  establishment  of  recommended  classifications  for  improved 
fittings,  (4)  the  development  of  a  design  procedure  for  flanged  fittings,  and  the  prepara¬ 
tion  of  typical  designs,  and  (5)  the  design,  fabrication,  and  laboratory  evaluation  of  a 
1 /2-inch  threaded  fitting.  Three  major  conclusions  were  drawn  from  this  p-vgram: 

(1)  the  reconnectable  union  should  be  either  threaded  or  flanged;  (2)  the  connection  be¬ 
tween  the  tube  and  the  fitting  should  be  a  permanent  joint  made  independent  of  the  seal 
mechanism  or  the  reconnectable  union,  and(3)a  helium-tight  disconnectable  fitting  which 
incorporates  a  yielding  radial  seal  can  be  achieved  in  tubing  sizes  of  1-inch  diameter 
and  less. 

The  following  recommendations  were  made  for  future  work:  (1)  the  comparative 
features  of  the  outward-acting  and  the  inward-acting  radial  seals  should  be  investigated 
further,  and  the  performance  of  the  lightweight  1 /2-inch  threaded  fitting  made  of 
Rene  41  should  be  evaluated;  (2)  a  line  of  threaded  Rene  41  fittings  -  unions,  tees,  el¬ 
bows,  and  crosses  -  should  be  designed,  fabricated,  and  evaluated;  (3)  1 /2-inch  threaded 
fittings  of  a  low-strength  material,  probably  Type  347  stainless  steel,  should  be  de¬ 
signed,  fabricated,  and  evaluated;  (4)  typical  threaded  fittings  should  be  designed  for 
two  or  three  other  materials  and  for  a  few  combinations  of  likely  materials;  (5)  selection 
criteria  for  threaded  fittings  should  be  established. 
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DEVELOPMENT  OF  MECHANICAL  FITTINGS 


INTRODUCTION 


The  need  to  develop  reliable  lightweight  mechanical  fittings  for  service  with  rocket 
and  missile  fluid  systems  has  become  important  because  of  the  severe  problems  of  vi¬ 
bration,  temperature,  and  chemical  activity  encountered  in  the  present  missiles.  Future 
requirements  will  be  even  more  severe  and  it  is  estimated  that  operating  temperatures 
may  be  as  high  as  3000  F.  The  fittings  currently  in  general  use  were  developed  specifi¬ 
cally  for  use  in  aircraft  hydraulic  systems.  Although  the  original  designs  have  been 
significantly  upgraded,  the  present  fittings  have  not  proven  sufficiently  reliable  and  it  is 
recognized  that  a  new  generation  of  fittings  must  be  developed.  To  achieve  this  end,  the 
Air  Force  Rocket  Propulsion  Laboratory  initiated  a  program  whose  objectives  were 

(1)  to  design,  develop,  and  fabricate  a  family  of  lightweight  mechanical  fittings  that  could 
effectively  seal  helium,  and  (2)  to  provide  and  prepare  specifications,  drawings,  and  test 
requirements  for  the  fitting  in  such  manner  that  military  standards  may  be  published. 

Because  no  one  connector  design  can  satisfy  the  requirements  of  the  complete 
range  of  temperatures,  pressures,  and  fluids  encountered  in  advanced  missile  systems, 
a  basic  requirement  of  this  program  was  to  identify  and  develop  families  and  classes  of 
fittings.  It  was  also  required  that  the  designs  considered  should  be  new  and  unique  where 
applicable  and  not  restricted  to  modifications  of  present  designs.  This  goal  was  to  be 
attained  through 

(1)  Use  of  new  and  unique  concepts 

(2)  New  methods  of  joining  tubing  and  fittings 

(3)  Optimum  combination  of  materials 

(4)  Effective  use  of  manufacturing  techniques. 

In  performing  the  required  research,  Battelle  has  developed  new  design  proce¬ 
dures  and  new  design  concepts.  The  threaded-fitting  concept  as  demonstrated  in  the 
laboratory  promises  to  be  a  major  contribution  to  the  improvement  of  threaded  fittings. 
Because  of  the  general  interest  of  the  design  community,  Rocket  Propulsion  Laboratories 
invites  the  readers  and  reviewers  of  this  report  to  make  comments  and  to  assist  in  fur¬ 
ther  advancing  the  state  of  the  art. 


SCOPE  AND  OBJECTIVES  OF  PHASES  I  AND  II 


Phase  I  was  to  consist  of  an  investigation  of  parameters  such  that  classes  and 
types  of  fittings  could  be  chosen  and  preliminary  designs  could  be  initiated.  The  in¬ 
vestigation  was  to  begin  with  a  literature  survey  of  present  technology  and  a  materials 
review  for  determination  of  the  most  suitable  materials. 
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Investigations  were  to  be  made  of  (a)  satisfactory  methods  of  joining  tubing  and 
fittings,  (b)  forces  required  to  tighten  and  seal,  (c)  effects  of  thread  form  on  torque 
relaxation,  (d)  effect  of  thread  lubricant  on  sealing,  thread  galling,  and  torque  relaxa¬ 
tion,  (e)  the  use  of  computer  techniques  to  evaluate  design  criteria,  and  (f)  methods  to 
alleviate  or  eliminate  the  chances  of  human  error  in  the  assembly  of  fittings. 

The  preliminary  design  of  proposed  connectors  was  to  begin  concurrently  or  on 
conclusion  of  these  investigations.  A  stress  analysis  was  to  be  made  of  each  type  of 
fitting.  Optimum  operational  service  ranges  were  to  be  determined  showing  crossover 
points  between  threaded  and  flanged  fittings.  Maximum  strength  under  operational  con¬ 
ditions  versus  minimum  weight  was  to  serve  as  a  major  criterion. 

Phase  II  was  to  consist  of  the  detailed  design  of  a  representative  fitting  as  estab¬ 
lished  in  Phase  I,  and  a  laboratory  evaluation  of  its  performance  capabilities.  It  was 
mutually  agreed  with  the  project  monitor  that  the  laboratory  evaluation  would  be  con¬ 
ducted  with  a  l/2-in.  threaded  fitting  designed  for  2000-psi  service  with  temperature 
extremes  of  -320  F  and  600  F.  The  laboratory  tests  were  to  determine  proof  pressure, 
tightening  allowance,  temperature,  repeated  assembly,  and  operational  capabilities.  In 
addition,  a  section  on  the  design  of  flanged  connections  was  to  be  prepared  for  the  Fluid 
Component  Designers'  Handbook  being  completed  by  Space  Technology  Laboratories. 


REPORT  ORGANIZATION 


The  preparation  of  this  report  constituted  a  considerable  problem  because  of  the 
large  quantity  of  information  that  was  assembled  and  created  and  because  of  the  inter¬ 
relation  of  many  of  the  design  areas.  The  format  finally  selected  is  an  arrangement  of 
subjects  such  that  the  reader  can  best  understand  the  proposed  concepts,  the  detailed 
designs,  and  the  laboratory  evaluation. 

The  first  part,  "Determination  of  Fitting  Classes",  outlines  the  requirements 
which  determined  the  selection  of  candidate  fitting  materials,  details  the  reasons  for 
selecting  the  three  recommended  materials,  and  describes  how  the  characteristics  of 
the  three  selected  fitting  materials  combined  with  certain  operational  and  handling  re¬ 
quirements  define  the  recommended  fitting  classes.  The  fitting  classifications  affect 
many  of  the  subsequent  design  decisions. 

The  next  three  parts  discuss  in  detail  the  design  thinking  on  improved  mechanical 
fittings.  Early  in  Phase  I  it  was  concluded  that  a  reconnectable  mechanical  fitting  could 
be  made  to  seal  helium  satisfactorily  only  if  the  seal  were  not  a  part  of  the  tubing,  as  is 
the  case  with  the  present  flared  and  flareless  fittings.  The  reasons  for  this  conclusion 
are  given  elsewhere  in  the  report.  As  a  result  of  this  decision,  the  fitting  design  was 
divided  into  three  elements.  While  these  elements  were  not  entirely  independent  of  each 
other,  their  aspects  were  sufficiently  unique  that  during  much  of  Phase  I  they  were  con¬ 
sidered  to  be  separate  design  problems.  The  three  elements,  as  shown  in  Figure  1,  are 
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•  The  fitting-to-fitting  connection,  a  re  connectable  union  in  the  fitting  which 
provides  the  necessary  structural  integrity 

•  The  tube-to-fitting  connection,  a  permanent  transition  connection  between 
the  fitting  and  the  piping. 

•  The  seal,  a  metallic  disposable  seal  independent  of  the  structural  connec¬ 
tions  except  for  the  seal  seating  surface. 

The  design  thinking  is  presented  in  this  report  in  terms  of  these  individual  ele¬ 
ments  for  two  reasons:  (1)  they  provide  excellent  means  of  discussing  the  many  design 
aspects  of  the  fitting  in  a  systematic  manner,  and (2)  the  conclusions  and  recommenda¬ 
tions  concerning  each  element  are  different  and  more  easily  formulated  when  considered 
independently. 


Seal 


Tube  to 
fitting 


Fitting  to 
fitting 


A-43889 

FIGURE  1.  DESIGN  ELEMENTS  OF  A  TOTAL  FITTING 

The  fitting-to-fitting  design  is  discussed  first  of  the  three  because  it  provides  the 
opportunity  also  to  discuss  many  of  the  design  problems  which  affect  two  or  all  three  ele¬ 
ments.  This  part  also  presents  recommended  design  procedures  and  detailed  designs 
for  flanged  and  threaded  connections.  The  tube-to-fitting  design  is  discussed  next  be¬ 
cause  many  of  the  loads  described  for  the  fitting -to-fitting  connection  apply  also  to  the 
tube -to-fitting  problem.  Finally,  the  seal-design  discussion  is  given.  While  the  section 
on  the  seal  design  is  the  most  important  design  section,  it  is  presented  last  because  the 
sealing  problems  can  best  be  appreciated  and  the  recommended  seal  designs  best  under¬ 
stood  after  the  other  aspects  of  the  fitting  have  been  discussed. 

The  fifth  part  of  the  report  contains  a  description  of  the  1 /2-inch  threaded  fitting 
which  was  fabricated,  and  the  laboratory  evaluation  of  its  performance  capabilities. 

The  final  part  of  the  body  of  the  report  is  the  "Summary  of  Recommendations". 
Although  many  specific  conclusions  and  recommendations  are  presented  in  most  of  the 
major  sections,  the  more  important  ones  are  summarized  at  the  end  of  the  report  for 
convenience. 

Nine  appendixes  contain  important  and  pertinent  information  of  two  types:  (1)  in¬ 
formation  which  is  back-up  material  for  discussions  in  the  report  body,  and  (2)  selected 
detailed  information  pertaining  to  the  program. 
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DETERMINATION  OF  FITTING  CLASSES 


DETERMINATION  OF  FITTING  CLASSES 


To  achieve  minimum  weight  in  a  missile  piping  system,  each  fitting  and  com¬ 
ponent  should  be  designed  on  the  basis  of  the  exact  operating  requirements  for  that 
particular  component.  Even  if  these  requirements  were  known  at  every  point  in  the 
system,  such  a  procedure  would  be  impractical  because  of  the  excessive  expenditure 
of  time  and  money.  Fortunately,  if  the  smaller  fittings  are  designed  within  certain 
ranges  of  selected  parameters,  the  production  and  logistics  problems  are  reduced  con¬ 
siderably,  and  the  weight  penalty  is  small.  The  most  significant  parameters  considered 
in  determining  the  recommended  fitting  classes  were  (1)  general  service  requirements, 
(2)  materials  selection,  and  (3)  assembly  torque. 

General  Service  Requirements 


The  general  service  requirements  applicable  to  missiles’  and  rockets'  fluid  sys¬ 
tems  are  shown  in  Table  1.  It  was  agreed  between  Air  Force  Rocket  Propulsion  Labora¬ 
tory  and  Battelle  that  the  problems  of  developing  a  satisfactory  fitting  for  up  to  1500  F 
were  sufficiently  difficult  that  the  upper  design  temperature  at  least  for  Phase  I  would  be 
limited  to  1500  F. 


TABLE  1.  GENERAL  SERVICE  REQUIREMENTS 


Service 

Pressure  Range, 
psi 

Temperature  Range, 

F 

Dimensional  Range, 
inches 

Propellant 

0  to  1, 500 

-425  to  200 

1  to  16 

Pneumatic 

0  to  2,  000 

0  to  10, 000 

0  to  4,  000 

-425  to  200 
-425  to  600 
-425  to  1500 

1/8  to  1 

Hot  Gas 

0  to  1,500 

1000  to  3000 

1  to  3 

As  presented  in  the  table,  the  breakdown  by  fluids  established  natural  "families" 
of  fittings.  However,  within  each  family  further  classification  was  necessary.  This 
was  especially  true  for  propellant  and  hot-gas  systems  where  operating  pressures  may 
be  much  less  than  the  maximum  values  stipulated. 


Materials  Selection 


The  selection  of  the  fitting  materials  was  determined  largely  by  the  mechanical 
properties  of  the  materials  and  by  the  compatibility  of  the  materials  with  the  fluid 
media.  In  a  few  cases  other  considerations,  such  as  mackinability,  governed.  Since 
it  would  be  impractical  to  review  all  of  the  candidate  materials  in  detail,  the  char¬ 
acteristics  of  the  classes  of  materials  that  were  considered  are  discussed  in  general 
terms.  The  selected  materials  are  subsequently  described  in  some  detail. 
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Materials  Considered 


General  groupings  of  candidate  materials  and  the  major  characteristics  of  the 
groups  are  discussed  below. 

Low-Density  Materials.  The  low-density  materials  include  the  aluminum,  mag¬ 
nesium,  and  titanium  alloys.  Even  though  the  aluminum  and  magnesium  alloys  have  a 
very  low  density,  the  low  strengths  and  their  tendency  to  lose  strength  drastically  as 
temperature  is  increased  above  about  300  F,  make  them  undesirable.  Compatibility 
with  missile  propellants  is  also  a  severe  limitation. 

Titanium,  which  has  good  mechanical  properties  up  to  about  600  F,  is  generally 
not  acceptable  for  service  with  oxidizers. 

300  Series  Stainless  Steels.  The  300  series  stainless  steels  are  easy  to  machine 
and  fabricate,  and  are  almost  universally  compatible  with  the  fluids  considered.  How¬ 
ever,  because  of  their  relatively  low  yield  strength- to- density  ratio  it  is  not  possible  to 
design  a  lightweight  fitting  which  can  satisfy  the  operational  limits  specified  in  Table  1. 
Strength  can  be  increased  to  some  degree  by  cold  working,  but  this  increase  is  marginal 
when  the  final  strength  is  compared  with  that  of  the  age-hardenable  stainless  steels  and 
other  alloys  discussed  below.  At  temperature  conditions  exceeding  1000  F,  the  300 
series  alloys  are  too  sensitive  to  creep  to  be  practical  for  this  application. 

400  Series  Stainless  Steels.  The  400  series  stainless  steels  have  a  good  combina¬ 
tion  of  physical  properties  over  the  temperature  range  of  interest.  They  are  easily 
fabricated,  and  are  available  in  production  quantities.  However,  the  heat  treatment 
required  includes  an  oil  or  water  quench,  or  at  least  a  rapid  cool,  from  temperatures 
of  1760  to  1850  F.  This  procedure  causes  distortions  in  the  fitting  that  could  be  detri¬ 
mental  to  the  sealing  surface. 

High-Strength  Tool  Steels.  The  high-strength  tool  steels  of  the  H-ll  type,  such  as 
Potomac  M,  are  difficult  to  weld  and  have  poor  corrosion  resistance.  Hence,  they  are 
not  considered  candidate  materials. 

Mar  aging  Steels.  The  18Ni-Co-Mo  maraging  steels  possess  extremely  high 
strengths.  However,  these  steels  are  still  under  development.  Most  work  to  date  has 
emphasized  ambient  applications,  and  no  compatability  data  are  available.  Also,  be¬ 
cause  they  are  new,  their  availability  is  limited.  For  these  reasons,  they  have  not 
been  considered  further. 

Nickel-  and  Cobalt-Base  Metals.  This  category  includes  materials  such  as 
Haynes  25,  Inconel  "X",  and  Rene  41,  all  of  which  are  considered  possible  choices. 

Of  this  group,  Rene  41  has  the  best  combination  of  properties  over  the  temperature 
range  of  interest. 

Age-Hardenable  Stainless  Steels.  The  precipitation-hardenable  stainless  steels 
include  17-7PH,  PH  15-7  Mo,  AM-350,  17-4PH,  AM-355,  and  A-286.  Of  these, 

17-7PH,  PH  15-7  Mo,  and  AM-350  are  not  available  as  bar  stock  or  plate  and  hence 
cannot  be  considered.  17-4PH,  AM-355,  and  A-286  are  available  as  plate  and  bar  stock. 
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I05  Yield  Strength-Density  Ratio 


Yield  Strength-Density  Ratio : 


0.2%  Offset  Yield  Strength,  psi 
Density,  Ib/cu  in. 


Legend 


Material  Group 


Material 


itomac  M 


Low-density  alloys 

300  series  stainless  steels 

400  series  stainless  steels 
High-strength  tool  steel 
Maraging  steel 
Ni-Co  alloys 
Age  hardening 
Refractory 


A1  6061,  Ti-5Al-2.  5Sn 

Type  347 

Type  304  Cres 

Type  4 1 0 

Potomac  M 

18  Ni-Co-Mo 

Rene^  41,  Inconel  "X" 

A-286,  AM-355,  17-4PH 

Mo 


TEMPERATURE 


One  important  characteristic  for  design  purposes  is  a  low  thermal  expansion. 
Because  of  the  martensitic  structure  of  17-4PH  and  AM-355  in  the  hardened  condition, 
their  coefficient  of  thermal  expansion  is  approximately  60  per  cent  of  the  coefficient  of 
the  austenitic  types  such  as  A-286,  17-10P,  and  HNM. 

The  high  strength/density  ratio  available  over  the  temperature  span  of  interest 
and  the  extensive  experience  developed  by  the  aircraft  and  missile  industries  in  the  use 
of  17-4PH  and  .AM-355  also  help  to  make  these  alloys  good  choices. 


Refractory  Metals.  Refractory  metals  such  as  tungsten,  molybdenum,  and  tanta¬ 
lum  are  brittle,  heavy,  and  hard  to  fabricate.  Even  so,  the  refractory  metals  are  the 
best  metals  available  for  use  at  1800  to  3000  F.  However,  they  must  be  coated  for 
oxidation  and  embrittlement  protection.  Except  for  applications  at  extremely  high  tem¬ 
peratures,  they  do  not  appear  as  promising  as  the  other  materials  listed  above. 


Materials  Selected 

The  three  materials  chosen  as  being  most  applicable  are  Rene  41,  AM-355,  and 
17-4PH.  Although  there  are  a  few  fluids  with  which  these  materials  are  not  compatible, 
they  are  considered  to  have  the  best  combination  of  properties  over  the  temperature 
range  considered.  They  are  produced  by  several  companies;  availability  is  not  a  prob¬ 
lem.  Considerable  interest  in  these  materials  by  the  aircraft  and  missile  industries  in 
the  last  few  years  has  resulted  in  much  experience  and  data  that  can  be  used  for  design 
purposes. 

These  materials  are  harder  to  weld  and  fabricate  than  the  300  series  stainless 
steels,  but  several  companies  are  presently  developing  acceptable  welding  procedures. 


Mechanical  Properties 

Materials  used  in  mechanical  fittings  should  have  (1)  a  high  yield  strength-to- 
density  ratio  as  a  function  of  temperature,  (2)  creep  resistance  at  elevated  temperatures, 
and  (3)  low  notch- sensitivity  at  cryogenic  temperatures.  In  general,  the  yield  strength, 
tensile  strength,  and  elastic  modulus  of  a  given  alloy  decrease  as  temperature  increases. 
As  the  temperature  decreases,  these  properties  increase,  but  the  ductility  and  fracture 
toughness  tend  to  decrease. 

Yield  Strength-to-Density  Ratio.  When  weight  is  important,  the  yield  strength-to- 
density  ratio  versus  temperature  curve  is  a  major  design  criterion.  Figure  2  shows 
these  curves  for  the  materials  selected.  Also,  curves  for  some  of  the  other  materials 
considered  are  included  for  comparison. 

The  effect  of  the  strength-to-density  ratios  on  fitting  weight  can  be  illustrated  by  a 
simple  example  in  which  bending  loads  are  not  considered.  If  it  is  assumed  that  a  mis¬ 
sile  contains  300  fittings  having  an  average  weight  of  1  pound  each  when  made  from 
A-286,  the  total  weight  per  missile  would  be  300  pounds.  As  shown  in  Figure  2,  the 
yield-strength-to-density  ratio  at  200  F  for  Inconel  "X",  A-286,  Rene  41,  and  17-4PH  is 
3.2,  4.  1,  4.7,  and  5.8  x  10^  respectively.  Fabricating  the  300  fittings  from  Inconel  "X" 
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would  increase  the  total  weight  to  383  pounds.  When  fabricated  from  Rene41  and  17-4PH 
the  total  weight  would  decrease  to  262  and  212  pounds  respectively.  The  total  fitting 
weight  therefore  could  be  reduced  by  more  than  29  per  cent  if  17-4PH  were  used  instead 
of  A- 28 6.  At  high  temperatures,  above  800  F,  the  comparison  of  yield  strength-to- 
density  ratio  is  also  important  even  though  the  strength  of  materials  decreases  markedly 
as  temperature  increases,  because  the  change  is  different  for  each  metal. 


Creep.  Although  the  creep  rate  of  metals  is  generally  disregarded  at  temperatures 
less  than  800  F,  it  increases  rapidly  as  temperatures  exceed  800  F.  For  most  materials 
there  is  some  temperature  at  which  the  creep  resistance  or  stress-to- rupture  strength 
becomes  less  than  the  tensile  yield  strength,  and  hence  the  creep  resistance  rather  than 
the  yield  strength  must  be  used  as  the  design  basis. 

Because  the  factors  governing  tubing  design  in  a  fluid  system  also  are  major 
factors  governing  the  design  of  a  fitting  for  that  system,  the  time  and  temperature 
dependency  of  the  fitting  weight  can  be  illustrated  by  considering  the  time  and  tempera¬ 
ture  dependency  of  the  tubing.  The  curve  in  Figure  3,  tube  weight  versus  temperature, 
is  based  on  a  2-inch  length  of  2-inch  outside-diameter  tube  of  Rene  41  for  a  pressure  of 
1500  psi  and  a  life  of  1000  hours.  The  creep  strength  for  Rene  41  becomes  the  con¬ 
trolling  strength  factor  at  about  1100  F,  as  evidenced  by  the  change  in  slope.  The  curve 
in  Figure  4  represents  tube  weight  versus  time  for  a  2-inch  length  of  2-inch  outside 
diameter  tubing  of  Rene  41  for  a  pressure  of  1500  psi  and  a  temperature  of  1500  F. 

From  these  curves  it  is  apparent  that  either  a  decrease  in  temperature  or  a  decrease 
in  service-life  requirement  would  result  in  a  significant  weight  saving.  Thus,  it  is 
important  that  the  expected  service  temperature  and  desired  life  be  known  to  achieve 
an  optimum  design. 

Creep  and  stress-to-rupture  data  at  elevated  temperatures  are  commonly  avail¬ 
able  for  all  of  the  materials  listed  in  the  preceding  section.  The  two  best  materials  are 
Rene  41  and  Inconel  "X".  AM-355  and  17-4PH  are  likely  to  become  embrittled  when 
kept  at  temperatures  above  700  F  and  hence  should  be  restricted  to  600  F  service  for 
missile  fittings. 


Notch  Sensitivity.  At  cryogenic  temperatures,  one  of  the  most  important  con¬ 
siderations  is  the  material's  fracture  toughness  or  its  ability  to  fail  in  a  ductile  manner 
when  notches  are  present.  This  property,  which  can  be  measured  by  impact  tests  or  by 
center-notch  tensile  tests,  decreases  rapidly  with  decreasing  temperatures. 

Because  of  the  high  stress  levels  dictated  when  designing  for  minimum  weight, 
and  because  of  the  importance  of  fracture  toughness,  the  effects  of  intrinsic  defects 
{flaws,  inclusions)  and  manufacturing  defects  (surface  scratches,  designed  notches, 
welds)  must  be  considered  at  cryogenic  temperatures,  even  though  such  imperfections 
do  not  cause  problems  at  "normal"  temperatures.  An  Air  Force  technical  manual!  1)* 
states  that  "metals  with  a  minimum  impact  resistance  of  15  ft-lb  Charpy  keyhole  notch, 
or  18  ft-lb  Izod  V-notch  are  generally  suitable  for  cryogenic  service".  However,  there 
are  many  versions  of  impact  tests;  specifications  have  not  been  established  to  govern 
the  evaluation  at  cryogenic  temperatures,  and  minimum  acceptable  values  have  not  been 
established  for  each  of  the  various  tests. 


•References  are  listed  on  page  22. 
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FIGURE  3.  TUBE 


WEIGHT  VS.  TEMPERATURE 


Weight,  lb 


FIGURE  4,  TUBE  WEIGHT  VS.  TIME 
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The  notched/unnotched  tensile  ratio-vs.  -temperature  curves  given  in  Figure  5 
show  a  sharp  decrease  in  the  notched/unnotched  ratio  below  -100  F  for  AM-355  as  com¬ 
pared  to  an  almost  constant  value  for  Rene  41.  The  tendency  for  the  notched-unnotched 
tensile  ratio  to  drop  rapidly  as  temperatures  are  decreased  is  typical  for  martensitic 
materials.  It  appears  on  the  basis  of  available  data  that  this  is  true  of  17-4PH  as  well. 
On  the  basis  of  this  curve,  and  because  there  is  a  lack  of  definitive  data  specifying 
minimum  acceptable  values,  the  lower  service  temperature  for  AM-355  and  for  the 
comparable  material  17-4PH  has  been  set  at  -100  F. 


Fluid  Compatibility 

The  fluids  considered  in  this  program  and  their  useful  temperature  ranges  are 
shown  in  Figure  6.  As  shown  by  Figure  6,  the  fluids  could  be  divided  into  two  groups  on 
the  basis  of  minimum  service  temperature.  It  was  noted  that  the  lower  temperature  ex¬ 
treme  for  Group  A  was  approximately  equal  to  the  lower  design-temperature  (-100  F) 
limit  for  AM-355  and  17-4PH. 

A  summary  of  the  compatibility  data  found  for  the  compatibility  of  AM-355, 
17-4PH,  and  Rene  41  with  the  fluids  is  given  in  Table  2.  Compatibility  data  for  these 
three  materials  with  propellants  are  generally  scarce  and  are  nonexistent  for  some 
combinations.  Also,  many  of  the  available  data  are  contradictory.  Therefore,  esti¬ 
mates  of  the  compatibility  with  some  fluids  have  been  extrapolated  on  the  basis  of  data 
for  other  materials  with  similar  chemical  compositions.  The  following  conclusions  can 
be  made  on  the  basis  of  the  data  in  Table  2: 

(1)  AM-355  is  acceptable  for  general  service  with  the  majority  of  fluids. 

(2)  17-4PH  is  acceptable  for  general  service  with  the  majority  of  fluids. 

It  is  unsatisfactory  for  use  with  hydrazine  and  MMH  at  all  temperatures. 

(3)  Rene  41  is  acceptable  for  general  service  with  the  exception  that  no 
data  were  found  for  hydrazine,  50  UDMH/50  hydrazine  mixtures,  and 
MMH.  It  is  un satisfactory  for  use  with  hydrogen  peroxide. 

Other  data  collected  during  the  program  indicate  that  the  18-8  type  stainless  steels 
are  possible  materials  of  construction  for  use  with  UDMH,  UDMH/hydrazine  mixtures, 
MMH,  and  hydrogen  peroxide,  as  are  many  of  the  aluminum  alloys. 


Conclusions 


Three  materials  were  selected  for  minimum-weight  fittings.  Rene  41  can  be  used 
for  the  entire  temperature  range,  -423  to  +1500  F,  whereas  AM-355  and  17-4PH  are 
restricted  to  the  limits  of  -100  and  600  F.  Within  the  narrower  range,  use  of  AM-355 
or  17-4PH  would  result  in  a  lighter  fitting  than  would  use  of  Rene  41.  Also,  both  AM-355 
and  17-4PH  are  more  readily  available  and  cost  less  than  Rene  41.  Although  Type  347 
stainless  steel  is  widely  used  in  this  limited  temperature  range,  a  comparison  of  the 
yield  strength-to-density  ratio  of  Type  347  with  that  of  AM-355  or  17-4PH  (Figure  2) 
shows  that  a  weight  penalty  might  result  if  it  were  used.  It  is  recognized  that  Type  347 
is  more  readily  available,  is  more  easily  machined,  and  has  excellent  compatibility. 
However  minimum  weight  is  considered  to  be  a  more  critical  selection  criterion  when 
designing  for  missile  applications.  Therefore,  when  considering  the  choice  of  materials 
Ihree  temperature  service  ranges  are  identifiable  and  three  materials  appear  to  be  the 
bent  c  hoice  for  these  temperature  ranges: 
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FIGURE  5.  NOTCHED  (Kt=6.  3) /UNNOTCI 
(TRANSVERSE) 


Source:  References  (2)  and 
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TABLE  2.  SUMMARY  OF  FLUID-COMPATIBILITY  DATA 
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TABLE  2  .  (Continued) 
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C10F3  General  service  to  1 60  F,  based  General  service  to  1 60  Fj  General  service  to  1 60  F,  based  on 

on  stainless  steel  and  mild  based  on  stainless  steel  nickel  and  nickel  alloys'10) 

steel(10)  and  mild  steel(10) 


TABLE  2.  (Continued) 
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(1) 

-100  to  600  F: 

Recommended  materials: 

AM-355  and  17-4PH 

(2) 

-425  to  600  F: 

Recommended  material: 

Rene  41 

(3) 

-425  to  1500  F: 

Recommended  material: 

Rene  41 

Above  1500  F  it  will  probably  be  necessary  to  use  a  refractory  material,  although 
Rene  41  can  be  used  for  short-life  fittings  up  to  1800  F. 


Assembly  Torque 


A  torque  of  2000  in-lb  has  been  chosen  as  a  reasonable  limit  for  individual  threaded 
assemblies  whether  they  are  threaded  connectors  or  nut-and-bolt  assemblies.  Torque  is 
determined  by  the  amount  of  preload  needed  to  assure  the  sealing  and  structural  integrity 
of  the  fitting  during  the  expected  service  life.  Preliminary  analysis  summarized  in  a 
later  discussion,  indicates  that  all  propellant  and  hot-gas  fittings  should  be  flanged  con¬ 
nections.  Threaded  connections  can  be  used  up  to  1-in,  size  for  pneumatic  service  up 
to  2000  psi  and  600  F.  For  service  at  10,000  psi  -  600  F,  or  4000  psi  -  1500  F,  the 
apparent  limit  for  threaded  connections  is  the  3/4-in.  size. 


Recommended  Fitting  Classes 


Based  on  the  above  considerations,  five  fitting  classes  are  recommended,  as 
shown  in  Table  3. 


TABLE  3.  RECOMMENDED  FITTING  CLASSES 


-  Class 

Temperature, 

F 

Maximum  Design 
Pressure,  psi 

Size,  in. 

Service 

Type  of 
Connection 

Material 

la 

-100  to  600 

2000 

1/8  to  1 

Pneumatic 

Threaded 

AM -355  or 

b(b) 

-100  to  200 

1500 

1  to  16 

Propellants  A^ 

Flanged 

17-4PH 

II  a 

-425  to  600 

2000 

1/8  to  1 

Pneumatic 

Threaded 

/ 

Rene  41 

b(b) 

-425  to  200 

1500 

1  to  16 

Propellants  A 
and  B 

Flanged 

Rene  41 

Ilia 

-425  to  600 

10,000 

1/8  to  3/4 

Pneumatic 

Threaded 

Rene  41 

b 

-425  to  600 

10,000 

3/4  to  1 

Pneumatic 

Flanged 

Rene  41 

IVa<c) 

-425  to  1500 

4000 

1/8  to  3/4 

Pneumatic 

Threaded 

/ 

Rene  41 

b 

-425  to  1500 

4000 

3/4  to  1 

Pneumatic 

Flanged 

Rene  41 

V 

1000  to  3000 

1500 

1  to  3 

Hot  gas 

Flanged 

Refractory 

(a)  The  propellants  are  distinguished  by  two  groups,  as  given  in  Figure  6. 

(b)  For  large  sizes  where  true  maximum  operating  pressure  is  less  than  1500  psi,  a  design  on  the  basis  of  actual  service  pressure 
would  result  in  a  significant  weight  savings.  Designs  presented  in  this  report  are  rated  at  maximum  pressures. 

(c)  Fittings  operating  at  higher  temperatures  (above  800  F)  must  be  further  qualified  according  to  service  life. 
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Weight,  lb 


i 


I 


FIGURE  7.  WEIGHT  COMPARISON  OF  THREADED  FITTING  CLASSES 
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Class  I  is  distinguished  from  Class  II  by  the  lower  temperature  limit,  which 
allows  for  use  of  AM-355  or  17-4PH  alloys.  The  high-pressure  and  high-temperature 
fittings  are  separated  into  Classes  III  and  IV,  on  the  basis  of  maximum  service  tempera¬ 
ture.  The  Class  IV  fittings  must  be  designed  for  a  specified  service  life  because  of 
creep.  Weight  comparisons  based  on  equivalent  tube  lengths  (Figure  7)  show  that  a 
1/2-in.  Class  IV  fitting  may  be  46.5  per  cent  heavier  than  a  1/2-in.  Class  III  fitting. 

A  1-in.  Class  Ila  fitting  may  be  4.  7  per  cent  heavier  than  a  1-in.  Class  la  fitting.  How¬ 
ever,  the  total  weight  increase  per  fitting  may  amount  to  less  than  0.  01  pound.  There¬ 
fore,  a  class  simplification  is  possible  if  these  additional  weights  are  not  considered  to 
be  a  severe  penalty. 

Classes  HI  and  IV  are  subdivided  because  of  the  2000  in-lb  torque  limitation.  It 
does  not  appear  possible  to  overcome  this  limiting  factor  since  the  torque  requirement 
for  the  3/4  to  1-in.  range  is  beyond  a  reasonable  expectation  of  a  man's  capability  with 
reasonable  wrench  lengths. 

Although  Classes  lb  and  lib  are  designated,  it  is  not  recommended  that  discrete 
classes  be  established  for  large  fittings.  Instead  a  rigorous  design  procedure  based  on 
specific  types  of  flanges  should  be  developed  as  the  controlling  design  specification. 

The  flanges  to  be  considered  as  the  basis  for  this  design  procedure  should  be  of  the 
types  illustrated  in  Figure  8.  It  may  appear  that  this  will  complicate  the  logistics  prob¬ 
lem,  but  it  should  be  noted  that  only  a  few  large  pipe  fittings  are  used  on  each  missile 
and  that  they  vary  significantly  with  missile  type.  Once  a  fitting  is  designed  for  a  par¬ 
ticular  missile  system,  that  fitting  will  probably  be  assigned  a  specific  part  number  and 
can  be  ordered  and  stocked  in  appropriate  quantities  by  that  part  number. 


Fii.llHt:  b.  1  V  PES  OF  FLANGES  CONSIDERED  FOR  RECOMMENDED 
FLANGE  DESIGN  PROCEDURE 
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FITTING-TO-FITTING  CONNECTION 


During  the  course  of  Phase  I  many  methods  of  assembling  a  mechanical  connection 
in  a  pressurized  piping  system  were  studied.  Evaluation  of  these  concepts,  however, 
made  it  apparent  that  none  could  compete  in  simplicity,  ruggedness,  and  reliability  with 
the  conventional  attachments  consisting  of  either  a  threaded  nut  mated  with  a  threaded 
stub  end,  in  small  sizes,  or  bolted-flanged  connections  in  larger  sizes.  The  recom¬ 
mended  threaded  and  bolted  fitting -to-fitting  connections  developed  during  Phase  II  and 
described  in  this  section  contain  a  number  of  unique  features  in  which  lightweight,  rug¬ 
gedness,  and  reliability  are  achieved  by  use  of  high-strength  materials  and  suitable 
design  procedures. 

The  following  discussion  is  presented  in  four  sections: 

•  Design  Parameters 

•  Designs  Considered 

•  Proposed  Threaded-Fitting  Design 

•  Design  Procedure  for  Bolted  Fittings 

In  the  first  section  the  significant  design  parameters  involved  in  designing  a  me¬ 
chanical  connection  are  discussed  in  general  terms.  Graphs  and  equations  are  given  to 
indicate  the  approximate  magnitude  and  significance  of  the  effect  of  each  parameter  on 
the  final  design.  The  parameters  discussed  are  applicable  to  both  threaded  and  bolted 
fittings. 

In  the  "Designs  Considered"  section  a  few  of  the  methods  of  securing  the  fitting- 
to-fitting  connection  which  were  evolved  in  the  early  stages  of  Phase  I  are  described. 

The  third  section  presents  a  discussion  of  the  systematic  design  procedure  which 
Battelle  developed  for  the  design  of  improved  aerospace  threaded  fittings.  The  proce¬ 
dure  is  clarified  by  the  discussion  of  the  design  of  the  experimental  1 /2-inch  fitting  which 
was  evaluated  during  Phase  II.  The  results  of  the  evaluation  are  described  in  a  later 
section  of  this  report. 

The  fourth  section  includes  much  of  the  material  prepared  for  inclusion  in  the 
Fluid  Designers'  Handbook,  plus  a  discussion  of  creep  design  procedure.  As  in  the 
previous  section,  an  example  is  presented  for  clarity. 
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Design  Parameters 


The  general  discussion  of  design  parameters  presented  below  enumerates  and 
explains  the  effects  on  the  structural  components  of  the  fitting-to-fitting  connection  of 
such  factors  as  structural  loads,  seal  seating  loads,  preload,  temperature,  and  fatigue. 
Also,  the  interactions  between  the  seal,  the  tube-to-fitting  joint,  and  the  fitting-to- 
fitting  structure  are  briefly  discussed. 


Structural  Loads 


The  structure  of  a  mechanical  connection  must  be  designed  to  withstand  several 
types  of  load,  which  may  be  imposed  individually  or  in  combinations.  These  loads  are 
shown  in  Figure  9. 


FIGURE  9.  TYPICAL  LOADS  IMPOSED  ON  FITTINGS 


Hoop  Stresses  From  Internal  Pressure.  In  the  design  of  a  tube  for  internal 
pressure,  the  hoop  stresses  are  largest  and  control  the  design.  In  design  of  a  fitting, 
however,  the  structure  necessary  to  transfer  axial  loads  requires  an  increase  in  wall 
thickness,  so  hoop  stress  from  internal  pressure  becomes  a  secondary  consideration. 

Pressure  End  Load.  The  pressure  end  load  acting  on  the  structure  is  equal  to 

fe  =  £g2p,  (i) 


where 


Fjs  =  pressure  end  load,  lb 
G  =  effective  seal  diameter,  in. 

P  =  internal  pressure,  psi 

Figure  10 shows  values  of  the  end  load,  Fg,  for  the  maximum  internal  pressures 
of  Fitting  Classes  I  through  V  based  on  the  approximation  that  G  is  equal  to  1.  1  the 
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.  PRESSURE  END  LOAD  ACTING  ON  FITTINGS  AS  A  FUNCTION  OF  TUBE  DIAMETER  AND 

TATP  -NT  ■n'nT7'Pf’TTr»r^ 


tubing  diameter.  For  the  larger  sizes,  this  load  becomes  very  high:  360,000  lb  for  a 
16  -in.  fitting  withstanding  1500-psi  internal  fluid  pressure. 

In  some  systems,  the  pressure  end  load  may  be  absorbed  primarily  by  anchors  or 
clamps  rather  than  transmitted  through  the  fitting.  In  such  systems,  it  may  be  possible 
to  use  lighter  fittings.  However,  for  general  use  fittings  must  be  designed  to  withstand 
the  total  pressure  end-load. 


Bending  Moments.  A  bending  moment,  M,  producing  bending  loads,  Fg,  may  be 
present  because  of  tubing  misalignment,  thermal  expansion  or  contraction  of  the  tubing 
system,  vibrations,  displacements  of  anchors,  or  acceleration  forces.  Bending  mo¬ 
ments  imposed  on  a  fitting  in  a  tubing  system  cannot  be  determined  in  advance,  since 
these  moments  depend  upon  the  specific  tubing  system,  its  operating  conditions  and  the 
location  of  the  fitting  in  the  system.  However,  some  limits,  even  if  arbitrary,  must  be 
established  to  make  design  possible.  For  the  fitting  designs  presented  in  this  report  the 
design  limits  are  based  on  (1)  the  strength  of  the  tube  in  the  system  and  (2)  the  strength 
of  equipment  (compressors,  pumps,  pressure  vessels,  etc.)  to  which  the  tubing  system 
is  attached. 


The  maximum  bending  moment  that  can  be  applied  to  a  fitting  through  the  attached 
tubing  is  given  by  the  equation 


M  =  SZ,  (2) 

where 


S  =  limiting  stress  of  tube  material,  psi 
Z  =  section  modulus  of  tube  cross  section,  in.  \ 

Since  both  S  and  Z  in  Equation  (2)  depend  on  the  material  used  for  the  tubing  and  its 
wall  thickness,  the  bending  moment,  M,  can  be  established  only  after  the  tube  is  se¬ 
lected.  In  the  following,  a  procedure  for  establishing  the  design  moment  is  shown  for  an 
assumed  tube  material  and  related  wall  thickness.  Analogous  bending  moments  for  other 
tubing  can  readily  be  established  by  the  same  procedure. 


It  is  assumed  for  illustrations  of  the  procedure  that  the  tube  will  be  made  of 
AM-350  stainless  steel.  This  material  is  being  used  to  some  extent  in  missiles  and, 
because  of  its  high  yield  strength,  a  lightweight  tube  would  be  possible.  The  pertinent 
properties  of  AM-350  are: 


Yield  Strength  at  70  fU)*,  psi 

150,000 

Fatigue  Strength  at  70  f(^),  psi 

c 

10  cycles 

95,000 

10^  cycles 

85,000 

107  cycles 

84,000 

On  the  basis  of  the  yield  strength,  S  in  Equation  (2)  could  be  as  high  as  150,000  psi. 
However,  considering  the  requirement  that  the  fitting,  and  therefore  the  tubing  must  be 
designed’to  withstand  200,000  cycles  of  reversed  bending,**  it  is  apparent  that  the  fa¬ 
tigue  strength  rather  than  the  yield  strength  will  control. 

•Numbers  in  parentheses  denote  references  listed  on  page  109. 

••Paragraph  III  2  g  (page  5)  Exhibit  A  "Technical  Requirements,  Development  of  Mechanical  Fittings",  Contract  AF  No.  04(611)- 
8176,  March  13,  1962. 
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The  fatigue  strength  of  AM-350  for  200,000  cycles  is  about  90,000  psi.  This,  of 
course,  is  based  on  a  smooth-specimen  fatigue  tests.  In  tubing  systems  there  will  be 
points  of  stress  intensification  at  clamps  and  at  curved  tube  sections.  The  stress- 
intensification  factors  may  be  of  the  order  of  two  or  larger.  Accordingly,  a  fatigue 
stress  limit  of  50,000  psi  has  been  used  in  computing  the  bending  moment  limit  from 
Equation  (2). 


To  compute  the  design  bending  moment  by  Equation  (2),  it  is  also  necessary  to 
determine  the  tube  wall  thickness,  since  the  section  modulus  of  the  tube  depends  upon 
its  thickness.  Tube  thickness  can  be  computed  with  the  following  equation  (based  on 
hoop  stresses): 


t  =  .  ?D  =.005, 

2Sh  200,000 


(3) 


where 


t  =  tube-wall  thickness,  in. 

P  =  internal  pressure,  psi 

D  =  tube  diameter,  in. 

=  design  stress,  taken  as  two-thirds  of  the  yield 
strength  of  AM-350  at  70  F 

The  thickness  computed  from  Equation  (3)  can  be  very  small,  e.  g.  ,  .  001  in.  for 
1/8-in,  tubing  at  1500  psi.  It  is  improbable  that  such  very  thin-walled  tubing  will  be 
used.  Accordingly,  a  minimum  thickness  of  0.005  in.  has  been  used  as  the  lower  limit 
for  tube  thickness,  t,  in  cases  when  Equation  (3)  gives  values  smaller  than  this  limit. 

For  thin- walled  tubing,  the  section  modulus  can  be  closely  approximated  by 

Z  .  (4) 

p  n  2= 

By  substituting  the  value  S  =  50,000  and  the  expressions  t  =  2qq"qqq'  an<3  Z  = — ^ —  in 
Equation  (2),  the  bending  moment  can  be  determined  as 

M=  0.  197  PD3 

t  > . 005  *  (5) 


When  t  =  0.005,  the  bending  moment  is 


M  =  197D2.  (6) 

In  smaller  fittings  for  lower  pressures  the  design  will  be  controlled  by  the  seal¬ 
seating  load  (discussed  in  the  next  section);  hence,  there  will  be  a  substantially  larger 
bending-moment  allowance  than  indicated  directly  by  Equations  (5)  and  (6).  The  approxi¬ 
mate  bending- moment  allowance  for  small  fittings  is  shown  on  Figure  11,  along  with 
bending-moment  requirements  implied  by  MIL-F-  18280A(3) ,  Par.  4.  3.  3.  3.  3  for 
comparison. 
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Bending— Moment  Allowance,  in-lb 


FIGURE  11.  COMPARISON  OF 
SMALL  FITTINGS 


-MOMENT  ALLOWANCE  FOR 


While  Equations  (5)  and  (6)  provide  a  reasonable  design  basis  for  small  fittings, 
the  bending  moments  calculated  may  be  unnecessarily  high  for  large  fittings.  The  limi¬ 
tations  on  bending  moments  which  can  be  applied  to  equipment  to  which  the  tubing  is 
attached  are  not  known;  however,  some  indication  of  the  limits  may  be  obtained  from 
the  bending  moments  permitted  on  the  piping  connections  to  steam  turbines(4))  as 
shown  on  Figure  12.  It  is  apparent  that,  even  for  equipment  as  heavily  constructed  as 
power-plant  steam  turbines,  the  bending-moment  allowance  is  substantially  less  than 
that  given  by  Equation  (5). 

Another  general  indication  of  typical  bending  moments  on  flanged  joints  given  by 
Rossheim  and  Markl(5)  is 


M  =  60  (D  +  3)3  in-lb,  (7) 

Equation  (7)  was  originally  developed  as  part  of  a  review  of  a  large  number  of  stress 
calculations  on  piping  systems.  It  may  be  considered  as  a  typical  bending  moment  that 
may  occur  in  piping  systems  in  power  plants,  chemical  process  plants,  and  oil  re¬ 
fineries.  Equation  (7)  is  also  plotted  on  Figure  12. 

Design  bending  moments  obtained  from  the  larger  of  the  moments  from  Equa¬ 
tions  (5)  and  (6),  but  not  exceeding  the  moment  obtained  from  Equation  (7),  are  shown 
on  Figure  13.  These  are  the  moments  proposed  for  use  in  designing  the  fitting-to- 
fitting  structure. 


External  Axial  and  Torsional  Loads.  External  axial  and  torsional  loads  arise 
from  the  same  causes  as  do  bending  loads.  External  axial  loads  are  usually  minor  and 
can  be  discounted.  Torsional  loads  are  basically  limited  to  three-dimensional  tubing 
systems  and  may  be  a  problem  if  sufficiently  large  to  cause  rotation  of  one  part  of  the 
joint  with  respect  to  the  other.  Rotation  could  cause  leakage,  in  either  threaded  or 
bolted  fittings,  because  the  seal  is  disturbed.  It  could  also  cause  back-off  and  preload 
relaxation  in  a  threaded  joint.  A  torsional  resistance  of  the  fitting  equal  to  that  which 
can  be  safely  imposed  on  the  fitting  by  the  attached  tube  is  suggested  as  a  design  basis. 


Seal-Seating  Load 

Quite  independent  of  the  structural  load,  the  fitting  structure  must  also  be  de¬ 
signed  to  withstand  those  loads  required  to  produce  intimate  mating  between  the  fitting's 
seal-contact  faces  and  the  seal.  The  factors  involved  are  discussed  on  pages  129 
through  132.  For  the  purpose  of  fitting -to-fitting  design,  it  has  been  assumed  that  an 
initial  seating  load  of  1000  lb  per  linear  in.  of  gasket  length  is  required.  The  seal¬ 
seating  load,  Fq,  is  given  by  the  equation 

Fg  =  1000  7tG  (lb),  (8) 

where  G  =  effective  seal  diameter.  For  preliminary  evaluation,  G  may  be  taken  as 
1.  1  D,  where  D' is  the  tube  size,  giving 

Fg  =  3460  D  (lb).  (9) 
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Bending  Moment,  M  ,  in- lb 


FIGURE  12.  BENDING-MOMENT-LIMITED  COMPARISON  FOR  LARGE  FITTINGS, 
DESIGN  PRESSURE  AT  1500  PSI 
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The  structural  load  applied  by  internal  pressure  is  an  axially  symmetric  load  with 
respect  to  the  fitting  structure,  since  the  fitting  structure,  in  the  design  concepts  pro¬ 
posed,  is  itself  symmetric  about  the  longitudinal  axis  of  the  tube.  Although  an  analysis 
of  axially  symmetric  structures  similar  to  the  configurations  used  in  the  fittings  is 
quite  complex,  theoretical  methods  are  available  which  make  possible  a  fairly  precise 
engineering  design  of  axially  symmetric  loads  such  as  that  produced  by  internal  pressure. 

The  structural  load  applied  by  bending,  however,  is  not  symmetrical.  In  the 
following,  a  pressure,  Pg,  equivalent  to  the  bending  moment,  will  be  derived.  The 
equivalent  pressure,  Pg,  can  then  be  handled  in  the  same  way  as  the  actual  pressure, 

P,  i.  e.  ,  by  using  theoretical  methods  for  axially  symmetric  loads. 

When  a  bending  load  is  imposed  on  the  fitting  through  the  piping,  a  maximum 
tensile  stress  will  exist  at  one  point  on  the  circumference.  A  diametrically  opposed 
maximum  compressive  stress  will  arise  simultaneously.  However  compressive  failure 
is  not  likely  to  occur  since  the  cumulative  sum  of  the  tensile  stresses  due  to  bending  and 
the  pressure  end  load  is  greater.  In  any  case,  the  minimum  strength  of  the  fitting  is 
equal  to  or  greater  than  the  maximum  strength  of  the  tubing  under  conditions  where 
compressive  failure  might  occur.  The  maximum  tensile  stress  will  be  given  by  the 
equation 


~  _  M 

Sb-f, 


where 


Sg  =  maximum  bending  stress  in  tube,  psi 
M  =  design  bending  load,  in-lb  (From  Figure  13) 

Z  =  section  modulus  of  tube,  in^. 

While  this  tensile  stress  exists  at  only  one  point  on  the  circumference,  it  can  be 
conservatively  assumed  that  the  fitting  may  be  designed  as  if  Sg,  the  maximum  bending 
stress,  existed  uniformly  all  around  the  tube  circumference.  With  this  assumption,  it 
is  possible  to  express  the  bending  load  as  an  equivalent  internal  pressure,  Pg,  which  is 
given  by  the  equation 


PB  = 


where 


Pg  =  equivalent  internal  pressure,  psi,  from  design  moment,  M. 
Sg  =  maximum  bending  stress  in  tube,  psi 
t  =  tube-wall  thickness,  in. 

D  =  outside  diameter  of  tube,  in. 


If  it  is  assumed  that  a  tubing  material  such  as  AM-350  precipitation-hardening 
stainless  steel  with  a  design  stress  of  100,000  psi  is  used,  the  required  tube-wall 
thickness  can  be  determined  by  Equation  (3).  The  equivalent  axial  load,  Fg,  in  terms 


of  Pg  is 


FB  '  PB  ?  °2 


Figure  14  shows  Fg  as  a  function  of  size  and  pressure. 
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FIGURE  14.  EQUIVALENT  BENDING  END  LOAD  AS  A  FUNCTION  OF  TUBE  DIAMETER  AND  DESIGN  PRESSURE 


The  total  structural  load  the  fitting  must  carry  is  at  least  equal  to  the  sum  of  the 
pressure  end  load  and  the  pressure  equivalent  of  the  bending  loads.  However,  the  total 
structural  load  may  not  be  the  controlling  design  load  since  the  load  required  to  seat  the 
gasket  may  be  greater.  The  load  required  to  seat  the  gasket  given  by  Equation  (9)  and 
the  total  structural  load  are  plotted  in  Figure  15.  Figure  15  shows  approximately  the 
crossover  point  where  either  seating  load  or  structural  loads  control  the  design.  As 
an  example,  for  a  3/8-in.  fitting  (D  =  0.  375),  the  seating  and  structural  loads  for 
different  internal  pressures  are  given  in  Table  4.  The  design  load  for  each  pressure  is 


TABLE  4.  DESIGN  LOADS  FOR  3 /8-IN.  FITTING 
(-425  to  600  F  Operating  Temperature) 


Design 

Pressure, 

psi 

Seating 

Load, 

lb 

Structural 

Load, 

lb 

1,500 

1,300 

600 

2,000 

1,300 

750 

4,000 

1,300 

1,000 

10,000 

1,300 

2,  100 

underlined.  For  the  3/8-in.  fitting  the  seating  load  is  greater  for  design  pressures  of 
1500,  2000,  or  4000  psi,  and  only  for  a  design  pressure  of  10,000  psi  is  the  structural 
load  the  controlling  factor. 


Preload 

Mechanical  connections  in  a  piping  system  are  usually  tightened  so  that  an  axial 
preload  force  in  excess  of  the  design  structural  load  is  created.  In  flanged  connections, 
determination  and  control  of  the  preload  is  accomplished  more  easily  than  in  threaded 
connection.  In  threaded  fittings  the  need  for  attaining  a  desired  or  required  preload  is 
often  neglected  although  the  principles  involved  apply  as  well  to  threaded  connections  as 
to  flanged  connections. 

In  service  the  action  of  the  imposed  axial  loads  is  to  "pull"  the  mating  parts  of  the 
fitting  apart.  Any  degree  of  separation  generally  will  lead  to  early  failure.  Therefore 
in  order  to  counteract  this  action  it  is  necessary  to  prestress  the  flange  members  of  the 
fitting  in  compression  an  amount  greater  than  the  expected  strain  relaxation  caused  by 
the  tensile  axial  loads.  Of  course,  preloading  causes  an  initial  tensile  stress  in  the 
bolts  or  threaded  nuts.  This  tensile  stress  may  increase  when  the  service  loads  are 
applied,  and  a  balance  must  be  achieved  between  a  preload  which  is  sufficient  to  prevent 
flange  separation  and  a  preload  so  large  as  to  cause  eventual  tensile  stress  failure  of  the 
bolt  or  threaded  nut.  The  factors  that  must  be  considered  in  determining  the  required 
preload  are:  (1)  the  spring  constants  of  the  compression  and  tension  members,  (2)  the 
minimum  compressive  load  on  the  flange  members  needed  to  prevent  leakage,  (3)  the 
maximum  allowable  stress  in  the  tensile  members,  (4)  the  magnitude  of  the  structural 
loads,  and  (5)  the  effects  of  the  thermal  gradients. 

The  problem  of  a  preloaded  joint  is  statically  indeterminate;  hence,  it  must  be 
solved  on  the  basis  of  displacements  of  the  structure.  Calculations  of  displacements 
become  quite  complex  where  stretching  and  bending  of  structural  parts,  changes  in 
moment  arms,  and  radial  effects  of  internal  pressure  are  involved.  A  basic 
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understanding  of  the  problem,  however,  can  be  obtained  by  disregarding  the  effects  of 
moment-arm  changes  and  the  radial  components  of  internal  pressure.  The  following 
discussion  is  therefore  limited  to  a  simple  case  analogous  to  that  shown  in  Figure  16, 
where  only  tensile  and  compressive  displacements  are  considered. 

In  threaded  fittings,  the  nut  is  the  tension  member,  analogous  to  the  bolt  in  Fig¬ 
ure  16.  The  stub  ends  and  seal  are  the  compression  members  analogous  to  the  rings 
and  seal  of  Figure  16.  In  flanged  fittings,  the  bolts  are  analogous  to  the  bolt  and  the 
flanges  and  seal  are  analogous  to  the  rings  and  seal  of  Figure  16. 


FIGURE  16.  MODEL  OF  SIMPLIFIED  PRELOAD  THEORY 


When  the  nut  on  the  bolt  is  tightened,  there  will  be  an  increase  in  bolt  length  and 
a  decrease  in  the  length  of  the  rings  and  seal,  given  by 

,  Filb  s  FiLr  x  _  f1lG 
B  EbAB  k  erar  u  egag 

where  subscripts  3,  R,  and  G  refer  to  the  bolt,  rings,  and  seal,  respectively,  and 


F^  =  initial  bolt  axial  force,  lb 
L  =  free  axial  length,  in. 


E  =  modulus  of  elasticity,  psi 

2 

A  =  cross-sectional  area,  in, 


When  a  load  Fs  is  applied  (as  from  the  attached  tube  in  the  actual  fitting),  the  force 
in  the  bolt  in  Figure  16  changes  to  F2  and 


^=25’  6r2=(F2'Fs’^ 


The  change  in  length  of  the  bolt  must  remain  equal  to  the  combined  changes  in 
lengths  of  the  rings  and  gasket: 

5B2  "  5B  =  (5R  +  6G)  "  (5R2  +  5G2)  I 


<F2  -  F, )  .  (Fj  -  f2  +  Fs)  ( 

B  B  ' 


ErAr  EGAG 
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Defining 


JB 


EBAB 


=  Rg  and 


JR 


ERAR 


egag 


=  Rq  as  the  spring  constants  (in.  /lb),  and 


collecting  terms  in  Equation  (14), 

F2(RB  +  RG)  =  Fj  (Rb  +  Rg)  +  FsRg, 


or 


Fi  =  F2- 


1  + 


Rb 

rg 


(15) 


(16) 


If  F^,  the  maximum  allowable  load,  and  Rg  and  Rq,  the  spring  constants,  can  be  deter¬ 
mined  or  closely  approximated,  the  analytical  determination  of  Fj  the  preload  is  re¬ 
latively  simple  by  means  of  Equation  (16).  However,  this  simple  case,  if  changed  into 
a  graphical  representation,  can  be  handled  more  easily  when  thermal  effects  are  sub¬ 
sequently  introduced.  In  a  later  discussion  of  the  proposed  fitting-to-fitting  connections, 
the  graphical  presentation  has  been  used  extensively. 


Axial  Displacement ,  S 

A- 43904 


FIGURE  17.  GRAPHICAL  ILLUSTRATION  OF  SIMPLIFIED  PRELOAD  THEORY 


The  graphical  representation  of  the  basic  relationships  is  shown  in  Figure  15.  A 


- - © - x -  A  c  <*.  <->  C 

line  is  drawn  from  the  origin  with  a  slope  =  Rg.  A  second  line,  with  slope  -Q--  R 


lG» 


is  drawn  to  intersect  the  first  line  at  F  s  Fj.  The  force  applied,  Fs,  is  drawn  between 
the  two  intersecting  lines  as  shown  in  the  figure.  As  can  be  seen  in  the  construction, 

v  v  X(Rr  +  RrJ 

F2  =  Fi  +  Y.  Since  y*  =  RB  and  ~  =  Rq  and  Y  +  Z  s  -0 


X  = 


RbrG 

FsrbrG  ,  ...  v  X 
s  D  ^  ,  and  with  Y  =  — — 


=  Ffi 


Rg  +  R  G 


R 


B 


37 


F2  =  Fi  +  Y  =  Fl  + 


RG^s 
Rb  +  Rg 


=  FI  + 


Fs 


1  + 


Rq 


Accordingly,  the  construction  shown  by  Figure  17  is  a  graphical  presentation  of 
Equation  (16). 

The  load  existing  at  the  gasket,  Fi,  can  be  obtained  from  static  equilibrium: 

Fi  =  F2-Fg.  (17) 

From  a  fitting-design  standpoint,  it  is  necessary  that  the  average  stress  on  the 
seal  contact  area  be  at  least  equal  to  the  internal  pressure  to  prevent  leakage.  *  This 
stress  is  simply  the  load  at  the  seal,  Fi,  divided  by  the  seal  contact  area.  Equa¬ 
tions  (16)  and  (17)  give  means  of  calculating  the  required  preload,  F^,  in  order  to 
maintain  a  required  residual  seal  load,  F- ,  after  application  of  the  structural  load,  Fs. 
Equations  (16)  and  (17)  may  be  combined  to  give 


RG 

Rl=Fi+ - —  Fs  .  (18) 

1+?®. 

rG 

In  the  preceding  discussion,  the  seal  has  been  considered  as  not  pressure  energized. 
When  considering  a  typical  metal  pressure-energized  seal,  reduction  of  Fi  to  a  low 
value  has  a  different  but  equally  significant  implication  in  the  fitting  design.  A  charac¬ 
teristic  of  many  metal  pressure-energized  seals  is  that  in  order  for  the  seal  to  be 
flexible  enough  to  give  any  appreciable  seal  follow-up  from  internal  pressure,  its 
flexibility  is  such  that  it  will  withstand  only  a  negligible  amount  of  preload;  almost  all 
of  the  preload  is  supported  by  the  fitting  faces  adjacent  to  the  seal,  or,  in  some  designs, 
by  a  rigid  part  of  the  seal  itself.  With  this  type  of  seal,  reduction  of  F^  to  zero  implies 
a  separation  of  the  fitting  interface.  In  this  case,  leakage  may  not  result  under  static 
conditions  because  of  pressure-generated  seal  follow-up;  however,  vibration  of  the  tube 
system  may  produce  sufficient  movement  to  cause  flexing  of  the  metal  seal,  thus  possibly 
leading  to  leakage  by  abrasion  of  the  sealing  surfaces,  or  fatigue  failure  of  the  metal 
seal.  Accordingly,  even  with  a  pressure-energized  seal,  the  lower  limit  on  F^  is  an 
important  design  consideration. 

In  actual  fitting  design,  other  factors  which  influence  the  preload  requirements 

are: 


(1)  Rotation  of  flanges 

(2)  Moment-arm  changes  as  the  load  is  transferred  from  the  seal  to  the  tube 

(3)  Radial  effect  of  internal  pressure. 


•This  is  a  theoretical  lower  limit  on  residual  seal-contact-area  stress  and  presumes  a  "perfect  match"  between  sealing  surfaces. 
This  "perfect  match"  between  scaling  surfaces  is,  in  practice,  never  really  achieved  but  may  be  approached  by  adequate  seal¬ 
seating  load. 


38 


An  equation  for  calculating  F£,  including  these  factors,  is 


^2  =  F1  + 


(19) 


where 


P  =  internal  pressure,  psi 

^  -  2qp(hT  "  hG)]  G2  -  2qFB2(hD  -  hT) 


a  = 


7T 


qr 


1. 


Equation  (19)  and  the  definition  of  a  are  taken  from  Wesstrom  and  Bergh(^)  and 
Rodabaugh(  7).  Symbols  used  are  defined  in  Appendix  I.  The  definition  of  a  is  directly 
applicable  to  a  flanged  fitting  in  which  the  flanges  are  identical.  It  may  readily  be 
adapted  to  a  flanged  fitting  in  which  the  two  flanges  are  not  identical.  It  may  also  be 
adapted  to  design  of  threaded  fittings. 


Equation  (19),  of  course,  reduces  to  Equation  (16)  when  only  tensile  and  com¬ 
pressive  deformations  are  considered.  Equation  (17)  can  be  used  with  Equation  (19)  to 
determine  the  relationship  between  Fj,  Fs,  and  Fj. 


Temperature  Effects 

In  the  preceding  sections  only  design  loads  essentially  at  ambient  temperature 
were  discussed.  When  the  effects  of  temperature  change  are  considered,  the  design 
problem  becomes  more  complex. 


Creep  or  Relaxation.  At  high  temperatures,  the  strain  in  a  metal  part  under 
stress  cannot  be  considered  as  independent  of  time.  In  a  mechanical  connection,  where 
creep  produces  a  reduction  in  preload  and  in  turn  a  reduction  in  stress,  the  problem 
becomes  one  of  relaxation  with  variable  stress. 

An  accurate  theoretical  method  for  calculating  the  performance  of  a  threaded  or 
flanged  fitting  under  creep  or  relaxation  conditions  has  not  been  developed  insofar  as 
the  authors  are  aware.  The  problem  is  very  complex  because  of  the  variable  stress 
field  in  the  structure,  nonlinear  relationships  that  are  a  result  of  elastic-plastic  de¬ 
formations,  and  the  introduction  of  time  as  an  additional  parameter. 

In  view  of  the  necessity  for  design  under  creep  or  relaxation  conditions,  an 
approximate  theoretical  design  procedure  has  been  established,  as  shown  and  discussed 
in  Appendix  II.  This  design  method  has  the  virtue  of  relative  simplicity  and  is  believed 
to  be  conservative. 


Thermal  Gradients.  If  a  cold  fluid,  like  liquid  oxygen,  is  suddenly  introduced  into 
a  piping  system,  the  temperatures  of  metal  parts  in  direct  contact  with  the  fluid  will 
decrease  rapidly.  The  temperatures  of  those  parts  not  in  direct  contact,  such  as  the 
nut  of  a  threaded  fitting  or  the  bolts  of  a  bolted  fitting,  change  less  rapidly  because  of 
the  air-film  resistance  between  parts.  Accordingly,  there  is  a  period  during  which 
the  average  temperature  of  the  interior  parts  of  the  fitting  is  lower  than  the  average 
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temperature  of  the  exterior  parts.  During  this  time  effective  preload  decreases  because 
of  the  relative  thermal  expansion  of  the  fitting  nut  or  bolts. 

When  a  hot  fluid  is  introduced  into  a  piping  system  the  internal  parts  may  become 
hotter  than  the  external  parts.  This  increases  the  preload,  since  a  relative  thermal 
contraction  of  the  nut  or  bolts  occurs.  However,  there  is  also  the  possibility  of  yielding 
of  some  member  of  the  fitting,  and  if  temperature  equality  were  later  re-established, 
the  preload  might  be  partially  or  completely  removed,  with  consequent  leakage. 

The  temperature  difference  is  a  function  of  the  fluid  properties  and  flow  velocity, 
as  well  as  the  properties  of  the  fitting  and  its  material;  hence,  a  numerical  value  for 
this  temperature  difference  can  be  calculated  only  for  each  specific  case.  To  facilitate 
fitting  design,  the  following  limits  have  been  set  for  the  permissible  temperature 
gradients : 


Maximum  Design 

Service  Temperature,  Temperature  Differ ence'% 

F  F 

-100  to  600  100 

-425  to  1500  400 

A  relatively  thin-wall  tube  will  change  in  temperature  more  rapidly  than  will  the 
more  massive  fitting  parts.  Therefore,  the  tube  will  exert  either  a  radially  inward  or 
outward  force  on  the  flanges  or  stub  ends,  depending  on  whether  cooling  or  heating  is 
occurring.  In  either  case  a  consequent  tendency  for  parts  to  rotate  relative  to  each  other 
will  be  a  design  factor.  Although  this  factor  has  not  been  evaluated  in  the  preliminary 
design,  it  should  be  considered  when  final  designs  are  established. 

A  nonsymmetrical  temperature  condition  exists  when  some  types  of  hot  or  cold 
fluids  are  introduced  into  a  horizontal  pipeline.  The  colder  liquid  tends  to  flow  along 
the  bottom  half  of  the  tube  while  the  relatively  warm  vapor  is  near  the  top.  This 
heterogeneous  flow  pattern  causes  "bowing"  of  the  pipeline,  with  resulting  high  bending 
moments  transmitted  to  the  mechanical  fitting.  This  condition  is  specific  to  a  given 
piping  system  and  when  it  is  present  its  effect  should  be  considered  by  the  designer  as  a 
bending  moment  which  should  be  held  within  the  bending -moment  limits  established 
previously. 


Modulus  of  Elasticity.  When  the  temperature  of  a  fitting  changes,  there  is  a 
corresponding  change  in  the  modulus  of  elasticity  and  in  the  effective  preload,  Fl,  to  a 
new  value,  (F i),p.  For  AM-355  and  Rene  41  in  the  temperature  range  under  consider¬ 
ation,  this  effect  is  shown  in  Table  5. 

With  decreasing  temperatures,  the  structure  must  retain  a  sufficient  strength 
margin  to  prevent  overstress  by  the  consequent  load  increase.  For  the  two  materials 
considered,  the  yield  strength  increases  more  rapidly  than  does  the  modulus  of  elastic¬ 
ity  and,  therefore,  the  change  in  preload  is  not  a  design  problem.  However,  for  in¬ 
creasing  temperatures,  the  structure  must  be  endowed  with  extra  preload  to  maintain 
an  adequate  residual  load  at  temperature.  As  an  example,  for  AM-355  for  service  at 
600  F,  this  requires  about  11  per  cent  extra  preload. 

•if  in  actual  service  the  design  limits  are  exceeded,  use  of  a  thermal  shield  is  suggested.  This  could  be  simply  a  cylindrical 
sleeve  at  the  bore  of  the  fitting  which  provides  a  stagnant  space  between  it  and  the  fitting  bore  to  retard  heat  transfer  from  the 
fluid  to  the  fitting. 


40 


TABLE  5.  CHANGE  IN  EFFECTIVE  PRELOAD  AS 
FUNCTION  OF  TEMPERATURE 


(Fj^/Fj  at  Indicated  Temperature 


-425  F 

-100  F 

70  F 

600  F 

1500  F 

AM-355 
Rene  41 

(a) 

1.  10 

1.  00 

1.  03 

1.00 

1.00 

0.90 

0.92 

(a) 

0.75 

(a)  Not  used  at  these  temperatures. 


Threaded  Versus  Bolted  Fittings 

Considering  pipe  and  tubing  systems  in  general,  threaded  fittings  are  generally 
used  in  small  sizes  (1/8  to  1/2  in. ).  There  is  an  overlapping  size  range  of  about  1/2  to 
4  in.  in  which  selection  of  threaded  or  bolted  fittings  depends  upon  the  detailed  service 
requirements  of  pressure,  temperature,  reliability,  and  installation  conditions .  For 
sizes  larger  than  4  in.  ,  bolted  fittings  are  generally  used. 

Perhaps  the  most  significant  factor  involved  in  the  choice  between  threaded  or 
bolted  fittings  is  the  torque  required  for  preloading.  In  contrast  to  threaded  fittings, 
in  which  the  preload  is  applied  by  tightening  a  single  threaded  element,  the  preload  is 
applied  to  bolted  fittings  by  means  of  several  comparatively  small  threaded  elements, 
so  while  the  preload  is  approximately  the  same,  the  required  assembly  torque  is  much 
lower  for  bolted  fittings  of  comparable  size  and  rating.  The  torque  required  to  preload 
threaded  fittings  may  be  approximated  by  the  equation 

T  =  0.  2  dFj,  (20/ 


where 


T=  required  preload  torque,  in-lb 
d  -  nominal  thread  size,  in. 

Fj  =  required  preload,  lb. 

For  preliminary  evaluation  purposes,  d  may  be  taken  to  be  1. 30  D.  As  discussed  in  the 
next  sections  on  design  procedures,  Fj  can  be  established  only  after  detailed  dimen¬ 
sions  of  the  fitting  are  selected.  However,  for  preliminary  evaluation  of  torque  re¬ 
quirements,  F]  may  be  taken  as  equal  to  Fpj.  The  design  load,  FD,  is  shown  in  Fig¬ 
ure  15.  With  these  assumptions,  torque  requirements  have  been  calculated  and  are 
plotted  in  Figure  18. 

The  torque  that  can  be  applied  to  a  fitting  depends  on  numerous  factors;  e.g.  ,  the 
type  of  tool  being  used,  the  precision  with  which  torque  must  be  applied,  the  space 
around  the  fitting  as  initially  installed  and,  as  might  be  the  condition  for  subsequent 
disassembly  and  reassembly,  the  space  for  a  workman  to  stand  and  brace  himself  while 
applying  the  torque.  Obviously,  in  designing  a  line  of  fittings  for  general  use,  any  maxi¬ 
mum  torque  limit  is  necessarily  somewhat  arbitrary.  However,  based  on  general 
experience  with  pipe  and  tube  fittings,  an  upper  limit  of  2000  in-lb  of  torque  appears 
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reasonable.  This  torque  limit,  when  transferred  to  Figure  18,  subdivides  the  fittings 
into  threaded  and  bolted  as  shown  in  Table  6. 


TABLE  6.  DIVISION  OF  FITTINGS  INTO  THREADED  AND  BOLTED, 
BASED  ON  A  MAXIMUM  TORQUE  OF  2000  IN-LB 


(-425  to  600  F  Operating  Temperature) 


Design 

Pressure, 

psi 

Threaded-Fitting 

Sizes , 
in. 

Bolted-Fitting 

Sizes, 

in. 

1,500 

1/8  through  1-1/4 

1-1/2  and  larger 

2,000 

1/8  through  1 

(a) 

(4,  000)(b) 

1/8  through  1 

(a) 

10,000 

1/8  through  3/4 

3/4  through  1 

(a)  Larger  sizes  are  not  included  in  these  pressure  classes. 

(b)  The  design  pressure  of  4000  psi  is  shewn  for  information  only.  Fittings  for  4000  psi  and  30- 
minute  life  at  1500  F  will  probably  be  similar  to  the  10,000  psi-fittings  at  600  F. 


A  more  detailed  analysis,  in  which  actual  fitting  geometry  is  established,  will 
shift  this  division,  but  Table  6  may  be  taken  as  a  preliminary  indication  of  the  division 
between  threaded  and  flanged  fittings  based  on  torque  requirements.  Table  3  shows 
slightly  smaller-size  divisions  between  threaded  and  bolted  fittings  in  Classes  I  and  II 
than  shown  in  Table  6,  reflecting  an  anticipation  that  preloads  (Fj)  will  be  somewhat 
higher  than  design  loads  (Fq). 


Fatigue 

In  general,  tube  or  pipe  fittings  are  subject  to  fatigue  damage  due  to  cyclic  bending 
(vibration)  of  the  piping  system.  When  the  fitting  is  properly  preloaded,  the  cyclic 
stress  in  the  fitting-to-fitting  structure  will  be  low  and  fatigue  failure  of  the  fitting-to- 
fitting  is  not  anticipated.  Fatigue  failure,  with  cyclic  bending  of  the  attached  pipe,  is 
more  likely  to  occur  at  the  tube-to-fitting  juncture.  With  the  details  shown  later  herein, 
and  assuming  an  adequate  brazed  or  welded  tube-to-fitting  joint,  fatigue  failure  will 
occur  first  in  the  tube  at  the  end  of  the  hub  socket.  The  stress-intensification  factor 
at  this  juncture,  however,  will  be  fairly  low  if  the  socket  wall  thickness  is  not  too  large; 
i.e.,  the  change  in  crosssection  is  not  too  great.  The  stress-intensification  factors  can 
be  further  reduced  by  tapering  the  end  of  the  socket. 
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Seal  Interaction 


The  requirements  for  the  fitting  structure  are  dependent  on  the  type  of  seal.  For 
example,  an  axial  seal  such  as  a  flat  metal  ring  gasket  will  impose  more  stringent  re¬ 
quirements  on  the  structure  than  does  a  radial  seal  which  is  described  in  later  sections 
of  this  report. 

Tube-to-Fitting  Interaction 

Insofar  as  fitting -to -fitting  design  is  concerned,  the  tube -to-fitting  connection 
should  be  such  that  it  does  not  distort  the  fitting  structure,  particularly  the  seating  sur¬ 
face  for  the  seal.  Distortions  produced  at  the  tube-to-fitting  connection  can  be  pre¬ 
vented  from  distorting  the  sensitive  parts  of  the  fitting  structure,  such  as  threads  in 
threaded  fittings  or  seal- seating  surfaces  in  both  threaded  and  flanged  fittings,  by  using 
a  sufficiently  long,  relatively  thin  hub  on  the  fitting  stub  ends  (threaded  fittings)  or  on 
flanges  (flanged  fittings).  The  hub  length  required  will  depend  upon  the  details  of  the 
tube -to-fitting  joining  process  and  the  magnitude  and  type  of  distortions  produced.  The 
distortions  produced  by  the  joining  process  will  be  particularly  harmful  if  they  are  of 
an  axially  nonsymmetric  type. 


Designs  Considered 


During  the  early  stages  of  Phase  I  many  possible  methods  of  securing  the  fitting- 
to-fitting  connection  were  considered.  These  ranged  from  exotic  concepts  like  "Chinese 
finger  grips"  to  the  simple  and  everyday  nut  and  bolt.  Four  methods  which  were  con¬ 
sidered  worthy  of  consideration  were  (1)  ring  clamps,  (2)  snap  or  overcenter  clamps, 

(3)  differential  threads,  and  (4)  ball-and-socket  joints. 


Ring  Clamps 


Ring  clamps  were  devised  in  an  attempt  to  duplicate  a  flanged  connection  without 
using  a  great  number  of  bolts.  Generally  the  ring  clamp  is  made  of  two  mating  flanges 
with  tapered  outer  surfaces.  A  split  hoop  whose  inside  surfaces  are  tapered  at  the  same 
angle  as  the  flanges  is  fitted  over  the  mating  flanges.  Small  projections  with  bolt  holes 
are  provided  where  the  two  halves  of  the  hoop  are  mated.  Generally  only  two  bolts  are 
used.  When  these  bolts  are  tightened  a  clamping  force  normal  to  the  tapered  faces  is 
imposed.  The  axial  component  of  the  clamping  force  is  the  only  force  available  for 
sealing  and  preloading.  A  typical  ring  clamp  is  shown  in  Figure  19a.  This  type  of 
clamp  is  used  extensively  for  many  commercial  applications  and  has  been  used  in  mis¬ 
sile  systems.  Three  major  considerations  ruled  out  this  type  of  flange  for  an  improved 
fitting. 

(1)  It  is  difficult  to  attain  the  required  preload  and  it  is  also  difficult  to 
control  initial  preload  within  the  limits  necessary  for  the  proposed 
service  conditions. 

(2)  The  weight  of  a  fitting  of  this  type  would  far  exceed  that  of  standard- 
type  flanges  for  high-pressure  applications. 

(3)  It  is  exceedingly  difficult  to  secure  this  type  of  joint  when  the  tubing 
is  misaligned. 
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d.  Bal  I  and  Socket  Joint 


c.  Differential  Threads 

FIGURE  19.  FITTING-TO-FITTING  DESIGNS  CONSIDERED 


Snap  Clamps 


Snap  clamps,  or  overcenter  clamps,  like  those  in  Figure  19b,  would  be  placed 
circumferentially  around  the  tube  and  would  act  like  a  circle  of  bolts.  However,  unlike 
bolts,  snap  clamps  once  closed  cannot  be  further  tightened  unless  a  take-up  screw  is 
provided.  Such  a  clamp  would  be  complex  in  construction  and  would  be  less  reliable 
than  a  simple  bolt-and-nut  arrangement.  Snap  clamps  cannot  compensate  for  misalign¬ 
ment,  cannot  be  readily  preloaded,  and  are  subject  to  early  fatigue  failure  due  to  working 
of  the  parts . 


Differential  Threads 

The  coupling  shown  in  Figure  19c  is  a  typical  application  of  a  differential  thread. 
Because  the  threads  on  parts  A  and  B  have  a  different  pitch,  each  will  travel  a  different 
linear  distance  relative  to  coupling  C  as  the  coupling  is  rotated.  An  arrangement  of  this 
type  can  produce  high  preload  forces  but  it  is  difficult  to  assemble,  it  is  heavy,  and  it  is 
susceptible  to  thread  seizure. 


Ball  and  Socket 

A  ball-and-socket-type  joint  (Figure  19d)  is  probably  the  most  widely  accepted 
means  of  joining  two  misaligned  tubes.  Because  this  type  of  joint  can  be  made  rugged, 
a  design  which  can  operate  reliably  is  possible.  However,  in  order  to  accommodate 
the  seal  in  any  angular  position  within  the  range  of  misalignment  specified,  it  is  probable 
that  the  seal  would  have  to  be  placed  at  the  ball-and-socket  interface.  Probably  the  best 
approach  would  be  to  machine  a  seal-retaining  cavity  in  the  ball  and  to  make  the  socket 
sufficiently  large  that  it  could  overlap  the  seal  in  any  given  position.  A  joint  of  this  type 
is  necessarily  large  and  heavy  because  of  the  oversized  socket  and  the  oversized  nut. 

This  type  of  joint  should  not  be  used  unless  it  is  absolutely  essential  that  the  fitting  com¬ 
pensate  for  misalignment.  Although  initial  misalignment  can  be  overcome  with  the  ball- 
and-socket  joint,  bending  moments  due  to  vibration  will  still  exist  during  operation. 

This  type  of  joint  is  more  likely  to  fail  due  to  these  bending  moments. 


Threaded  and  Bolted  Flange  Connections 

Threaded  and  bolted  flange  connections  have  been  used  so  universally  that  too  often 
they  are  taken  for  granted.  Many  times  when  structural  failures  occur  in  threaded  or 
bolted  fittings  it  is  concluded  too  rapidly  that  the  failure  can  be  ascribed  to  the  method 
of  connection.  Rather,  the  failure  is  more  probably  the  result  of  "insufficient"  design; 
i.  e.  ,  the  fitting  was  not  designed  to  take  full  advantage  of  the  interacting  physical 
phenomena  inherent  in  the  design.  Battelle's  choice  of  threaded  and  bolted  flange  con¬ 
nections  as  the  best  means  at  present  of  securing  the  fitting-to-fitting  connection  is 
based  on  the  following: 

(1)  Preloading  of  the  connection,  which  is  considered  essential  for 
successful  operation  of  the  system,  is  easily  attained, 

(2)  The  effects  of  transient  thermal  gradients  can  be  overcome  by 
judicious  choice  of  the  spring  constants  Rg  and  Rq*  in  conjunction 
with  the  preload  phenomena. 


'See  pages  35  through  39. 
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(3)  Although  assembly  of  the  connection  requires  care,  the  technique  is 
definitely  within  the  capabilities  of  the  average  mechanic  and  the 
completed  joint  can  be  easily  reassembled  many  times. 

(4)  In  terms  of  load  capability,  the  connection  is  probably  lighter  than 
other  comparable  designs. 

(5)  The  reliability  of  threaded  and  bolted  connections  has  been  demon¬ 
strated  conclusively. 

It  is  recognized  that  such  considerations  as  a  torque  relaxation  and  preload  control 
by  means  of  torque-wrench  readings  are  two  disadvantages  inherent  in  these  connections, 
especially  with  threaded  fittings.  However,  because  of  the  vast  amount  of  experimental 
work  already  accomplished  in  these  areas  it  is  possible  to  adequately  overcome  the  ambi¬ 
guity  these  factors  introduce  into  the  design  process. 


Proposed  Threaded-Fitting  Design 


The  general  procedure  for  designing  a  threaded  fitting  consists  of  the  following 

steps: 


(1)  Establish  design  values  based  on  service  requirements 

(2)  Establish  the  location  and  magnitude  of  sealing  loads 

(3)  Determine  structural  loads 

(4)  Design  a  fitting  structure  which  satisfies  the  requirements  of  (1),  (2), 
and  (3). 

The  interrelationship  of  the  decisions  in  each  of  the  steps  results  in  a  relatively 
specific  detailed  design  procedure  for  each  type  of  fitting.  This  report  section  describes 
the  design  procedure  and  the  design  concept  which  Battelle  developed  for  a  unique  pro¬ 
posed  threaded-fitting  configuration.  The  1/2- inch  experimental  fitting  evaluated  during 
Phase  II  will  be  used  to  illustrate  the  discussion. 


Design  Values  Based  on  Service  Requirements 

Some  service  requirements  for  threaded  fittings  are  established  by  the  fluid  and 
vehicle  systems,  while  others  are  estimated  by  the  fitting  designer.  The  following  im¬ 
portant  design  values,  based  on  service  requirements,  are  discussed  in  detail  in  previ¬ 
ous  sections  of  this  report  and  on  page  68. 

(1)  Tube  diameter,  material,  and  wall  thickness 

{2)  Maximum  and  minimum  operating  pressure 

(3)  Maximum  and  minimum  operating  temperature 

(4)  Material  compatibility  requirements 
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(5)  Required  service  life 


(6)  External  loads 

A  seventh  design  requirement  is  the  permissible  leakage  rate  which  varies  with 
fluid  density,  fluid  pressure,  and  mission  life.  Generally  permissible  leakage  is  des¬ 
ignated  simply  as  "zero  leakage"  which  is  not  really  an  acceptable  value  for  design 
purposes.  As  indicated  in  Table  7  a  specific  leakage  rate  of  7  x  10"7  atm  cc/sec  He  is 
designated. 

During  a  discussion  with  the  project  monitor  at  the  end  of  the  Phase  I,  a  1 /2-inch, 
Class  II  threaded  fitting  was  selected  as  a  representative  fitting  for  experimental  verifi¬ 
cation  of  the  design  procedures  developed  during  Phase  I.  Because  the  lowest  tempera¬ 
ture  readily  attained  in  the  laboratory  was  -320  F  (the  boiling  point  of  liquid  nitrogen), 
the  experimental  fitting  was  designed  for  this  low-temperature  limit.  Design  values  for 
the  1 /2-inch  experimental  fitting,  based  on  Class  II  service  (see  p  19),  are  given  in 
Table  7. 


TABLE  7.  DESIGN  VALUES  BASED  ON  SERVICE  REQUIREMENTS 
FOR  1 /2-INCH  EXPERIMENTAL  FITTING 


Tube  Diameter,  OD 

Tube  Material  (Class  II  Specifications) 

Tube  Wall  Thickness  (Equation  3) 

Alternate  Tube  Material(a) 

Alternate  Tube  Wall  Thickness(a) 

Operating  Pressure  (Class  II  Specifications) 

Proof  Pressure  (1-1/2  times  operating  pressure) 
Operating  Temperature  (Modified  Class  II  Specifications) 
Fitting  Material  (Class  II  Specifications) 

Material  Compatibility 
Service  Life  (Estimated) 

External  Loads  -  Limited  by  Tubing  Strength 
Permissible  Leak  Rate  for  Helium 


0.  500  inch 
Rene  41 
0.  0075  inch 

18-8  annealed  stainless  steel 

0.  035  inch 

0  to  2000  psi 

3000  psi 

-320  to  600  F 

Rene  41 

See  p  13 

10,000  hours 

See  pp  26-29 

7  x  10~7  atm  cc/sec 


(a)  An  alternate  tube  material  and  size  were  selected  on  the  basis  of  MIL-F-18280A  because  of  the  current  problems  of  obtaining 
Rene  41  tubing. 

For  convenience,  the  design  properties  of  Rene  41  are  given  in  Table  8. 

TABLE  8.  DESIGN  PROPERTIES  OF  RENE  41 


Temperature, 

F 

Yield 
Stress, 
1000  psi 

Modulus  of 
Elasticity 
107  psi 

Thermal 
Coefficient  of 
Expansion, 
in.  /in.  /F 

-425 

190 

3.  2 

7. 5  x  10-6 

70 

155 

3.  1 

7.  5  x  10-6 

600 

150 

2.9 

7.  5  x  10"6 

Sealing  Load 


The  seal  imposes  two  loads  on  the  structural  elements  of  the  fitting.  A  detailed 
discussion  of  the  seal,  its  development,  and  its  sealing  action  is  presented  in  a  later  sec¬ 
tion,  "Seal  Design".  The  more  significant  one  is  the  radial  sealing  load.  As  shown  in 
Figure  20,  this  load  is  applied  along  the  circumferential  interfaces  between  the  seal  and 
the  two  stub  ends.  The  magnitude  of  this  load  is  approximately  900  Ib/linear  inch. 

The  second  load  is  that  axial  load  required  to  assemble  the  seal.  Experimentally 
this  was  determined  to  be  approximately  1200  lb. 


Structural-Load  Determination 


The  structural  load,  Fg,  which  a  fitting  must  carry  is  equal  to  the  sum  of  the  pres¬ 
sure  end  load  and  the  axial  load  equivalent  of  the  bending  load.  The  methods  for  calcu¬ 
lating  these  loads  are  given  by  Equations  (1)  and  (12),  respectively,  in  the  "Design 
Parameters"  section. 

For  the  experimental  fitting,  the  pressure  end  load,  Fg,  was  calculated  using  an 
internal  pressure  of  2000  psi  and  an  effective  seal  diameter  of  0.820  in.  Fg  was  found 
to  be  1584  lb.  To  calculate  the  equivalent  axial  load,  Fg,  it  was  necessary  to  select  a 
maximum  tube  bending  stress,  Sg.  This  was  made  two-thirds  the  yield  stress  of 
Rene  41,  or  100,000  psi.  Fg  was  found  to  be  1178  lb.  Thus,  Fg  was  Fg  +  Fg,  or 
2762  lb. 

In  the  subsequent  discussion,  Fg  will  be  used  as  a  major  design  value  for  the  fitting 
structure.  However,  if  the  axial  load  required  by  the  seal  had  been  greater,  as  may  be 
the  case  with  some  seal  configurations,  the  larger  axial  seal  force  would  have  been  used 
instead  of  Fg.  This  is  discussed  in  more  detail  on  page  35. 


Fitting-Structure  Design 


With  the  determination  of  the  design  values  described  in  the  above  three  parts,  the 
completion  of  the  fitting  structure  design  consists  essentially  of  three  types  of  activities; 
(1)  the  selection  of  a  means  of  joining  the  tube  ends  to  the  fitting  parts,  (2)  the  tentative 
selection  of  certain  fitting  dimensions  as  indicated  by  the  seal  requirements,  and  (3)  the 
calculation  of  two  nut  dimensions  to  assure  the  proper  operation  of  the  fitting  assembly 
under  certain  critical  operating  conditions. 


Dimensions  Established  by  Tube -to -Fitting  Connection.  The  selection  of  a  tube- 
lo  lilting  connection  is  a  major  design  decision.  A  detailed  discussion  of  the  aspects  of 
l ht  problem  and  of  the  decisions  made  on  the  program  is  presented  in  the  next  section  of 
ilie  n-.ji ml,  entitled  "Tube-to-Fitting  Connection".  The  procedure  selected  is  the  TIG- 
y/e bled  .  oniiet  lion  developed  by  North  American  Aviation.  The  general  configuration  of 
tl.e  i  1.010-1  lion  lor  joining  the  fitting  to  tubing  is  shown  in  Figure  20.  The  OD  and  ID  of 
1 1,,.  |lH|ia  ol  ibe.  stub  ends  arc  identical  with  the  tubing  OD  and  ID.  The  welding  sleeves 
| | .  .  i|  am  b  lh.it  clearance  is  allowed  between  the  end  of  one  welding  sleeve  and  the 
i  ji, timl  lutlween  the  end  of  the  other  welding  sleeve  and  the  wrench  flats.  Be- 
ii  •  mu  muni  over  the  welding  sleeve  on  each  disassembly  of  the  fitting,  the 

,.,,i  ii.  .  ID  la  di'li*  r  1 1 1 1  ii  i*(  I  by  the  welding  sleeve  OD  and  the  necessary  clearance. 


49 


50 


1 


ssassssp 


“4 


The  dimensions  for  the  experimental  fitting  when  used  with  stainless  steel  tubing 
are  shown  in  Figure  21. 

Dimensions  Established  by  Seal.  Because  the  seal  is  a  replaceable  element  and 
because  of  the  nature  of  the  sealing  action,  it  is  necessary  for  the  two  stub  end  flanges 
to  provide  a  cavity  in  which  the  seal  can  be  nested.  The  dimensions  of  this  cavity  are 
given  in  Figure  22a. 

A  radial  force,  Fr,  of  900  lb /linear  inch  is  applied  outwardly  along  circumfer¬ 
ential  surfaces  A.  This  force  develops  a  bending  moment  on  each  flange  as  shown  in 
Figure  22b  and  induces  a  hoop  stress  in  the  flange  rim.  The  rim  thickness  must  be  suf¬ 
ficient  to  prevent  overstressing  of  the  flange.  If  a  1-inch  20  UNEF,  75  per  cent  thread 
is  used  and  if  0.  010-inch  radial  clearance  is  provided  between  the  OD  of  the  plain  stub 
end  flange  and  the  thread  minor  diameter  on  the  nut,  the  resulting  rim  thickness  is 
0.  056  inch.  This  value  is  adequate.  The  next  smaller  thread  size  possible  would  be  a 
15/16-20  UNEF.  The  rim  thickness  for  this  size  thread  is  only  0.  017  inch,  which  is 
inadequate. 

When  the  flange  was  analyzed  as  a  flat  circular  plate  with  the  inside  edge  rigidly 
supported  and  with  a  bending  moment  applied  at  the  outside  edge,  the  maximum  stress  in 
the  plain  stub  end  flange  was  only  16,000  psi  when  the  flange  was  0.  070  inch  thick.  A 
thickness  of  0.  070  inch  was  chosen  because  it  is  the  thinnest,  most  lightweight  design 
considered  practical  for  manufacturing. 

The  threaded  stub  end  was  made  0.  250  inch  thick  to  provide  a  thread  engagement 
of  five  full  threads.  The  dimensions  thus  established  for  the  threaded  stub  end  were 
more  than  ample  to  resist  the  radial-seal  load. 

Selection  of  Nut  Dimensions.  With  the  selection  of  the  seal  and  major  stub-end 
dimensions,  it  is  possible  to  select  tentatively  all  but  two  of  the  nut  dimensions.  As  ex¬ 
plained  later,  the  dimensions  which  cannot  be  selected,  the  nut  hub  thickness  and  the  nut 
flange  thickness  (see  Figure  20)  are  the  most  important  in  determining  the  deflection 
characteristics  of  the  nut. 

(1)  Nut  Flange  Inside  Diameter.  The  inside  diameter  of  the  nut  flange  is 
determined  by  the  clearance  needed  for  the  welding  sleeve.  With  an 
outside  tube  diameter  of  0.  500  inch  and  a  welding  sleeve  thickness  of 
0.  031  inch,  the  inside  diameter  of  the  experimental  nut  flange  was 
selected  as  0.  570  inch  to  provide  a  diametral  clearance  of  0.  008  inch, 

(2)  Nut  Thread.  The  nut  thread  was  determined  as  described  immediately 
above.  To  assure  the  engagement  of  five  threads  while  allowing  rea¬ 
sonable  machining  tolerances,  a  thread  length  of  0.  290  inch  was 
selected. 

(3)  Nut  Hex.  To  keep  the  nut  as  small  and  as  lightweight  as  possible 
(using  standard  hex  stock  material),  a  hex  of  1-1/16  inches  across 
flats  was  chosen. 

(4)  Nut  Hub  Length.  As  shown  in  Figure  20,  the  nut  hub  length  was  deter- 
mined  by  the  seal  dimensions  and  by  the  configuration  of  the  plain  stub 
end.  Thus  established,  the  nut  hub  length  was  0.  255  inch. 
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FIGURE  21.  FITTING  DIMENSIONS  ESTABLISHED  BY  SELECTED 
TUBE-TO-FITTING  CONNECTION 


a.  Dimensions  of  the  Seal  Cavities 


A ■ 45606 


I..  Forces  Applied  by  Seal 


t.  ,imt  t  t  I'  I  H  I’S  OF  SEAL  ON  FLANGE  DESIGN 
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Calculation  of  Two  Nut  Dimensions.  As  discussed  in  the  "Design  Parameters" 
section,  the  nut  of  a  threaded  fitting  acts  as  a  tension  spring  to  press  the  stub  ends  and 
the  seal  together.  The  nut  must  clamp  the  compression  parts  satisfactorily  during  in¬ 
ternal  pressure  variations,  external  load  fluctuations,  and  changes  in  fitting  component 
dimensions  as  a  result  of  internal  temperature  variations.  With  several  of  the  nut  di¬ 
mensions  established  {see  above),  the  load-deflection  characteristic  of  the  nut  is  varied 
by  changes  in  the  nut  hub  thickness  and  the  nut  flange  thickness.  The  significance  of 
these  dimensions  is  discussed  in  detail  in  Appendix  V. 

The  calculations  which  establish  the  best  combination  of  the  two  nut  dimensions  are 
complicated.  They  require  the  use  of  a  preload  diagram  as  a  design  tool,  the  iteration 
of  incremental  values  of  the  two  nut  dimensions  in  several  equations  to  determine  stress 
and  load-deflection  limitations,  and  the  manual  comparison  of  candidate  nuts  to  deter¬ 
mine  the  best  nut  dimensions.  The  discussion  to  describe  this  lengthy  and  critical  proce¬ 
dure  is  presented  in  the  following  steps: 

(1)  Explanation  of  the  general  graphical-design  procedure 

(2)  Determination  of  the  spring  constant  of  the  compression  members 

(3)  Determination  of  the  thermal-gradient  displacements 

(4)  Description  of  the  iterative  design  procedure 

(5)  Determination  of  the  maximum  allowable  fitting  load 

(6)  Determination  of  the  desired  nut  spring  constant 

(7)  Determination  of  the  actual  nut  spring  constant  and  selection  of  the 
best  nut 

(8)  Determination  of  the  preload  limits  for  the  selected  nut. 


(1)  General  Graphical-Design  Procedure 

The  use  of  the  following  graphical-design  procedure  enables  the  designer  to  under¬ 
stand  the  relationship  of  several  design  factors  for  the  nut.  The  construction  of  the  dia¬ 
gram  also  enables  the  designer  to  (1)  determine  the  desired  load-deflection  character¬ 
istic  of  an  arbitrarily  selected  nut,  and  (2)  establish  the  desired  preload  for  the  selected 
nut. 

Figure  23  without  KCc^d,  Fg  (cold),  KC^q^.,  and  Fg(hot)  is  a  typical  preload  dia¬ 
gram  {see  p  37).  The  vertical  axis  indicates  the  axial  fitting  load  between  the  nut  flange 
and  the  plain  stub  end  resulting  in  compression  in  the  compression  members  and  tension 
in  the  tension  members.  A  preload  diagram  is  usually  used  to  determine  the  effect  of 
an  external  load  on  the  tension  and  compression  members.  Movement  to  the  right  on  the 
X-axis  indicates  an  increase  in  displacement  of  the  tension  member  and  a  decrease  in 
displacement  for  the  compression  members.  Thus,  an  additional  structural  load  at 
room  temperature,  Fs(RT),  will  increase  the  nut  deflection  and  decrease  the  deflection 
of  the  compression  members.  The  slopes  of  KTp-p  and  are  the  spring  rates  of 

the  tension  and  compression  members  respectively,  expressed  in  lb/in.  These  values 
are  the  inverse  of  the  spring  constants  (see  p  37)  which  are  expressed  in  in.  /lb. 
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FIGURE  23.  GRAPHICAL  SOLUTION  FOR  KT 
AND  REQUIRED  PRELOAD 

To  use  a  preload  diagram  as  a  design  tool  for  the  threaded  fitting,  the  spring  con¬ 
stant  of  the  compression  members  is  first  calculated  for  room-temperature  conditions 
and  plotted  as  KCr-j.  Next,  the  effects  of  thermal  gradients  in  the  fitting  are  added  to 
the  preload  diagram.  When  a  hot  fluid  is  suddenly  introduced  into  the  fitting,  an  elonga¬ 
tion,  5t  (hot),  of  the  compression  member  occurs  before  the  nut  elongates.  This  mo¬ 
mentarily  shifts  KCrt  to  the  right  (KCj^)  in  respect  to  the  room  temperature  location 
of  KTrt.  Similarly,  a  thermal  gradient  caused  by  a  sudden  flow  of  cold  fluid  causes  a 
momentary  shift  of  KCRt  to  the  left  (KCc0^).  For  either  condition,  as  the  nut  ap¬ 
proaches  the  temperature  of  the  compression  members,  the  room-temperature  preload 
is  approached.  However,  the  locations  of  KC^ot  and  KCcoRj  establish  the  performance 
required  of  the  nut  for  the  maximum  temperature  differences  in  the  fitting. 

The  minimum  axial  seal  load  required  for  proper  functioning  of  the  seal,  Fj,  is 
added  to  the  diagram.  The  maximum  operational  load  at  the  maximum  operating 
temperature,  F^,  is  calculated  for  a  nut  configuration  resulting  from  an  arbitrary  selec¬ 
tion  of  the  nut  hub  thickness  and  the  nut  flange  thickness.  F^  is  added  to  the  preload 
diagram. 

The  slope  and  location  of  KTR«p,  the  desired  spring  rate  of  the  arbitrarily  selected 
nut,  is  established  by  determining  the  location  of  two  points.  First,  a  vertical  line, 

Fg,  equal  in  length  to  the  maximum  expected  structural  load,  is  drawn  up  from  the  inter¬ 
section  of  Fj  and  KCcoid.  This  establishes  Point  A.  Point  B  is  established  by  drawing 
a  second  vertical  line,  Fg,  to  fit  between  F2  and  KC^qj.  Point  B  is  located  on  F^.  The 
desired  spring  rate  of  the  arbitrarily  selected  nut,  KTR-p,  is  then  equal  to  a  line  drawn 
through  Points  A  and  B,  and  extended  to  intersect  the  displacement  axis.  The  actual 
spring  constant  of  the  arbitrarily  selected  nut  is  then  calculated  to  determine  whether 
the  nut  will  function  satisfactorily.  The  proper  room  temperature  or  installation  pre¬ 
load  for  the  selected  nut  is  determined  by  the  intersection  of  KTr-j.  and  KCRrp. 
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(2)  Spring  Constant  of  the  Compression  Members 


The  total  spring  constant  of  the  compression  members,  i.  e.  ,  deflection  in  inches 
per  unit  load,  is  the  sum  of  the  spring  constants  for  the  individual  compression  mem¬ 
bers.  The  general  expression  for  calculation  of  displacements  in  parts  subjected  to 
tension  or  compression  is  given  in  Appendix  I.  The  compression  members  of  the  experi¬ 
mental  fitting  consist  of  the  plain  stub  end,  the  seal  tang,  and  the  threaded  stub  end. 
Pertinent  dimensions  for  the  individual  compression  members  are  given  in  Table  9. 

The  axial  length  used  for  the  threaded  stub  end  was  one -half  the  thread  length.  This  was 
a  somewhat  arbitrary  estimate  of  the  portion  of  the  threaded  stub  end  under 
compression. 

TABLE  9.  DIMENSIONS  OF  COMPRESSION  MEMBERS  DETERMINING 
COMPRESSION  SPRING  CONSTANTS 


Compression 

Member 

Axial 

Length,  in. 

Radial 

Thickness,  in. 

Average 
Diameter,  in. 

Flanged  stub  end 

0.  080 

0.  210 

0.  695 

Seal  tang 

0.  200 

0.  095 

0.  532 

Threaded  stub  end 

0.  145 

0.  241 

0.  726 

With  these  dimensions,  the  total  spring  constant  of  the  compression  members, 
KCrtj  was  0.  585  x  10"?  in-lb.  This  value  was  used  with  the  276-lb  minimum  axial  seal 
load  to  begin  the  preload  diagram.  The  completed  diagram  for  the  1 /2-inch  experi- 


FIGURE  24.  PRELOAD  DIAGRAM  FOR  EXPERIMENTAL  NUT 
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(3)  Thermal -Gradient  Displacements 

The  thermal -gradient  displacements,  as  discussed  previously,  are  the  displace¬ 
ments  due  to  unequal  expansions  or  contractions  caused  by  a  temperature  difference  be¬ 
tween  the  compression  and  tension  members  of  the  fitting.  Thermal-gradient  tests, 
which  are  described  in  Appendix  IV,  were  conducted  to  determine  the  magnitude  of  the 
temperature  differences.  The  cold  thermal  gradient  was  found  to  be  —162  F,  while  the 
hot  thermal  gradient  was  276  F. 

One  method  of  designing  for  creep  in  threaded  fittings  is  to  increase  the  hot 
thermal  gradient  by  an  amount  which  would  cause  a  displacement  equivalent  to  the  amount 
of  creep  expected.  Because  the  creep  rate  is  dependent  on  both  time  and  stress  levels, 
this  may  be  an  excessively  conservative  design  method.  However,  for  the  experimental 
fitting,  the  thermal  gradients  used  were  the  same  as  those  measured  in  the  thermal- 
gradient  tests,  with  an  arbitrary  24  F  added  to  the  hot  thermal  gradient  for  creep.  The 
displacements  caused  by  these  temperature  differences  can  be  calculated  by  the  follow¬ 
ing  equation: 


5  =  a,  L  AT  ,  (21) 

where 


a  =  coefficient  of  thermal  expansion, 
in.  /in.  /F 

AT  =  temperature  difference,  F 
L  =  length,  in. 

For  the  experimental  fitting,  the  length  was  taken  to  be  the  nut  hub  length  plus  one- 
half  the  nut  thread  length.  The  displacements  caused  by  the  temperature  differences 
were  then  0.  486  x  10“3  and  0.  900  x  10"3  inch  for  the  cold  and  hot  thermal  gradients, 
respectively.  The  displacement  of  KCrt  for  these  conditions  on  the  preload  diagram  is 
shown  in  Figure  24. 

(4)  Iterative  Design  Procedure 

Because  Fs  is  known  (see  page  49),  the  values  needed  to  complete  the  preload 
diagram  are  the  maximum  operational  load  for  the  fitting  and  the  spring  constant  of  the 
tension  member  (the  nut).  The  maximum  operational  load  on  the  fitting  is  determined 
by  the  maximum  allowable  load  on  the  nut.  Both  the  maximum  allowable  nut  load  and  the 
nut  spring  constant  are  established  largely  by  the  two  nut  dimensions  as  yet  undeter¬ 
mined  -  the  nut  flange  thickness  and  the  nut  hub  thickness. 

The  design  procedure  now  becomes  an  iterative  one  consisting  of  the  following 

steps: 

(1)  Dimensions  are  selected  for  the  nut  hub  thickness  and  the  nut  flange 
thickness 

(2)  The  maximum  load  capability  of  the  resultant  nut  configuration  is 
calculated  (see  the  following  page) 
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(3)  The  spring  constant  desired  for  the  resultant  nut  is  determined 
(see  below). 

(4)  The  actual  spring  constant  of  the  resultant  nut  is  calculated  (see 
below) 

(5)  A  comparison  of  the  spring  constants  is  made.  If  the  actual  spring 
constant  is  equal  to  or  greater  than  the  desired  spring  constant,  the 
nut  will  function  satisfactorily 

(6)  a.  If  the  nut  is  not  satisfactory.  Steps  1-5  are  repeated 

b.  If  the  nut  is  satisfactory,  the  weight  of  the  nut  is  calculated 

(7)  Steps  1  through  6  are  repeated  in  an  effort  to  find  the  lightest  pos¬ 
sible  acceptable  nut. 

(5)  Maximum  Allowable  Load 

For  any  selected  nut  hub  thickness  and  nut  flange  thickness,  the  maximum  allow¬ 
able  nut  load  is  the  load  at  which  the  highest  stress  in  the  nut  is  equal  to  the  maximum 
allowable  stress  of  the  nut  material.  For  the  1 /2-inch  fitting,  two-thirds  of  the  yield 
stress  (two-thirds  of  150,000  psi)  was  selected  as  the  maximum  allowable  stress.  Six 
types  of  stresses  are  of  concern  in  the  nut:  (1)  the  longitudinal  hub  stress,  (2)  the  radial 
ring  stress,  (3)  the  tangential  ring  stress,  (4)  the  thread  shear  stress,  (5)  the  tensile 
stress  in  the  nut  hub,  and  (6)  the  tensile  stress  in  the  nut  thread  section.  Methods  of 
calculating  these  stresses  are  discussed  in  Appendix  I.  The  type  of  stress  which  is 
limiting  depends  not  only  on  the  absolute  values  of  the  two  unknown  nut  dimensions,  but 
on  their  comparative  values  as  well. 

Normally  a  large  number  of  nut  flange  thickness  and  nut  hub  thickness  dimensions 
must  be  investigated.  The  method  of  selecting  the  optimum  nut  will  be  discussed  later. 
For  convenience,  the  nut  flange  thickness  and  nut  hub  thickness  used  for  discussion  will 
be  0.246  inch  and  .  0253  inch,  respectively.  These  dimensions  are  the  dimensions  of 
the  experimental  nut  which  were  found  to  be  optimum  after  repeated  application  of  the 
design  procedure.  These  dimensions  were  also  used  for  the  fabrication  of  the  nut  which 
was  evaluated  in  Phase  II.  With  these  dimensions,  the  controlling  stress  was  the  tan¬ 
gential  ring  stress  and  the  maximum  allowable  load  was  6138  lb.  At  this  maximum  load, 
the  six  stresses  had  the  following  values; 

Tangential  Ring  Stress  100,000  psi 

Longitudinal  Hub  Stress  99,796  psi 

Radial  Ring  Stress  8,559  psi 

Tensile  Stress  in  Nut  Thread  Section  31,918  psi 

Thread  Shear  Stress  8,704  psi 

Tensile  Stress  in  Nut  Hub  35,410  psi 

In  order  to  make  the  most  efficient  use  of  the  nut  material,  it  is  desirable  that  the 
maximum  nut  load  under  operational  conditions,  i.  e.  ,  the  maximum  operational  load,  be 
equal  to  the  maximum  allowable  nut  load.  If  the  maximum  operational  load  is  different 
from  the  maximum  allowable  load,  the  nut,  and  hence  the  fitting,  will  be  over-  or  under¬ 
designed,  resulting  in  excessive  weight  or  failure.  Thus,  in  constructing  the  preload 
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diagram,  or  in  considering  the  preload  relationships,  the  maximum  operational  nut  load 
and  the  maximum  allowable  nut  load  are  considered  to  be  synonymous.  Figure  24  shows 
the  location  of  the  maximum  allowable  load  on  the  preload  diagram  for  the  experimental 
fitting. 

(6)  Desired  Nut  Spring  Constant 

The  desired  spring  constant  for  the  selected  nut  (the  inverse  of  the  slope  of  KTrt) 
can  now  be  determined  from  the  preload  diagram.  To  determine  the  slope  of  KT^-p,  it 
is  necessary  to  locate  at  least  two  points  on  the  line  -  one  point  can  be  located  on  the 
basis  of  the  minimum  seal  load  and  KCcoj^,  The  other  can  be  located  on  the  basis  of  the 
maximum  allowable  load  and  KC^^.  These  two  sets  of  conditions  represent  the 
extremes  between  which  the  fitting  will  operate. 

To  establish  the  first  point,  a  vertical  line  which  by  scale  is  equal  to  the  maximum 
expected  structural  load  of  2762  lb  (see  page  49)  is  drawn  from  the  intersection  of  the 
minimum  seal  load  and  The  top  of  this  line  locates  Point  A,  Figure  24.  The 

second  point  is  established  by  locating  a  vertical  line  also  equal  to  the  maximum  struc¬ 
tural  load  to  fit  between  the  maximum  allowable  load  and  KC^ot-  This  establishes  the 
second  point  at  B,  Figure  24.  The  inverse  slope  of  the  line  drawn  through  A  and  B  is  the 
desired  spring  constant.  For  the  experimental  nut,  the  value  was  0.389  x  10"^  in-lb. 

(7)  Actual  Spring  Constant 

The  desired  spring  constant  for  the  selected  nut  is  based  on  the  service  require¬ 
ments,  while  the  actual  spring  constant  is  based  on  selected  nut  dimensions  and  is  com¬ 
puted  by  means  of  the  equations  in  Appendix  VI.  The  spring  constant  consists  of  (1)  the 
elongation  of  the  nut  hub  under  load,  (2)  the  elongation  of  the  nut  thread  section  under 
load,  and  (3)  the  rotation  of  the  nut  flange.  If  the  actual  nut  spring  constant  is  less  than 
the  desired  nut  spring  constant,  the  nut  will  be  too  stiff  and  it  will  not  have  sufficient 
thermal  capability.  If  the  actual  nut  spring  constant  is  equal  to  or  greater  than  the  de¬ 
sired  nut  spring  constant,  the  nut  will  function  satisfactorily.  Because  many  nut  con¬ 
figurations  may  function  satisfactorily,  a  final  choice  of  the  best  nut  from  candidate  nuts 
is  made  on  the  basis  of  lightweight  and  insensitivity  to  machining  variations.  For  the 
optimum  experimental  nut,  the  spring  constant  was  0.  393  x  10"°  in-lb. 

Appendix  V  describes  the  experimental  work  done  to  verify  the  selected  nut  spring 
constant  as  predicted  by  the  above  design  procedure. 

These  considerations  emphasize  the  fact  that  "beefing  up  a  nut"  will  not  necessarily 
improve  the  fitting  performance.  The  stress  in  the  nut  may  be  protected  from  over- 
torquing,  but  the  spring  constant  may  be  decreased  to  the  point  where  the  nut  will  fail  in 
service.  Failure  may  occur  from  leakage  due  to  a  cold  thermal  transient,  or  from  nut 
deformation  caused  by  a  hot  thermal  transient. 

(8)  Preload  Limits 

The  intersection  of  the  actual  KTj^'p  with  KCpq>  determines  the  recommended  pre¬ 
load  for  the  selected  nut,  while  the  intersection  of  KT^-p  with  the  abscissa  determines 
the  origin  of  the  axial  displacement  axis.  For  the  experimental  fitting  the  recommended 
preload  was  3785  lb.  This  was  equal  to  a  torque  of  63.  1  Ib-ft  as  defined  by  Equation  (20). 
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The  preload  diagram  in  Figure  24  is  based  on  the  maximum  allowable  stress  equal 
to  two-thirds  the  yield  strength  of  the  material.  It  is  also  important  to  know  what  values 
would  result  from  a  preload  diagram  based  on  100  per  cent  of  the  yield  strength.  These 
values  can  then  be  used  to  determine  the  maximum  permissible  torque.  Such  a  diagram 
is  shown  in  Figure  25  by  the  lines  designated  by  a  single  prime.  In  addition,  Figure  25 
shows  what  preload  force  would  cause  the  axial  seal  load  to  fall  to  zero  during  the 
cold  transient.  This  relationship  is  shown  by  the  lines  designated  by  a  double  prime. 

The  preload  diagram  in  Figure  25  is  based  on  the  following  three  assumptions. 

(1)  The  lowest  permissible  preload  is  that  preload  which  will  result  in  a 
residual  axial  seal  load  of  zero  when  the  fitting  is  subject  to  a  cold 
thermal  gradient  equal  to  the  design  gradient. 

(2)  The  highest  permissible  preload  is  that  preload  which  will  result  in 
the  maximum  nut  load  reaching  a  value  such  that  the  nut  is  stressed 
to  the  yield  stress  of  the  material  when  the  fitting  is  subjected  to  a 
hot  thermal  gradient  equal  to  the  design  gradient. 


(3)  A  primary  seal  is  obtained  at  a  preload  value  less  than  the  lowest 
permissible  preload.  If  this  is  not  so,  the  lowest  permissible  pre¬ 
load  must  be  based  on  a  load  necessary  to  achieve  an  initial  seal. 


FIGURE  25.  MODIFIED  PRELOAD  DIAGRAM  BASED  ON  (A)  100  PER  CENT  OF 
YIELD  STRENGTH  AND  (B)  MINIMUM  SEAL  LOAD  EQUAL  ZERO 

The  actual  preload  of  a  fitting  is  difficult  to  predict.  The  initial  value  is  subject 
to  many  variations,  and  operation  of  the  fitting  in  service  usually  results  in  a  significant 
reduction  in  preload.  While  it  may  be  acceptable  for  the  designer  to  establish  a  practical 
preload  range  within  the  preload  limits  established  above,  it  is  possible  to  design  into  the 
fitting  a  preload  range  which  will  still  allow  the  fitting  to  accommodate  the  thermal  gra¬ 
dient  and  maximum  allowable  stress  requirements.  This  can  be  done  by  purposely  se¬ 
lecting  a  nut  which  has  an  actual  spring  constant  greater  than  desired  spring  constant. 
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As  illustrated  in  Figure  26,  the  upper  preload  limit  is  determined  by  the  maximum 
allowable  load.  A  line  equal  in  slope  to  the  actual  KT  is  drawn  through  Point  B 
established  in  Figure  24.  The  upper  preload  limit,  then,  is  determined  at  the  intersec¬ 
tion  of  this  line  with  (Point  U).  The  lower  preload  limit  is  determined  by  the  mini¬ 

mum  sealing  load  in  a  similar  manner.  A  line  equal  in  slope  to  KT  is  drawn  through 
Point  A.  The  intersection  of  this  line  with  KCj^p  is  then  the  lower  preload  limit 
(Point  L).  The  upper  and  lower  limits  of  preload  then  determine  the  preload  range  of  the 
selected  nut.  If  the  range  is  not  satisfactory,  another  nut  can  be  evaluated. 

For  the  experimental  fitting,  an  installation  preload  range  was  established  for  the 
laboratory  work  by  arbitrarily  reducing  the  safety  factor  applied  to  the  maximum  allow¬ 
able  load.  Torques  of  65  lb-ft  and  75  lb-ft  were  selected  for  specification,  while  an 
overtorque  limit  of  85  lb-ft  was  chosen.  This  overtorque  capacity  provided  a  safety 
factor  of  28  per  cent  in  respect  to  the  maximum  expected  operational  stress. 

Computer  Use  for  Nut  Selection.  The  nut  dimensions  used  in  the  example  are  the 
nut  dimensions  which  were  found  to  be  optimum  for  the  given  service  conditions.  Nor¬ 
mally  the  original  choice  of  nut  dimensions  would  not  only  not  be  optimum,  but  probably 
would  not  even  be  satisfactory.  To  obtain  a  satisfactory  set  of  conditions  alone  may  re¬ 
quire  many  iterations.  However,  to  be  of  optimum  design,  a  fitting  for  use  in  missiles 
must  not  only  be  satisfactory,  but  must  also  be  of  minimum  weight.  If  only  the  nut  hub 
thickness  and  the  nut  flange  thickness  are  varied,  there  are  still  a  great  number  of  nut 
designs  which  are  possible.  For  every  nut  hub  thickness  there  may  be  a  nut  flange  thick¬ 
ness  which  will  produce  a  satisfactory  design.  In  order  to  choose  an  optimum  design, 
then,  a  very  large  number  of  calculations  are  necessary. 

A  digital  computer  program  was  prepared  to  perform  the  iterations  necessary  for 
the  choice  of  an  optimum  nut  for  the  experimental  fitting.  The  Threaded  Fitting  Design 
computer  program  is  listed  in  Appendix  VI,  along  with  an  input  data  sheet,  and  a  typical 
output  from  the  computer. 

Basically,  a  digital  computer  does  the  same  operations  as  a  desk  calculator.  The 
advantage  of  a  computer  lies  in  its  speed  and  accuracy.  For  example,  in  designing  the 
experimental  nut,  the  digital  computer  performed  approximately  840  iterations  in  2  cen- 
tihours.  It  would  have  taken  one  man  working  approximately  3  years  to  perform  the 
same  number  of  calculations  and  there  would  have  been  no  guarantee  of  accuracy. 

The  inputs  into  the  computer  program  consist  of  two  sets  of  information.  One  set 
includes  fitting  dimensions  and  material  properties  that  are  constant.  The  second  set 
includes  dimensional  variables.  The  computer  is  programmed  to  perform  iterations  in 
which  all  variables  but  one  are  held  constant,  while  the  single  variable  is  changed  in  in¬ 
crements.  The  output  of  the  computer  consists  of  a  listing  of  the  maximum  allowable 
load,  the  recommended  preload,  the  critical  stresses,  the  desired  spring  constant  of  the 
nut,  the  actual  spring  constant  of  the  nut,  and  the  corresponding  volume  for  each  set  of 
conditions.  The  final  choice  of  the  optimum  nut  design  based  on  minimum  weight,  is 
then  done  by  a  manual  comparison. 

The  iterations  of  the  Threaded  Fitting  Design  computer  program  are  performed  in 
the  following  manner:  A  nut  hub  thickness  is  chosen  and  the  flange  thickness  is  incre¬ 
mented,  with  an  output  being  obtained  for  each  flange  thickness;  a  new  nut  hub  thickness 
is  then  chosen  and  the  process  repeated  until  the  nut  hub  thickness  variation  limits  which 
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are  built  into  the  program  are  reached.  For  the  experimental  nut,  this  required  compu¬ 
tations  for  the  twelve  values  of  the  nut  hub  thickness  shown  in  Table  10.  Each  combina¬ 
tion  of  the  nut  hub  thickness  and  flange  thickness  shown  in  Table  10  represents  an  opti¬ 
mum  combination  as  determined  by  comparing  the  desired  spring  constant  for  the  nut 
with  the  actual  spring  constant  in  the  computer  output  (see  Appendix  VI)  and  picking  the 
combination  of  dimensions  which  gives  the  minimum  volume  for  which  the  actual  spring 
constant  of  the  nut  is  greater  than  the  desired  spring  constant  of  the  nut. 

TABLE  10.  POSSIBLE  NUT  CHOICES 


Item 

T, 

in. 

GA, 

in. 

Wmax« 

lb 

wpreload> 

lb 

V, 

in.3 

1 

0.249 

0.0313 

6409 

3840 

0.2993 

2 

0.249 

0.0283 

6366 

3881 

0.2968 

3 

0.246 

0.0253 

6138 

3785 

0.2923 

4 

0.252 

0.0223 

6176 

3798 

0.2941 

5 

0.255 

0.0193 

6116 

3763 

0.2939 

6 

0.261 

0.0163 

6192 

3810 

0.2957 

7 

0.264 

0.0133 

6163 

3804 

0.2954 

8 

0.267 

0.0103 

6148 

3810 

0.2951 

9 

0.267 

0.0073 

6021 

3755 

0.2926 

10 

0.267 

0.0043 

5905 

3710 

0.2900 

11 

0.270 

0.0013 

5923 

3755 

0.2897 

12 

0.270 

-0.0017 

5827 

3736 

0.2871 

The  final  choice  was  made  by  comparing  the  twelve  possible  designs  on  the  basis 
of  volume  and  nut  hub  thickness.  Item  3  was  the  design  chosen.  Although  Items  10,  11, 
and  12  would  have  resulted  in  a  lighter  nut,  the  spring  constant  and  load  capacity  char¬ 
acteristics  would  have  been  more  sensitive  to  machining  tolerances  because  of  the 
smaller  hub  thicknesses.  The  minus  value  shown  for  GA  in  Item  (12)  indicates  that  al¬ 
though  the  nut  is  theoretically  adequate,  it  is  not  a  practical  choice  because  the  ligament 
between  the  threaded  portion  and  the  nut  flange  exists  only  in  the  six  corner  projections 
of  the  hex. 

During  the  Phase  II  effort  it  became  desirable  to  be  able  to  determine  the  capabili¬ 
ties  of  a  fitting  when  the  dimensions  were  known.  By  a  slight  modification  of  the 
Threaded  Fitting  Design  computer  program,  a  Threaded  Fitting  Capabilities  computer 
program  was  prepared.  This  program  is  listed  in  Appendix  VI.  The  output  of  this  pro¬ 
gram  consists  of  spring  constants  for  both  tensile  and  compression  members,  the  maxi¬ 
mum  allowable  nut  load,  and  the  thermal-gradient  capabilities. 
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Design  Procedure  for  Flanged  Connections 


Flanged  connections  are  usually  designed  for  specific  systems.  This  is  possible 
because  considerably  fewer  flanged  connections  are  used  in  aerospace  vehicles,  and  be¬ 
cause  it  is  much  more  difficult  to  standardize  on  flanged  connection  designs  without  im¬ 
posing  a  severe  weight  penalty  on  many  installations.  This  section  contains  a  detailed 
discussion  of  the  important  design  parameters.  In  addition,  an  example  is  presented  to 
illustrate  a  recommended  design  procedure,  brief  comments  are  given  concerning  the 
problems  of  manufacture  and  assembly,  and  specific  designs  are  presented  for  selected 
fitting  classes  and  sizes.  Two  basic  types  of  connections  are  considered:  those  contain¬ 
ing  integral  flanges  and  those  containing  separate  flanges. 

Definition  of  Symbols 

The  design  of  aerospace  flanged  connections  requires  the  use  of  a  large  number  of 
design  parameters.  The  symbols  used  in  the  discussion  are  defined  in  Figure  27  and 
Table  11  below. 


Integral  Flange  -  Type  I  Separate  Flange  —  Type  H 

A"  4  5610 


FIGURE  27.  ILLUSTRATION  OF  DIMENSIONAL  SYMBOLS 
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TABLE  11.  DEFINITION  OF  FLANGE-DESIGN  SYMBOLS 


A 

AB 

aBG 

aBS 

abt 

AB1 

ag 

AS 

cl  1  ) 

B 

Bs 

c 

D 

dh 

Ef 

F 

f 


Outside  diameter  of  flange 

Total  thread  root  area  of  bolts 

Required  bolt  area  for  seating  gasket 

Required  bolt  area  for  operating  conditions 

Required  bolt  area  for  test  conditions 

Thread  root  area  of  one  bolt 

Gasket  seating  area 

Outside  diameter  of  stub  end 

Stress  calculation  parameters 

Inside  diameter  of  flange 

Inside  diameter  of  stub  end 

Bolt  circle  diameter 

Outside  diameter  of  tube  attached  to  flange  or  stub  end 
Bolt  hole  diameter 

Modulus  of  elasticity  of  flange  material 
Flange  stress  calculation  parameter 
Stress  correction  factor 


G 

go 

gS 

Si 

h 

hD 

K 

L 

Me 

mg 

MS 


Average  diameter  of  annular  ring  gasket 

Thickness  of  hub  at  small  end 

Thickness  of  hub  of  stub  end 

Thickness  of  hub  at  back  of  flange 

Hub  length 

Load  moment  arm 

Load  moment  arm  , 

Dimensional  ratio:  A/B 

Flange  displacement  calculation  parameter:  L  =  a^ 
External  bending  moment 

Total  flange  moment,  gasket  seating  conditions 
Total  flange  moment,  operating  conditions 
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TABLE  11.  (Continued) 


Mr 

m 

N 

n 

P 

P 


B 


E 


R, 


R 


R 
RS 

al>  a3 

*c 

Sba 

Sbt 


5bys 


Total  flange  moment,  test  conditions 
Residual  gasket  stress  factor 
Number  of  bolts 

Approximation  factor  in  estimate  of  flange  thickness 

Maximum  operating  pressure 

Internal  pressure  equivalent  to  external  bending 
moment 

Sum  of  Pg  and  Pe 
Design  internal  pressure 

Maximum  test  pressure  (at  atmospheric  temperature) 

Radial  clearance  between  flange  and  stub  end 
(Figure  27) 

Minimum  radial  clearance 

Minimum  space  between  bolts 

Calculated  flange  stresses  per  unit  load  moment 

Controlling  flange  stress  per  unit  load  moment 

Allowable  stress,  bolt  material  at  atmospheric 
temperature 

Allowable  stress,  bolt  material  at  maximum 
operating  temperature 

Yield  stress,  bolt  material  at  atmospheric 
temperature 


S£a  Allowable  stress,  flange  material  at  atmospheric 

temperature 

Sft  Allowable  stress,  flange  material  at  maximum 

operating  temperature 


Yield  stress,  flange  material  at  atmospheric 
temperature 


Sq  Gasket  seating  stress 

Ste  Fatigue  endurance  strength  of  tubing  material 


S 


sys 


Yield  stress,  stub  end  material  at  atmospheric 
temperature 
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TABLE  11.  (Continued) 


T 

Flange  stress  calculation  parameter 

Te 

External  torsional  moment 

t 

Flange  thickness 

*AG 

Flange  thickness,  Type  II  flanges,  gasket  seating 
conditions 

lAS 

Flange  thickness,  Type  II  flanges,  operating  conditions 

tAT 

Flange  thickness,  Type  II  flanges,  test  conditions 

tEG 

Estimated  flange  thickness,  Type  I  flanges,  gasket 
seating  conditions 

Estimated  flange  thickness,  Type  I  flanges,  operating 
conditions 

lET 

Estimated  flange  thickness,  Type  I  flanges,  test 
conditions 

ts 

Thickness  of  lap  on  stub  end 

Wall  thickness  of  tube  attached  to  flange 

U 

Flange  stress  calculation  parameter 

U.  T.S. 

Ultimate  tensile  strength  of  a  material 

V 

Flange  stress  calculation  parameter 

Ws 

Load  due  to  internal  pressure  plus  external  bending 
moment 

w 

Width  of  annular  ring  gasket 

X 

Average  diameter  of  contact  area  between  loose  flange 
and  stub  end 

Y 

Flange  stress  calculation  parameter 

zt 

Section  modulus  of  tube  attached  to  flange 

z 

Flange  stress  calculation  parameter 
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Design  Considerations 


Service  Requirements;  Before  the  detailed  design  of  a  bolted-flanged  connection 
can  be  started,  the  following  service  requirements  must  be  known: 

(1)  Tube  diameter,  wall  thickness,  and  material 

(2)  Maximum  and  minimum  operating  pressure 

(3)  Maximum  and  minimum  operating  temperature 

(4)  Material  compatibility  requirements 

(5)  Required  service  life 

(6)  Thermal  gradients 

(7)  External  loads 

(8)  Contained  fluid  and  maximum  permissible  leak  rate. 

Items  (1)  through  (4)  will  normally  have  been  established  in  the  design  of  the  tub¬ 
ing  system;  Item  (4)  will  direct  the  flange  designer  in  the  choice  of  materials  for  the 
flange  and  the  gaskets.  The  required  service  life.  Item  (5),  is  a  major  factor  where 
service  temperatures  are  sufficiently  high  so  that  metal  creep  becomes  significant.  The 
required  service  life,  in  conjunction  with  the  rate  of  load  application,  will  also  deter¬ 
mine  the  number  of  cycles  of  loads  that  can  be  applied. 

Thermal  gradients.  Item  (6),  refer  to  conditions  where  a  rapid  temperature 
change  occurs,  e.g,  ,  liquid  oxygen  or  a  hot  gas  or  fluid  is  admitted  at  a  high  flow  rate 
into  a  pipeline.  Thermal  transient  conditions  are  quite  often  the  severest  loading  that 
occurs  on  a  bolted-flanged  connection. 

External  loads,  Item  (7),  are  defined  as  those  loads  applied  to  the  connection 
through  the  attached  tubing,  other  than  the  axial  force  created  by  internal  pressure.  In 
many  cases  these  loads  are  difficult  to  predict  qualitatively.  In  such  cases,  it  may  be 
possible  to  design  the  connection  for  the  maximum  loads  that  can  be  carried  by  the  tubing 
and  other  equipment. 

Item  (8)  of  the  list  of  service  conditions  calls  attention  to  the  fact  that  "zero  leak¬ 
age"  in  a  bolted-flanged  connection  is  difficult,  if  not  impossible,  to  obtain  with  light 
gases  such  as  hydrogen  or  helium.  Where  leakage  must  be  restricted  to  a  very  low 
value,  this  should  be  taken  into  consideration  when  (1)  selecting  the  gasket,  (2)  specify¬ 
ing  the  gasket  seating  surfaces,  and  (3)  calculating  the  load  required  to  "seat"  the 
gasket. 


Type  of  Flanged  Connection.  The  design  procedure  is  directly  applicable  to  two 
basic  types  of  connections  as  shown  in  Figure  27.  While  there  are  many  types  of  bolted- 
flanged  connections*,  these  two  appear  to  be  best  suited  to  aerospace  application.  For 
the  same  flange  material.  Type  I  connections  will  generally  be  lighter  than  a  corre¬ 
sponding  Type  II  connection.  However,  alignment  of  bolt  holes  is  easier  with  Type  II 


•See,  for  example,  Figure  UA-48  of  Reference  (8). 
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connections.  In  some  cases,  it  may  be  possible  to  select  a  higher  strength  material  for 
the  flange  of  the  Type  II  connection,  since  it  need  not  be  compatible  with  the  fluid  in  the 
system  nor  need  it  be  weldable  or  brazeable  to  the  tubing  material. 

In  many  cases  it  will  be  desirable  to  attach  a  flange  directly  to  a  piece  of  equip¬ 
ment  which  itself  is  subjected  to  high  stresses  due  to  internal  pressure.  Care  should  be 
taken  that  the  flange  hub  does  not  act  as  a  reinforcement  for  the  opening;  such  reinforce¬ 
ment  should  be  added  independently  of  the  flange  hub. 


Tube-to-Flange  Joint.  Details  of  the  tube-to-flange  joint  may  affect  the  bolted- 
flanged  connection  in  two  ways: 

(1)  In  Type  I  flanges  the  hub  contributes  to  the  flange  strength.  Details 
at  the  juncture  may  be  involved  in  the  flange  strength  computation. 

(2)  The  process  of  joining  the  tube  to  the  flange  may  cause  distortion  of 
the  gasket  seating  surfaces. 

Where  the  tube  material  and  wall  thickness  are  suitable  for  butt  welding,  a  butt- 
welded  joint  as  shown  in  Figures  28a  and  28b  provides  an  excellent  means  of  joining  the 
tube  to  the  flange.  When  the  tube  material  or  wall  thickness  is  not  suitable  for  butt  weld¬ 
ing,  a  fillet-welded,  seam-welded,  or  brazed  joint  may  be  used.  For  manually  butt- 
welded  joints,  a  hub  length,  h,  equal  to  or  greater  than  1.  5  J  BgQ  (see  Figure  28)  has 
generally  proven  adequate,  from  the  standpoint  of  avoiding  seating  surface  distortion, 
provided  the  hub  was  a  taper  angle,  a,  (see  Figure  28)  of  about  20  degrees  or  less. 


a.  Butt-Welded 
Type  I  Flange 


c.  Internal  Socket 
Fillet  Welded 
or  Brazed 


d.  External  Socket 
Fillet  Welded,  Brazed, 
or  Seam-Welded 


b.  Butt-Welded  *lf  socket  length  =  \/BgJJ ,  g0  may  be  taken 

Type  n-Stub-End  as  t.  +  ts;  otherwise,  g0=tt. 

*  A-456II 


FIGURE  28.  FLANGE  OR  STUB  END-TO-TUBE  JOINING  METHODS 

For  socket-welded  or  brazed  types,  gQ  may  be  taken  as  the  socket-plus-tube 
thickness,  provided  the  length  of  the  socket  is  at  least  «/Bg0.  Where  the  socket  length 
is  less  than  J  Bg0,  gQ  should  be  taken  as  equal  to  tt. 
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Materials  and  Allowable  Stresses.  Aerospace  applications,  with  emphasis  on 
minimum  weight,  have  made  substantial  use  of  the  aluminum  alloys,  or  where  elevated 
temperatures  are  involved,  austenitic  stainless  steels.  The  advent  of  missiles  and 
space  exploration  has  put  additional  emphasis  on  minimum  weight  with  the  introduction 
of  materials  with  improved  strength-to-weight  ratios;  e.g.  ,  titanium  alloys, 
precipitation-hardenable  stainless  steels,  Rene  41,  etc.  Use  of  AM-350  stainless  steel 
in  tubing,  for  example,  enables  a  significant  reduction  in  tubing  weight.  Similarly, 
AM-355  or  Rene  41  may  serve  to  reduce  the  weight  of  mechanical  connections. 

In  many  cases  it  will  be  found  desirable  to  make  the  flange,  in  Type  I  joints,  or  the 
stub  end,  in  Type  II  joints,  of  either  the  same  material  as  the  tube,  or  very  similar 
material,  since  this  will  reduce  problems  at  the  tube-to-flange  joints. 

Material  properties  which  should  be  considered  in  making  a  selection  are 

(1)  Short-time  yield  strength 

(Z)  Tensile  test  elongation 

(3)  Charpy  V-Notch  or  similar  indication  of  toughness 

(4)  Modulus  of  elasticity 

(5)  Coefficient  of  thermal  expansion 

(6)  Creep  or  relaxation  data 

(7)  Stress-to-rupture  data. 

These  properties  should  be  available  for  the  complete  service-temperature  range. 

The  short-time  yield  strength  of  the  material,  where  creep  is  not  significant,  is 
the  primary  factor  in  flange  design  from  a  strength  standpoint.  The  ultimate  strength 
of  the  material  is  only  of  indirect  significance.  The  ductility  or  toughness  may  be  sig¬ 
nificant.  Existing  flange-design  methods  are  based  on  evaluation  of  an  approximate 
maximum  stress;  there  may  be  local  areas  of  stress  concentration  which  require  a  cer¬ 
tain  degree  of  ductility  in  the  material.  The  tensile  test  elongation,  Charpy  V-notch  or 
similar  tests  give  some  indication  of  this  desired  material  property.  However,  in  the 
present  state  of  the  art,  it  is  not  possible  to  assign  a  limiting  value  to  these  properties. 
Possibly  a  tensile  elongation  of  5  to  10  per  cent  indicates  adequate  ductility  for  most 
flange  applications.  Variation  of  elongation  and  toughness  properties  with  temperature 
should  also  be  considered;  at  liquid-oxygen  temperatures  or  lower,  many  materials  be¬ 
come  excessively  brittle,  even  though  they  have  adequate  ductility  at  room  temperature. 

The  modulus  of  elasticity  and  coefficient  of  thermal  expansion  are  important  prop¬ 
erties  in  designing  flanged  joints  where  significant  thermal  gradients  occur.  Creep  or 
relaxation  data  plus  stress-to-rupture  data  must  be  considered  when  temperatures  are 
sufficiently  high  to  cause  active  creep. 

In  order  to  establish  dimensions  for  flanged  joints,  it  is  necessary  to  establish 
allowable  stresses  for  the  selected  materials.  Allowable  stresses,  in  relationship  to 
material  properties,  involve  a  complex  interaction  between  the  accuracy  of  the  stress 
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calculation  methods,  the  precision  with  which  loads  are  known,  and  a  balance  between 
reliability  and  minimum  weight.  Although  the  following  suggestions  should  be  useful, 
allowable  stresses  must  be  established  in  light  of  the  specific  design  problem,  reliability 
requirement,  experience,  etc. 

In  flange  design  where  creep  is  not  a  factor,  allowable  stresses  may  be  related  to 
the  short-time  yield  strength  of  the  material.  A  suggested  criteria  for  establishing 
allowable  stresses  is 


Flanges,  stub  ends 

S£a  =  2/3 

Ya 

Sf,  =  2/3 

Yt 

Bolts 

Sba= 

Ya 

sbt  =  1/2 

Yt  > 

where: 


Y  is  the  minimum  yield  strength  at  room  temperature 

3. 

Yj.  is  the  minimum  yield  strength  at  service  temperature, 
but  not  greater  than  Ya. 

An  allowable  stress  for  flange  material  equal  to  two-thirds  of  the  material  yield 
strength  conforms  to  general  pressure-vessel-design  practice.  (The  ASME  Code(8) 
uses  62.  5  per  cent  for  ferrous  materials,  two-thirds  for  nonferrous  materials.  )  Be¬ 
cause  in  flanged  joints,  the  criterion  of  failure  involves  excessive  deformation  rather 
than  rupture,  the  material  ultimate  tensile  strength  is  not  directly  considered;  however, 
the  preceding  remarks  on  minimum  ductility  requirements  should  not  be  neglected.  An 
allowable  stress  of  two-thirds  of  the  yield  strength  implies  that  at  a  test  pressure  of 
1.  5  times  the  operating  pressure,  the  stress  may  reach  the  yield  strength  of  the  mate¬ 
rial.  While  for  pressure  vessels  in  general,  this  limit  is  reasonable,  in  the  case  of 
flanged  joints  which  are  quite  deformation  sensitive,  the  design  procedure  described 
later  establishes  an  additional  check  which  limits  calculated  flange  stresses  to  90  per 
cent  of  the  yield  strength  of  the  flange  material  under  test  conditions. 

The  allowable  stress  for  bolting  is  set  lower  than  for  the  flanges  for  a  number  of 
reasons: 

(1)  Bolts  are  loaded  in  tension,  with  no  ability  to  transfer  load  to  some 
other  part  of  the  structure  in  case  of  overload. 

(2)  The  only  bolt  stress  calculated  is  that  due  to  the  axial  forces  whereas, 
in  service,  the  bolts  will  have  some  bending  stresses  due  to  rotation 
of  the  flanges. 

(3)  The  threads  on  the  bolts  form  notches  with  accompanying  stress 
intensifications. 

(4)  In  service,  the  bolts  are  loaded  in  initial  bolt  make-up  by  tightening 
with  a  wrench,  which  introduces  shear  stresses  and  a  reduction  in 
axial  yield  strength. 
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For  these  reasons,  allowable  bolt  stresses  no  higher  than  50  per  cent  of  the  mate¬ 
rial  yield  strength  are  suggested.  For  a  test  pressure  of  1.  5  times  the  operating  pres¬ 
sure,  it  will  be  necessary  to  tighten  the  bolts  to  75  to  90  per  cent  of  their  yield  strength. 
The  design  procedure  described  later  limits  the  calculated  bolt  stress  at  test  conditions 
to  75  per  cent  of  the  bolt  material  yield  stress  under  test  conditions. 

A  few  typical  values  resulting  from  the  application  of  the  above  criteria  are  shown 
in  Table  12.  It  should  be  noted  that  these  allowable  stresses,  particularly  for  materials 
with  high  yield  strength-to-ultimate  strength  ratios,  are  substantially  higher  than  estab¬ 
lished  in  the  ASME  Unfired  Pressure  Vessels  Code(8),  or  would  be  established  following 
the  basis  for  establishing  allowable  stresses,  Appendixes  P  and  Q,  of  that  Code. 

Materials  which  obtain  their  high  strength  by  heat  treatment  may  be  altered  in 
welding  or  brazing  flanges  or  stub  ends  to  the  tube.  If  the  joining  process  is  such  as  to 
limit  the  heat-affected  zone  to  a  small  volume  of  material  at  the  end  of  the  hub,  design 
of  the  bolted-flanged  connection  may  be  based  on  the  heat-treated  properties  of  the 
material. 

Gasket  and  Facing  Details.  This  part  describes  several  factors  related  to  the 
determination  of  gasket  and  facing  details. 

(1)  Annular  Ring  Gaskets 

The  most  widely  used  gasket  for  bolted-flanged  connections  is  an  annular  ring  as 
shown  in  Figure  29.  A  basic  design  criterion  in  such  gaskets  is  the  "seating  stress", 
i.  e.  ,  the  average  stress  which  must  be  exerted  on  the  gasket  face  to  force  it  into  any 
scratches  on  the  gasket  seating  surfaces  of  the  flanges  and  to  compensate  for  any  wavi¬ 
ness  of  the  flange  faces.  Suggested  design  values  for  "seating  stresses"  are  shown  in 
Table  13.  While  seating  stresses  are  tabulated  as  a  function  of  gasket  material,  these 
stresses  are  also  dependent  upon  the  flange  seating  surfaces,  the  type  of  fluid  and  its 
pressure,  and  the  tolerable  leakage  rate.  The  suggested  design  seating  stresses  are 


FIGURE  29.  ANNULAR  RING  GASKET  NOMENCLATURE 
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TABLE  12.  TYPICAL  ALLOWABLE  STRESS  VALUES  USING  CRITERIA:  ALLOWABLE  STRESS 
FOR  FLANGES  *  2/3  YIELD  STRENGTH;  ALLOWABLE  STRESS 
FOR  BOLTS  =  1/2  YIELD  STRENGTH 


Allowable  Stress,  psi,  for 
Indicated  Temperature 


Material^3) 

Up  to 

100  F 

150  F 

200  F 

250  F 

Aluminum  alloy,  6061-T6 

35, 000-psi  yield  strength 

38, 000-psi  ultimate  tensile  strength 

Flanges 

Bolts 

23,300 

17,500 

23,000 

17,200 

22,700 

17,000 

21, 900 
16,400 

Aluminum  alloy,  2014-T6 

55, 000-psi  yield  strength 

65, 000-psi  ultimate  tensile  strength 

Flanges 

Bolts 

36.700 

27,500 

35.800 

26.800 

34,500 

25,700 

31,200 

23,400 

Up  to 

100  F 

300  F 

500  F 

700  F 

Type  347,  annealed  stainless  steel 

35, 000-psi  yield  strength 

75, 000-psi  ultimate  tensile  strength 

Flanges 

Bolts 

23,300 

17,500 

20,000 

15,100 

18,900 

14,200 

18,900 

14,200 

Type  301,  cold -rolled  stainless  steel 

90, 000-psi  yield  strength 

115, 000-psi  ultimate  tensile  strength 

Bolts 

45,000 

40,000 

38,000 

36,000 

Up  to 

100  F 

300  F 

500  F 

600  F 

AM  355,  precipitation  hardened 

150, 000-psi  yield  strength 

200, 000-psi  ultimate  tensile  strength 

Flange 

Bolts 

100,000 

75,000 

85, 000 
63,000 

79,000 

59.000 

73,000 

54,000 

Up  to 

100  F 

400  F 

600  F 

800  F 

Rene*  41,  nickel-base  alloy 

130, 000-psi  yield  strength 

170, 000-psi  ultimate  tensile  strength 

Flanges 

Bolts 

86,000 

65,000 

84,000 

63,000 

82,000 

61,000 

80,000 

60,000 

(a)  Yield  strengths  are  specified  minimums. 
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based  on  the  use  of  flanges  with  carefully  machined  seating  surfaces  and  with  no  dis¬ 
tortion  of  those  surfaces  in  the  process  of  joining  the  flange  to  the  tube.  In  the  case  of 
metal  gaskets,  it  is  further  assumed  that  the  gaskets  and  seating  surfaces  have  a  surface 
finish  of  the  order  of  14  rms.  (10)  This  is  approximately  equivalent  to  an  AA  value  of 
12.  6.  With  good  surface  finish,  in  combination  with  the  relatively  high  seating  stresses 
shown  in  Table  13,  the  leakage  rates  should  be  quite  low,  even  for  high-pressure  helium. 
For  heavier  gases  or  liquids,  or  where  high  leakage  rates  can  be  tolerated,  these  gasket¬ 
seating-surface  requirements  can  be  relaxed. 

TABLE  13.  GASKET  SEATING  STRESSES  AND  "m-FACTORS" 


Material 

SG.  psi 

"m" 

Rubber,  1/16  inch  thick 

2,000 

2 

Asbestos  composition 

1/16  inch  thick 

4,000 

2 

1/32  inch  thick 

6,000 

2 

Teflon,  1/16  inch  thick 

8,000 

3 

Aluminum,  max  yield  strength  =  8,  000  psi 

16,000 

3 

Copper  or  brass,  max  yield  strength  *  10, 000  psi 

20,000 

3 

Nickel,  max  yield  strength  *  20,000  psi 

40,000 

3 

Stainless  steel,  max  yield  strength  a  35, 000  psi 

70,000 

4 

Metal  plated^  with  tin,  copper,  silver, 

30,000 

3 

or  gold 

(a)  Plating  should  be  of  sufficient  thickness  to  readily  fill  surface 
imperfections  on  the  flange  seating  surfaces,  normally  3  to 
7  mils. 


A  second  design  criterion  in  connection  with  gaskets  is  the  residual  stress  re¬ 
quired  on  the  gasket  to  maintain  a  low-order  leakage  rate.  Suggested  design  values  are 
shown  in  Table  13  as  a  factor,  "m",  which  is  multiplied  by  the  pressure  to  establish  a 
minimum  residual  gasket  stress.  It  maybe  shown'^)  that  for  perfectly  compliant  gas¬ 
kets,  the  "m-factor"  approaches  a  lower  limit  of  unity.  Actual  gaskets,  however,  may 
not  exhibit  this  perfect  compliance  and  a  residual  stress  is  required.  As  in  the  case  of 
the  "seating  stress",  the  "m-factor"  depends  not  only  upon  the  gasket  material,  but  also 
upon  the  applied  seating  stress,  the  flange  seating  surfaces,  the  type  of  fluid,  and  the 
tolerable  leakage  rate. 

The  preceding  criteria  give  minimum  required  gasket  stresses;  however,  a  maxi¬ 
mum  gasket  stress  may  also  be  needed  to  limit  the  plastic  deformation  subsequent  to 
initial  tightening  of  the  bolts.  With  metal  gaskets,  or  narrow  asbestos  gaskets,  plastic 
deformation  may  also  occur  in  the  gasket  seating  surfaces  on  the  flanges,  particularly 
at  elevated  service  temperatures.  Such  plastic  flow  can  substantially  reduce  the  avail¬ 
able  bolt  load.  It  is  suggested  that  maximum  gasket  stresses  be  limited  so  that  with  a 
load  equal  to  Ws,  the  maximum  stress  for  metal  gaskets  is  not  over  two  times  Sq  ,  and 
for  nonmetallic  gaskets,  not  over  four  times  Sq.  These  limits  are  indicated  by  the  equa¬ 
tions  for  gasket  width  w^  shown  on  Figure  30. 
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FIGURE  30.  SUGGESTED  GASKET  WIDTH,  w,  FOR  ANNULAR  GASKETS 

(2)  Materials  for  Annular  Ring  Gaskets 

Most  gasket  materials  in  industrial  use  are  made  of  nonmetallic  materials  -  rub¬ 
ber,  cork,  paper,  asbestos  with  rubber  binder,  etc.  These  materials  have  the  ability 
to  deform  readily,  and  hence  are  capable  of  flowing  into  scratches  on  the  flange  seating 
surfaces  and  to  compensate  for  waviness  of  the  seating  surfaces.  The  ability  to  flow 
readily  must  be  balanced  against  the  need  for  stability  under  high  stresses  over  a  period 
of  time  corresponding  to  the  service  life.  This  stability  must  be  maintained  over  the 
temperature  range  encountered  in  service. 

In  addition  to  the  above  considerations,  aerospace  applications  may  require  gasket 
stability  under  high  radiation  or  in  a  hard  vacuum.  In  applications  requiring  very  small 
leakage  rates,  porosity  of  the  gasket  may  become  a  significant  factor. 


The  "conformability"  of  an  annular  ring  gasket  generally  increases  with  the  thick¬ 
ness,  e.g.  ,  a  1/8-inch-thick  asbestos  composition  gasket  can  more  readily  fill  surface 
scratches  and  compensate  for  sealing  surface  waviness  than  a  1 /32-inch-thick  gasket. 
Thicker  gaskets,  however,  are  less  stable  and  more  apt  to  "blow-out"  when  residual 
gasket  surface  stresses  are  low  and  the  internal  pressure  is  high. 

A  variety  of  metals  are  used  for  gaskets,  ranging  from  lead,  which  in  compliance 
and  stability  is  similar  to  some  nonmetallic  materials,  to  austenitic  stainless  steels  with 
poor  compliance  but  excellent  stability  under  a  wide  range  of  temperature  and  environ¬ 
mental  conditions.  Finally,  there  are  composite  materials  such  as  metal  jacketed  asbes- 
los  and  spirally  wound  metal  strips  with  asbestos  interlayers. 
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(3)  Facing  Details 


Annular  ring  gaskets  are  often  used  with  raised  face  flanges  as  shown  in  Figure  31. 
The  purpose  of  the  raised  face  is  to 

(1)  Limit  the  gasket  contact  area.  If  a  full-face  gasket  is  used  (which 
may  be  done  just  to  help  in  centering  of  the  gasket  in  make -up) ,  the 
effective  gasket  contact  area  is  still  limited  to  the  raised  face  area. 

(Z)  Insure  that  the  flanges  will  not  contact  each  other  along  their  outer 
periphery,  even  with  a  very  thin  gasket. 

With  regard  to  the  second  point,  the  deflection  of  flanges  can  be  computed  by  the 
Equations^) 

For  Type  I  flanges 

.  0.  91  V  Mk 

o  = - —  — - 

L-/b g0  g2oEf 

For  Type  II  flanges 

6  _  0.8Z9  Mk 
~t3Eflog10K 

The  axial  displacement,  5,  and  rotation  radius.  A.,  are  defined  by  Figure  31.  The 
moment,  M,  to  be  used  in  Equations  (ZZ)  and  (Z3)  should  be  largest  of  Mq,  Mg,  or  M>p, 
calculated  as  indicated  in  Figures  35  or  36.  The  remainder  of  the  symbols  used  in 
Equations  (ZZ)  and  (Z3)  are  defined  later. 

The  raised  face  plus  the  gasket  thickness  (fully  compressed)  should  exceed  the 
axial  displacements  in  order  to  prevent  the  outer  edges  of  the  flanges  from  contacting. 

It  is  often  desirable  to  use  a  tongue-and-groove  or  male-female  facings  as  shown 
by  Figure  31.  These  facings  aid  in  locating  and  holding  the  gasket  during  assembly  and 
reduce  the  possibility  of  gasket  blowout.  Further,  at  least  one  of  the  faces  is  partially 
protected  against  damage  during  handling  and  assembly  of  the  joints.  With  metal  gaskets 
and  where  low-leakage  rates  with  gases  are  desired,  protecting  the  flange  seating  sur¬ 
face  during  shipment,  storage,  fabrication,  assembly,  and  possibly  re-assemblies,  be¬ 
comes  very  important.  The  double-groove  facing,  shown  in  Figure  31  used  with  plated 
metal  gaskets,  may  be  useful  in  this  situation. 

Where  the  joints  will  be  subjected  to  high  temperatures  in  service,  followed  by  the 
need  for  disassembly  and  re-assembly,  the  possibility  of  partial  welding  of  metal  gas¬ 
kets  to  the  flange  faces  should  not  be  overlooked.  Use  of  dissimilar  metals  will  help, 
and  in  some  cases  a  graphite  lubricant  film  on  the  seating  surfaces  may  aid  in  disas¬ 
sembly.  Nonmetallic  gaskets  will  generally  harden  after  long  periods  of  high- 
temperature  service.  The  raised  face  configuration  has  some  advantage  in  this  respect 
since  the  old  gasket  can  be  removed  more  easily  than  with  the  tongue  and  groove  or 
male-female  facings. 


(ZZ) 


(23) 
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Gasket 

reaction 


6  A  *45614 

1.  Raised  face,  gasket  on  facing  only 

2.  Raised  face,  gasket  extending  to  flange  OD  for  ease  in  centering 

3.  Tongue  and  groove  facing 

4.  Male-female  facing 

5.  Double-groove  facing,  with  plated  metal  gasket 

6.  Deflected  flange  under  load.  Facing  plus  gasket  thickness  must  be 
sufficient  to  prevent  contact  of  flanges  with  each  other.  See  p  76 
for  equations  for  calculating  displacement,  5. 

FIGURE  31.  TYPICAL  FACINGS 
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(4)  Pressure-Energized  Gaskets 


A  pressure-energized  gasket  is  defined  here  as  a  gasket  with  sealing  action  aided 
by  internal  pressure;  several  typical  pressure-energized  gaskets  are  shown  in  Fig¬ 
ure  32.  Perhaps  the  most  widely  used  pressure-energized  gasket  is  the  elastomeric 
O-ring,  both  for  static  and  either  rotating  or  reciprocating  seals.  The  use  of  elasto¬ 
meric  O-rings  in  pipeline  flanges,  however,  has  been  quite  limited.  In  pipeline  flanges 
the  standard  octagonal  ring  is  quite  widely  used  and  has  some  pressure-energization 
properties.  The  lens  ring  is  occasionally  used  for  high  pressures.  The  bellows-type 
gasket  has  also  been  used  to  a  limited  extent. 

While  pressure-energized  gaskets  have  major  advantages  in  many  applications, 
their  advantages  in  a  mechanical  connection  in  a  tubing  system  may  be  marginal.  This 
arises,  in  part,  because  of  the  independence  of  internal  pressure  and  the  external  loads 
acting  on  a  joint  in  a  tube  or  piping  system.  Where  pressure  energization  of  a  metal 
gasket  occurs,  vibration  of  the  piping  system  due  to  cyclic  application  of  an  external 
bending  moment  may  lead  to  abrasion  of  the  seating  surfaces  or  fatigue  failure  of  the 
metal  seal. 

In  addition,  resistance  to  external  torsional  moments  in  a  joint  with  a  pressure- 
energized  gasket  may  be  low.  While  rotation  is  limited  to  bolt-hole  clearances,  this 
may  be  enough  to  cause  abrasion  of  the  seating  surfaces  if  the  torsional  moment  is 
cyclic. 

Accordingly,  while  pressure-energized  gaskets  may  provide  a  desirable  safety 
margin  against  leakage  for  internal  pressure  loading,  where  external  loads  may  occur 
the  flanges,  bolts,  and  initial  bolt  load  should  be  designed  independent  of  the  pressure- 
energization  capability  of  the  gasket. 

(5)  Full-Face  Gaskets 

A  bolted-flange  connection  with  a  full-face  gasket,  as  illustrated  in  Figure  33,  is 
often  used.  Despite  many  years  of  use,  a  generally  accepted  design  method  for  flanged 
connections  with  full-face  gaskets  has  not  been  achieved;  part  of  the  problem  lies  in  the 
statically  indeterminate  ratio  of  gasket  loading  inside  the  bolt  circle  to  loading  outside 
the  bolt  circle.  The  design  with  full-face  gasket  has  the  advantage  that  stresses  are 
lower  than  for  the  corresponding  flange  with  an  "inside  gasket".  The  disadvantages  are 
that  a  flanged  connection  with  full-face  gasket  has  less  tolerance  against  thermal  gradi¬ 
ents  and  there  is  a  much  greater  tendency  for  the  load  on  the  gasket  to  be  concentrated 
at  the  bolt  holes  and  on  the  portion  of  the  gasket  outside  the  bolt  circle.  (The  inner  part 
of  the  gasket  must  be  adequately  loaded  to  prevent  leakage  through  the  bolt  holes. )  For 
this  reason,  flanged  connections  using  full-face  gaskets  generally  require  higher  bolt 
loads  than  comparable  connections  using  inside  gaskets.  In  commercial  pipeline  prac¬ 
tice,  connections  with  full-face  gaskets  are  widely  used  for  mild  service  conditions 
(e.g.  ,  water-  or  gas-distribution  lines  at  or  near  atmospheric  temperature)  but  seldom 
used  for  severe  service  conditions  involving  either  high  (above  450  F)  or  low  (cryogenic) 
temperatures  or  high  (above  300  psi)  pressures. 


Bolting  Dimensional  Details.  Table  14  gives  pertinent  details  on  bolting  suitable 
for  bolted-flanged  connections  designed  for  minimum  weight.  It  is  desirable  to  locate 
the  bolts  as  close  to  the  tube  wall  as  possible,  consistent  with  required  flexibility  for 
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Flange  Bore 


1.  Elastomeric  0  -  ring 

2.  Octagonal  ring  joint  (ASA  BI6.5) 

3.  Lens  ring 

4.  Bellows  gasket 

5.  Aerospace -type  bellows  gasket 


FIGURE  32.  EXAMPLES  OF  PRESSURE-ENERGIZED  GASKETS 


FIGURE  33.  BOLTED- FLANGED  CONNECTION  WITH  FULL-FACE  GASKET 
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handling  thermal  gradients.  The  bolting  listed  in  Table  14  requires  a  minimum  of  radial 
clearance  between  bolts  and  flange  hub  or  stub-end  wall.  Socket-head  cap  screws  are 
suggested  in  small  sizes,  NAS  624  through  636  external  wrenching  bolts  in  larger  sizes. 
NAS-type  bolts  are  suggested  for  the  larger  sizes  since  standard  socket-head  cap  screws 
may  have  inadequate  bearing  areas  for  these  sizes.  The  radial  and  between-bolts  mini¬ 
mum  clearances  shown  in  Table  14  are  based  on  allowances  for  fillets,  use  of  standard 
socket  wrenches,  and  for  minimum  space  between  bolts  the  rule  of  thumb  that  the  liga¬ 
ment  between  bolt  holes  should  be  at  least  equal  to  the  bolt-hole  diameter. 


TABLE  14.  BOLTING  DIMENSIONS 


Nominal 

Size(a) 

Threads 
per  Inch 

Root 

Area, 

AB1.  in.2 

Radial 
Clearance, 
Rr,  in. 

Minimum 

Space, 

Rs.  in. 

Hole 
Size, 
dh.  in. 

Maximum 

Head 

Diameter, 

in. 

No.  5 

44 

0.00716 

0.132 

0.396 

0.141 

0.200 

No.  6 

40 

0.00874 

0.143 

0.429 

0.152 

0.221 

No.  8 

36 

0.01285 

0.165 

0.495 

0.180 

0. 265 

No.  10 

32 

0.0175 

0.186 

0.558 

0.209 

0.306 

No.  12 

28 

0.0226 

0.202 

0.606 

0.240 

0.337 

1/4" 

28 

0.0326 

0.259 

0.657 

0.281 

0.438 

5/16" 

24 

0.0524 

0.306 

0.796 

0.344 

0.531 

3/8" 

24 

0.0809 

0.365 

0.974 

0.406 

0.649 

7/16" 

20 

0.109 

0.415 

1.125 

0.469 

0.750 

1/2" 

20 

0.149 

0.464 

1.242 

0.532 

0.828 

9/16" 

18 

0.189 

0.519 

1.407 

0.594 

0.938 

5/8" 

18 

0.240 

0.575 

1.  575 

0.687 

1.050 

3/4" 

16 

0.351 

0.665 

1.845 

0.812 

1.230 

7/8" 

14 

0.480 

0.779 

2.157 

0.937 

1.438 

1" 

12 

0.625 

0.870 

2.437 

1.062 

1.620 

Typel 


Typell 


(a)  Sizes  No.  5  through  No.  12,  American  Standard  Socket  Head  Capscrews,  ASA  B18. 3-1954 


A-45602 


_  Maximum  head  diameter  Q 
R  ~  2 

Rs  =  3  rr 

Sizes  1/4"  through  1":  dimensionally  to  Material  Aircraft  Standards  NAS  624  through  636 

=  l/2(maximum  head  diameter)  +  0.040"  1/4”  through  7/16" 

l/2(maximum  head  diameter)  +  0.050”  1/2"  through  S/4" 

l/2(maximum  head  diameter)  +  0.060"  7/8"  and  1" 

Rs  =  1. 5  x  maximum  head  diameter. 

A  maximum  spacing  between  bolts  equal  to  2(dh  +  t)  is  suggested,  where  d^  is  the 
bolt-hole  diameter,  t  is  the  flange  thickness.  If  bolts  are  too  far  apart,  the  gasket  load 
will  be  concentrated  at  the  bolt  holes  with  possible  leakage  midway  between  bolts.  The 
maximum  bolt  spacing  is  also  a  function  of  gasket  characteristics.  Reinforcement  of 
the  flange  ring  by  the  hub,  in  Type  I  flanges,  or  distribution  of  the  load  by  the  stub  end, 
in  Type  II  flanges,  are  also  factors.  However,  present  knowledge  of  flange  behavior  is 
not  sufficient  to  accurately  predict  these  effects. 
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Bolting  shown  in  Table  14  may  either  be  used  with  nuts  or  the  bolts  may  be  studded 
into  tapped  holes  in  a  mating  flange.  The  studded  design  is  advantageous  from  the  stand¬ 
point  of  assembly  and  provides  a  slight  weight  reduction;  use  of  bolts  and  nuts  provides 
for  longer  bolt  bodies  and,  hence,  is  safer  against  loss  of  preload  and  permits  easier 
replacement  in  case  of  damaged  or  seized  threads.  This  is  a  particularly  important  con¬ 
sideration  if  disassembly  and  reassembly  are  required  after  service  at  high  temperature 
or  under  a  hard  vacuum,  since  thread  seizing  is  a  strong  possibility. 

Designing  for  Thermal  Gradients.  Data  on  temperature  gradients  in  bolted-flanged 
connections  are  quite  scarce.  References  (12)  and  (13)  give  some  experimental  data  on 
thermal  gradients  in  flanged  connections  during  start-up  conditions  in  steam  lines.  Ref¬ 
erences  (14)  and  (15)  discuss  methods  of  calculating  thermal  gradients  in  flanged  con¬ 
nections.  Another  potential  thermal  gradient  effect,  in  which  the  pipe  attached  to  the 
flange  is  at  a  different  average  temperature  than  the  flange  rings,  is  by  Dudley(^)  who 
gives  theoretical  methods  of  calculating  the  influence  of  this  gradient  on  flanged- 
connection  performance.  In  general,  where  service  conditions  are  such  that  the  maxi¬ 
mum  temperature  differences  between  parts  of  the  flanged-joint  connection  do  not  exceed 
about  100  F,  the  design  procedure  given  later  will  have  sufficient  reserve  margin  to  com¬ 
pensate  for  such  thermal  gradients.  When  maximum  thermal  gradients  may  be  higher 
than  100  F,  additional  checks  on  the  bolted-flanged- connection  performance  using  methods 
such  as  those  suggested  in  Appendix  I  and  Reference  17,  pp  62-63,  may  be  advisable. 

Designing  When  Creep  is  Significant.  Since  bolted-flanged  connections  are  highly 
strain  sensitive,  plastic  flow  as  a  function  of  time  (i.  e.  ,  creep  or  relaxation)  becomes 
a  dominant  factor  in  design  at  elevated  temperatures.  Where  the  temperature,  for  a 
given  material,  is  sufficiently  high  so  that  plastic  strain  due  to  creep  in  the  required 
service  lifetime  exceeds  about  10  per  cent  of  the  elastic  strain,  special  design  proce¬ 
dure  s5,<  should  be  used  to  include  the  effect  of  plastic  flow  as  a  function  of  time. 

Analysis  of  a  bolted-flanged  connection  under  creep  or  relaxation  conditions  pre¬ 
sents  formidable  difficulties  and  no  generally  accepted  design  method  under  such  condi¬ 
tions  is  available.  The  problem  of  the  relaxation  of  a  bolt  in  a  rigid  flange  has  been  con¬ 
sidered  by  several  investigator s(  18, 22),  ^  suggested  design  method  for  bolted-flanged 

connections  is  given  in  Appendix  II  and  Reference  17,  pp  64-69. 

Bolted-flanged  connections  for  high-temperature  service  involving  creep  may  be 
designed  in  conformance  with  the  ASME  Unfired  Pressure  Vessels  Code  (8)  using  allow¬ 
able  stresses  based  on  the  lower  of 

(1)  The  stress  to  produce  a  creep  rate  of  0.01  per  cent  per  1000  hours 

(2)  The  stress  to  produce  rupture  at  the  end  of  100,000  hours. 

Application  of  these  criteria  gives  fairly  low  design  stresses,  e.g.  ,  4000  psi  for 
6061-T6  aluminum  alloy  at  400  F;  750,  1000,  and  1500  psi  for  Types  304,  347,  and 
316  stainless  steels,  respectively,  at  1500  F.  As  applied  to  pressure-vessel  shells, 
these  allowable  stress  levels  are  intended  to  insure  service  life  of  100,000  hours.  When 
applied  to  bolted-flanged  connections,  however,  the  service  life  (without  retightening  of 
bolts)  becomes  more  difficult  to  define  since  a  small  plastic  strain  (e.g.  ,  0.  01  per  cent), 


•Sue,  for  example.  References  (17)  through  (22). 
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while  insignificant  with  respect  to  a  pres  sure -vessel  shell,  may  be  sufficient  to  reduce 
the  bolt  load  in  a  bolted-flanged  connection  by  a  substantial  amount. 

In  many  aerospace  applications,  relatively  short  service  life  is  required,  perhaps 
1/2  hour  being  ample.  In  such  applications,  direct  use  of  the  ASME  Code  design  method 
may  result  in  unnecessarily  heavy  bolted-flanged  connections,  hence  a  design  based  on  one 
of  the  referenced  methods  is  advisable. 


Design  Procedure 


The  design  procedure  given  herein  is  essentially  a  procedure  for 

(1)  Calculating  the  required  bolt  load  and  bolt  area  for  a  bolted-flanged 
connection 

(2)  Calculating  the  stresses  produced  on  a  dimensionally  established 
flange  when  loaded  by  the  bolt  load  and  a  given  internal  pressure. 

After  estimating  the  required  bolt  load,  the  next  step  is  to  calculate  the  stresses 
in  a  dimensionally  established  flange;  flange  dimensions  may  then  be  changed  (if  neces¬ 
sary)  until  (1)  a  flange  of  adequate  strength  is  obtained,  as  indicated  by  calculated 
stresses  being  less  than  allowable  stresses,  and  (2)  a  flange  of  minimum  weight  is  ob¬ 
tained,  as  indicated  by  calculated  stresses  being  close  to  the  allowable  stresses. 

A  method  is  presented  for  calculating  the  required  bolt  load  and  bolt  area,  and  for 
making  a  preliminary  estimate  of  flange  dimensions.  In  addition,  a  step-by-step  proce¬ 
dure  is  given  for  making  detailed  stress  calculations  of  the  flanges  established  in  the 
preliminary  estimate.  The  design  procedure  is  summarized  in  Tables  15  and  16,  which 
are  discussed  in  the  following  sections. 


Type  I  Flanges.  As  an  example,  assume  that  a  bolted-flanged  connection  is  to  be 
designed  for  a  2.  00-in.  -OD  tube  with  a  wall  thickness  of  0.  020  in.  The  tube  material  is 
to  be  AM-350  with  150,000-psi  yield  strength,  200,000-psi  ultimate  tensile  strength. 

The  endurance  strength  of  the  tube  material  is  to  be  taken  as  90,000  psi.  Maximum 
operating  pressure  is  to  be  2000  psi  at  600  F  maximum  operating  temperature.  Test 
pressure  is  to  be  3000  psi.  The  external  loads  are  not  known. 

A  Type  I  bolted-flanged  connection  is  to  be  used,  with  both  flanges  and  bolting  made 
of  AM-355  material.  The  gasket  is  to  be  silver-plated  stainless  steel,  using  a  double¬ 
groove  facing  as  shown  in  Figure  31.  An  internal  socket-type  brazed  joint  is  to  be  used 
between  the  flange  and  the  tube.  Using  the  suggested  allowable  stresses  from  Table  13 
and  the  gasket  parameters  from  Table  13,  the  "Initial  Data"  section  of  Table  15  can  be 
filled  in.  Note  that  gQ  is  the  combined  socket-plus -tube  thickness  (see  Figure  28). 

(1)  Calculation  of  Equivalent  Internal  Pressure,  Pg 


Where  the  external  moment  is  known,  a  value  of  the  equivalent  internal  pressure, 
Pg,  can  be  calculated  such  that  it  produces  an  axial  stress  in  the  tubing  equal  to  the 
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TABLE  15.  BOLTING  AND  PRELIMINARY  DIMENSIONAL  ESTIMATE  SHEET  - 
TYPE  I  FLANGE 


Initial  Data 


Outside  diameter 
Wall  thickness 
Section  modules 
Material: 


Tube 
=  D 

=  h 


=  z 


2.  000  in. 

0.  020  in. 

0.  0610  in.  3 


AM-350 


Endurance  strength  =  Ste  90,000  psi 


Gasket  material 
Flange  material 
Bolt  material 

S 


fys 


sys 


=  150,000  psi 
Silver-Plated  St.  St 
AM-355 
AM-355 
=  150,000  psi 


Sbys  =  150>00(:)  Psi 

Max  operating  pressure  P  =  2000  psi 


Max  operating  temp 
Test  pressure 
g0g.  =  0.  060  in. 


Rr.  = 


G  “ 


in. 


M, 


Sq  =  30,000  psi 
Sfa  =  100, 000  psi 
Sba=  75,000  psi 


600  F 
Pg  =  3000  psi 
B  =  1.  960  in. 
Bs=  -  in. 
in-lb  (if  known) 
m  =  3 

Sft  =  73,000  psi 
Sbt  =  54, 000  psi 


(1)  Calculation  of  P 


B 


(a)  External  moment  known: 


(b)  External  moment  unknown; 


Pg  =  smaller  of  Pg}  or  Pg2 


PB  = 


B 1  = 


4Me  tt 
zt  D 

4Ste  h 
3D 


=  --  psi 


=  1200(a)  psi 


B2 


240(D+3)3  tt 
zt  D 


=  4918  psi 


(2)  Calculation  of  Ws 

Type  I:  Wg  =  B2  P£  =  12,293  psi  Pg  =  P  +  Pg  =  3200  psi 
Type  II:  Ws  =  Bg2  Pg  =  --  psi 


(3)  Calculation  of  Ag 


A„  Sp 

ARr  =  7  =  0.145  in.  2 

BG  Sba 


Wc  +  m  P  Ar 

A  =  - - .  =  0.  268<a)  in.  2 

BS  sbt 


w  =  0.  0538  in. 

G  =  2.  141  in. 

Aq  ~  7T  w  G  =  0.  362  in.  2 


Prp  +  P 


W, 


(PT 


\  PE 


s) 


*f*  m  P 


BT  o.  75  Sbys 

Ag  =  largest  of  AgQ,  Agg,  or  Ag-j. 


=  0.  172  in.  2 
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TABLE  15.  (Continued) 


(4)  Tentatively  Select  Bolting 

From  Table  7,  select  number  N  and  size  of  bolts  so  that  (N)(Agi)  is  equal  to  or 
larger  than  Ag 

Size ,  in.  AB1,  in.  2  N(b)  =  Ag/Agj  dh,  in.  RR,  in.  Rs,  in.  £  7rc(c)/N,  in. 
1/4  0.03Z6  8.2  -  9  0.281  0.259  0.657  1.0325 


(5)  Calculation  of  C  and  A 


Type  I:  C  j  =  B  +  2(g  :  +  RR)  =  2.  958<a)  in. 
Cg  =  G  +  w  +  dg  =  2.  550  in. 


gj  =  smaller  of: 
4g0  =  0.  24o(a)  in. 


Type  II:  Cl  =  Bs  +  2(gs  +  Rq  +  dh)  =  --  in. 


+  g0=  °-  289  in. 


Cp  =  G  +  w  +  dg 


C  =  larger  of  Cj  or  Cp 
A  =  C  +  Zdg  =  3.  520  in. 


(6)  Estimate  of  t 


2  fK  BG  Y  bG  Sba 


=  0.  187  in.  h  =  C  ~  G  =  0,  409  in. 
Cj  z 


2  //'ABS  Y  ^  5bt 

3  V  B  Sft 


=  0.  253(a)  in. 


K  =  —  =  1.  796 
B 


Y  =  3.  487  from  Figure  34 


2  /ABT  Y  ^  Sbt 


ET  "  3  \  0.  9B  S, 


=  -0.  149  in.  t  =  largest  of  t^Q,  tRg,  tET 


^  +  « 


(7)  Check  Maximum  Space  Between  Bolts 

)  If  space  between  bolts  is  satisfactory,  proceed  to 

stress  calculations,  if  not: 


1.  0325  =  1.  068 


return  to  Step  (4)  and  reselect  number  and  size 
of  bolts 

(8)  Estimate  Hub  Length  (Type  I  Flanges) 


h  =  1.  5  y  Bg0  =  0.  514  in. 


(a)  Lowe:  value  is  controlling  factor. 

(b)  Guide:  N  *  about  2  or  3D  (inches)  but  not  less  than  4. 


(c)  Check  after  C  is  obtained. 


TABLE  16.  STRESS-CALCULATION  SHEET  -  TYPE  I  FLANGES 


P  2,000  PT  3,000 

PB  1,200  P£  3,200 

SG  30,000  m3  Aq  0.  362 


Sfa  100,000  Sft  73,000 

Sfys  150,000 
Unit  Stress  Calculations: 


A 

3.  520 

B 

1.  960 

A/B 

=  K 

1.  796 

. 

from 

3.  832 

Figure  13 

3.  487 

I 

For  K 

1.899 

0 

1.586 

Sq 

0.060 

81 

0.  240 

Sl^o 

4.  000 

h 

0.514 

0.343 

1.500 

F 

from 

0.585 

V 

■  Figures  14 

0.040 

f 

'  and  15 

1.000 

FA/B^  =  ai 

1.  706 

Ug0 VWV  «  a2 

0. 118 

t 

0.  253 

0.  258 

t  +  1  *  a3 

1.432 

1.440 

a3  It  n  a4 

0.903 

0.908 

t3/a2  a  as 

0.  137 

0.  145 

a4  +  as  ■  a8 

1.040 

1.053 

f/a6gi2B  a  ffi 

8.518 

8.407 

4/3  t  aj  +  1  »  a7 

1.575 

1.587 

a7/a8t2B  ■  a 2 

12.087 

11.534 

Y/t2B  «  a8 

27.807 

26.700 

a8  “  zaZ  "  a  3 

4.854 

4.800 

ac 

12.087 

11.534 

(crc  =  largest  of:  a 2,  cT3 

,  2/3  <Jlt 

(?l  +  ff2 

2  ' 

Moment  Calculations: 

C 

2.958 

G 

2.  141 

(C  -G)^*^ 

0.409 

(C  -  B  -  g0)/2  =  hjQ 

0.  469 

AGS6hG  "  mG 

4442 

0.  785  G2PEh0  =  a9 

5400 

mPAGhG  =  a10 

888 

a9  +  a10  =  Ms 

6288 

a9(PT  +  PB)/PE  =  a4 

7088 

ai0PT/P" 

1332 

all  +  a12  =  MT 

8420 

Stress  Calculations: 

^  £Sfa> 

53,690 

51,234 

tfcMc£s£t)  76,003  72,525 

ctcMt  {$  gSfyB)  101,772  97,116 
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maximum  axial  stress  produced  in  the  tubing  by  the  bending  moment.  This  is  a  con¬ 
servative  approach,  since  the  maximum  tensile  stress  produced  by  bending  occurs  at 
only  one  point. 

When  the  external  moment  is  not  known  an  estimate  of  its  value,  in  terms  of  Pg, 
is  obtained  by  the  equations  for  Pg^  and  Pgg.  Pgj  is  an  upper  limit  based  on  the  fatigue 
strength  of  the  attached  tubing  while  Pg2  is  an  upper  limit  based  on  pipeline  practice  and 
represents,  to  some  extent,  an  upper  limit  that  can  be  withstood  by  typical  equipment 
attached  to  the  piping  (e.g.  ,  pumps,  compressors,  valves,  pressure  vessels). 

In  the  example,  Pg^  is  the  controlling  value  and  Pg  is  calculated  to  be  1200  psi. 


(2)  Calculation  of  Total  Load,  Ws 


The  external  moment  and  the  internal  pressure  both  give  forces  tending  to  sepa¬ 
rate  the  connection  components,  the  total  of  which  is  Ws.  The  pressure  will  act  on  an 

7T  p 

area  approximately  equal  to  —  G  ;  however,  since  G  is  unknown  it  is  taken  as  1.  125  B, 
and  Ws  =  ^  (1.  125  B)2  P£  =  B2P£. 

In  the  example,  the  equivalent  design  pressure,  Pg,  is  3200  psi  and  the  corre¬ 
sponding  Ws  is  12,293  lb. 

(3)  Calculation  of  Bolt  Area,  Ag 


The  value  of  Ws  is  used  in  establishing  a  minimum  required  bolt  area.  The  bolt 
area  must  be  sufficient  for  the  most  severe  of  these  design  conditions: 

(a)  The  bolts  must  be  sufficient  to  seat  the  gasket,  i.  e.  ,  to  force  the 
flange  seating  surfaces  into  intimate  contact  with  the  gasket  seating 
surfaces.  This  process  is  accomplished  in  initial  tightening  of  the 
bolts,  assumed  to  be  done  at  atmospheric  temperature,  hence  the 
load  is  divided  by  the  allowable  stress  of  the  bolt  material  at  atmos¬ 
pheric  temperature. 

(b)  The  bolts  must  be  sufficient  to  withstand  the  end  force  represented 
by  Wg,  plus  an  additional  margin  represented  by  the  quantity  hiPAq. 

These  loads  occur  at  the  operating  temperature;  hence,  the  load  is 
divided  by  the  allowable  stress  of  the  bolt  material  at  maximum 
operating  temperature. 

(c)  The  bolts  must  be  sufficient  to  withstand  the  loads  imposed  under 

test  conditions,  assumed  to  be  carried  out -at  atmospheric  temperature. 

This  design  condition  may  control  if  the  test  pressure  is  greater  than 

1.5  P. 

The  three  design  conditions  are  represented  by  the  bolt  areas  AgQ,  Agg,  and  Agg, 
respectively.  The  largest  of  these  areas  must  be  used  in  the  design. 
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In  order  to  calculate  the  bolt  areas,  it  is  necessary  to  select  a  gasket  width,  w, 
and  mean  gasket  diameter,  G.  A  guide  to  selection  of  gasket  width  is  given  by  Fig¬ 
ure  30;  this  width,  in  combination  with  desired  facing  details,  gives  Dimension  G. 

In  the  example,  the  gasket  width  from  Figure  30  is  0.  0538  in.  A  facing  detail 
sketch  is  shown  on  Figure  37,  from  which  G  =  2.  141  in.  The  controlling  bolt  area,  Ap>q, 
is  0.  268  in.  2. 


(4)  Tentative  Bolting  Selection 


Having  computed  the  required  bolt  area,  a  combination  of  size  and  number  of  bolts 
may  be  selected  from  Table  14  so  that  the  required  bolt  area  is  obtained.  Within  the 
range  of  bolt  spacing  suggested  herein,  in  general,  there  will  be  considerable  latitude  in 
bolt  selection.  That  is,  either  a  large  number  of  small  bolts  or  a  small  number  of  large 
bolts  can  be  used.  Use  of  small  bolts  will  result  in  a  lighter  flange,  because  of  reduction 
in  radial  dimensions  of  the  flange;  however,  this  should  be  balanced  against  the  longer 
assembly  time  required  for  installation  and  the  resulting  higher  cost.  The  general  trend 
in  aerospace  application  is  to  use  a  rather  large  number  of  small  bolts;  this  has  an  added 
advantage  of  greater  reliability  since  failure  of  one  bolt  will  be  of  less  significance. 

The  bolting  selected  must  meet  these  criteria: 

(a)  Area  must  be  equal  to  or  greater  than  Ag. 

(b)  Spacing  must  be  sufficient  to  permit  wrench  application. 

(c)  Spacing  must  be  small  enough  to  prevent  excessive  bowing  of  the  flange 
between  bolts. 

Criterion  1  is  satisfied  directly  as  shown  in  Table  15.  Criteria  (b)  and  (c)  are 
checked  as  the  bolt  circle  and  flange  thickness  are  developed  in  subsequent  steps.  In  the 
example,  nine  l/4-in.  bolts  are  tentatively  selected.  Spacing  will  be  checked  after  ob¬ 
taining  the  bolt-circle  diameter,  C,  and  the  flange-thickness  estimate,  t. 

(5)  Calculation  of  Bolt  Circle,  C,  and  Flange  OD,  A 


The  bolt  circle,  Cj,  for  Type  I  flanges  is  such  as  to  provide  sufficient  clearance 
between  bolts  and  flange  or  stub  end  hub.  For  Type  II  flanges,  Cj  is  established  to  pro¬ 
vide  a  ligament  inside  the  bolt  holes  equal  to  the  hole  diameter.  The  bolt  circle,  C^,  is 
such  as  to  insure  that  the  bolts  do  not  intrude  on  the  gasket. 

The  flange  outside  diameter,  A,  is  established  to  provide  a  ligament  outside  the 
bolt  holes  equal  to  one-half  the  hole  diameter.  In  the  example,  the  bolt  circle,  Cj,  is 
,  onLroil  ing.  Having  a  value  of  C,  the  minimum  bolt  spacing  check  can  be  made  and  is 
satisfied  since  Rs  is  less  thanTfC/N. 
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(6)  Estimate  of  Flange  Thickness,t 


For  Type  I  flanges,  an  estimate  of  flange  thickness  is  necessary.  As  in  establish¬ 
ing  bolt  areas,  three  design  conditions  are  considered,  resulting  in  thicknesses  tgQ, 
tgg,  and  t^rp ,  the  largest  of  these  being  taken  as  the  estimated  flange  thickness.  The 
estimate  is  based  on  an  approximation  that  the  thickness  of  a  Type  I  flange  will  be  about 
2/3  of  the  computed  thickness  of  a  Type  II  flange.  The  thickness  of  a  Type  II  flange  can 
be  computed  directly  from  the  equation 


where 

Y  is  a  factor  obtained  from  Figure  34 
M  is  the  applied  moment 
B  is  the  flange  inside  diameter 
S£  is  the  flange  material  allowable  stress. 
In  the  example,  the  largest  flange  thickness  is  tgg  =  0.  253  in. 


(7)  Check  of  Maximum  Bolt  Spacing 


Having  obtained  a  value  of  t,  it  is  possible  to  check  the  maximum  spacing.  The 
equation  given  is  a  generally  conservative  rule  of  thumb  for  a  very  complex  problem  in 
which  other  factors  such  as  gasket  characteristics  and  hub  stiffness  are  involved. 

In  the  example,  the  selection  of  bolting  meets  the  criterion  since  2(d^  +  t)  is  larger 
than  ttC  /N. 


(8)  Estimate  of  Hub  Length 


In  the  preceding  steps,  values  for  all  flange  dimensions  have  been  estimated,  ex¬ 
cept  for  the  hub  length,  h.  In  the  example,  a  hub  length  of  0.  514  in.  is  obtained. 


(9)  Stress  Calculation 


Having  calculated  the  required  bolting  and  obtained  estimates  of  all  dimensions  in 
the  preceding  steps,  the  values  so  obtained  may  now  be  used  in  the  stress-calculation 
sheet,  Table  16.  The  equations  used  for  stress  calculations  are  based  upon  an  elastic 
stress-analysis  method  developed  by  Waters,  etal.(9)  Stresses,  per  unit  applied 
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moment,  <7j,  and  erg,  at  three  critical  locations  in  the  flange  are  computed.  The 
stress  cfj  is  a  bending  stress  in  the  flange  hub  and  is  allowed  to  be  1.5  times  the  flange 

<Ti  +oz  (j  i  +  cr  3 

material  allowable  stress,  provided  cr 2  and  &3  are  such  that - -  and  are  both 

less  than  the  flange  material  allowable  stress. 

The  stress-calculation  parameters"''  T,  U,  Y,  and  Z  are  given  by  Figure  34. 
Parameters  F,  V,  and  f  are  given  by  Figures  35  and  36.  These  parameters  were  devel¬ 
oped  by  Waters,  et  al.  (9) 

The  moment  calculations  are  quire  similar  to  the  moment  calculations  given  by  the 
ASME  Code.  (®)  Three  moments  are  calculated  corresponding  to  the  three  design  condi¬ 
tions  discussed  above,  i.  e.  ,  (1)  Mq  for  seating  the  gasket  at  initial  bolt-up,  (2)  Mg  for 
operating  conditions,  and  (3)  Mp  for  test  conditions. 

The  stresses  are  obtained  by  multiplying  the  controlling  flange  unit  stress,  qc,  by 
the  moments  Mq,  Mg,  and  Mp.  The  stresses  are  then  compared  with  the  appropriate 
allowable  stress,  Sfa  for  ctcMq,  S£t  for  (7cMg  and  90  per  cent  of  S|yS  for  crcMp. 

If  the  computed  flange  stress  is  greater  than  the  allowable  stress,  a  change  in 
dimensions  is  required.  Unfortunately,  explicit  relations  between  the  dimensional  vari¬ 
ables  and  the  stresses  do  not  exist.  Generally,  a  slight  increase  in  flange  thickness  will 
adequately  reduce  the  stresses;  however,  in  some  designs,  it  may  be  better  to  change 
hub  dimensions.  If  the  computed  stress  is  below  the  allowable  stress,  flange  dimensions 
may  be  reduced  to  obtain  minimum  weight. 

In  the  example,  the  estimated  thickness  resulted  in  a  stress,  crcMg,  greater  than 
the  allowable  stress,  S^.  By  increasing  the  flange  thickness,  t,  to  0.  258  inch,  the  cal¬ 
culated  stresses  are  reduced  to  acceptable  values.  The  resulting  flange  is  shown  in 
Figure  37. 


Type  II  Flanges.  The  design  procedure  for  Type  II  flanges  is  much  simpler  than 
for  Type  I  flanges,  since  the  controlling  flange  stress  is  given  explicitly  by  equation 


rr  = 


t2B 

The  gasket,  bolting,  and  flange  OD  can  be  established  using  the  same  procedure  as 
discussed  above  for  Type  I  flanges.  The  inside  diameter  of  the  flange  ring  is  larger  than 
the  base  of  the  stub  end,  i.  e.  , 

B  =  Bs  +  2  (gs  +  Rg)  . 

The  radial  clearance,  Rq,  between  the  flange  and  stub  end  can  be  estimated  by 

R„  =  0.  020  +  0.  0025  D. 

o 

The  outside  diameter  of  the  stub  end,  Ag,  must  be  large  enough  to  provide  suffi¬ 
cient  flange/stub  end  bearing  area,  i.  e.  , 


*  Tin c  p.H.iimUT-  do  nm  represent  piiyoo.il  Jiimii'ioii' .  Kaliicr  liny  ,m  dimon  ioiiM- doim  variable; 


1.04  106  1.081,1 


1.2 


K  = 

FIGURE  34.  VALUES  OF  T, 


F rom  Refe 


(9). 


CNI 


FIGURE  35.  VALUES  OF  F  AND  V  FOR  AN  INTEGRAL  FLANGE 


From  Reference  (9). 


FIGURE  36.  VALUES  OF  STRESS-CORRECTION  FACTOR 
From  Reference  (9). 
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FIGURE  37.  TYPE  I  FLANGE  DESIGNED  IN  EXAMPLE 


Figure  38  indicates  the  moment  calculations  and  thickness  calculations  for  Type  II 
flanges.  The  moment  calculations  are  to  be  completed  first,  after  which  the  required 
flange  thickness  can  be  computed.  The  maximum  bolt  spacing  (Table  17)  can  be  made 
after  obtaining  the  required  flange  thickness  from  the  computations  shown  in  Figure  38. 

Stub  ends  of  the  type  shown  in  Figure  39a  do  not  require  a  detailed  stress  check 
since  the  gasket  prevents  the  lap  from  rotating  and  the  dimensions  are  such  as  to  provide 
ample  shear  and  bearing  area.  The  required  gasket  seating  stress  and/or  the  stress  ob¬ 
tained  by  multiplying  the  gasket  factor,  m,  by  the  operating  pressure,  P,  usually  must 
be  less  than  the  allowable  bolt  stress  in  order  to  use  a  stub  end  with  gasket  over  the 
entire  face  (Figure  39a)  and  at  the  same  time  meet  the  requirement  that  the  bearing  area 
between  stub  end  and  ring  flange  be  equal  to  the  bolt  area.  Where  the  gasket  material- 
bolt  material  combination  is  such  that  a  full-face  gasket  cannot  be  used,  a  local  gasket 
can  be  used  as  shown  in  Figure  39b.  Where  used  with  a  localized  gasket,  permitting  the 
stub-end  lap  to  rotate,  the  stub  end  should  be  designed  as  a  Type  I  flange,  as  indicated 
by  Figure  39b. 

Manufacturing  and  Assembly  Comments.  Upon  completion  of  the  design  of  a  bolted- 
flanged  connection,  there  remains  the  task  of  insuring  that  the  component  parts  are  prop¬ 
erly  manufactured,  handled,  and  assembled  in  accordance  with  the  design  assumptions. 
Several  aspects  of  these  problems  are  discussed  in  the  following  paragraphs, 

(1)  Manufacturing  Specifications 

Materials  for  the  various  components,  and  their  heat  treatment,  should  be  care¬ 
fully  specified  to  insure  that  the  materials  actually  used  have  at  least  the  physical  prop¬ 
erties  assumed  in  the  design.  It  should  be  noted  that  some  flange  sections  may  become 
relatively  thick;  physical  properties  obtained  on  thin  sheets  may  not  adequately  represent 
the  properties  of  the  material  as  used  in  flanges.  Materials  should  be  of  high  quality, 
free  of  cracks,  flaws,  or  inclusions. 

For  most  dimensions,  tolerances  can  be  quite  liberal.  Exceptions  are 

(1)  Bolt-hole  spacing  -  where  bolt-hole  clearance  is  small,  bolt  holes  must 
be  spaced  within  close  tolerances. 

(2)  Flange-facing  surface  for  metal  gaskets  -  surfaces  should  be  carefully 
machined  to  obtain  the  desired  surface  finish  and  also  so  that  the  facing 
lies  in  a  single  plane.  The  later  is  seldom  a  problem,  except  in  light 
flanges  where  lathe  chucking  with  excessive  forces  may  distort  the 
flanges. 

(3)  Metal-gasket  thickness  -  while  the  average  thickness  is  not  too  im¬ 
portant,  variation  in  thickness  in  a  given  gasket  should  be  small.  For 
example,  a  metal-gasket  thickness  might  be  specified  as  0.  020  ± 

0.  002  inch,  provided  the  thickness  in  any  one  gasket  does  not  vary  by 
more  than  ±0.  0001  inch. 


93 


Type  n  Flanges 


Moment  Calculations 

As 

R 

(As  *  Bl/T-X 
(C-X)/2  =  h6 
(C-B)/2  =  h0 
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Gasket  over  entire  face 


For  stub  end  material  equal  to  or  stronger  than 
tube  material.  If  stub  end  material  is  weaker  than 
tube  material,  adjust  dimensions  upward  proportionately. 


As  should  be  such  that  bearing  area  is  equal  to  or  larger  than  the  total  bolt  area,  A0; 
adjusted  proportionately  upward  if  bolt  material  is  stronger  than  stub  end  or  flange  material. 

a.  Stub  End  Not  Requiring  Stress  Check 


G 


Use  Stress  Calculation  Sheet,  Table  17, 
with  g|=90=9s  h=\/Bgs,  otherwise 

design  as  tapered  hub  flange. 

Moment  arms  h^  and  h^  as  shown. 
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b.  Moment  Arm  and  Hub  Definitions  for  Checking  Stresses  in 
Stub  Ends  Using  Table  17  Stress-Calculation  Sheet 


FIGURE  39.  CONDITIONS  FOR  DESIGNING  STUB  END  TYPE  II  FLANGES 


(4)  Threading  on  bolting  -  a  high-quality  threading  specification  is  desir¬ 
able  for  bolts,  nuts,  and  tapped  holes,  in  part  for  strength  assurance 
but  also  to  obtain  consistent  torque-axial  load  relations 

(5)  Attachment  of  flanges  or  stub  end  to  tube  -  close  diameter  tolerances 
may  be  required  for  butt  welding  thin-wall  tubing  or  for  a  brazed  joint. 

Where  both  flanges  of  a  joint  are  Type  I,  it  is  necessary  to  carefully  specify  bolt¬ 
hole  position,  particularly  if  tubing  subassemblies  are  used.  Pipeline  flange  practice  is 
based  on  bolt  holes  in  multiples  of  four,  with  bolt  holes  straddling  center  lines  of  equip¬ 
ment.  Similar  practice  can  be  considered  in  special  flange  design,  provided  weight 
penalty  is  not  excessive.  Use  of  a  Type  II  flange  for  one  of  the  two  mating  flanges  elimi¬ 
nates  this  problem. 

Gasket  seating  surfaces,  particularly  for  metal  gaskets,  should  be  protected  dur¬ 
ing  handling  and  shipment.  A  wood  or  fiber-board  disk,  covering  the  flange  faces  and 
wired  to  the  bolt  holes,  is  often  used  for  this  purpose.  For  thin-walled  hubs,  where 
tolerances  for  tube  attachment  must  be  maintained,  a  temporary  plug  or  cap  on  the  hub 
end  may  be  desirable.  Bolting  and  gaskets  should  be  well  packed  to  prevent  damage  in 
handling. 


(2)  Assembly  Precautions 


Flange  facing  should  be  perpendicular  to  the  axis  of  the  pipe.  In  some  types  of 
joints  this  requires  that  the  end  of  the  tube  be  cut  square  with  the  tube  axis.  The  joining 
method  (welding,  brazing,  etc.)  should  not  cause  distortion  of  the  flange  seating  surface. 
In  case  of  doubt,  the  facing  should  be  checked  with  a  face  plate  after  the  joint  is 
completed. 

For  flanged  connections  it  is  desirable  that  the  bolt  load  be  controlled  by  use  of  a 
torque  wrench  in  tightening  the  bolts.  Considerable  data  is  available (24-26)  on  relation¬ 
ship  between  torque  and  axial  load  in  bolts.  Since  these  relationships  depend  upon  bolt¬ 
ing  material,  thread  class,  surface  finishes,  and  lubricant,  in  some  cases  it  maybe  de¬ 
sirable  to  check  this  relationship  with  the  particular  combination  of  bolting,  surfaces, 
and  lubricant  to  be  used  in  the  flange  assembly. 

To  facilitate  proper  assembly,  whether  with  a  nut  and  bolt  or  a  stud  and  nut  ar¬ 
rangement,  it  is  necessary  to  clean  the  threads  and  to  be  sure  that  the  nuts  do  not  bind 
when  assembled.  Flange  seating  surfaces  and  gasket  should  be  checked  for  cleanliness. 
The  gasket  should  be  carefully  placed  in  position,  all  bolts  inserted  and  tightened  finger- 
tight.  Bolts  should  then  be  sequence  tightened  as  indicated  in  Figure  40.  It  is  desirable 
to  recheck  the  bolt  torque  after  a  period  of  24  to  48  hours  and,  if  possible,  after  a  short 
period  of  operation  under  service  conditions.  For  bolted-flanged  connections  designed 
in  accordance  with  the  design  procedure  described  above,  bolts  should  be  tightened  to 
produce  a  stress  equal  to  85  per  cent  of  the  yield  strength  of  the  bolt  material. 

Misalignment  of  the  tubing  system  may  be  apparent  during  assembly  of  a  tie-in 
flanged  connection*.  It  is  not  practical  to  put  any  general  dimensional  limits  on 

•Fabricatois  may  ease  the  problem  of  making  up  to  the  joint  by  loosening  clamps  at  anchors.  This,  of  course,  does  not  neces¬ 
sarily  reduce  the  misalignment  in  tire  system  after  the  clamps  are  retightened.  However,  In  some  cases,  anchor  clamps  may  be 
adjusted  to  reduce  misalignment. 
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Tightening  sequence  -  tighten  bolts  approximately  diametrically  across  from 
each  other 

First  round  -  about  ~  of  final  torque 
Second  round  -  about  +  of  final  torque 
Third  round  -  about  of  final  torque 
Fourth  and  subsequent  rounds  -  final  torque 

Continue  until  all  bolts  have  final  torque  on  recheck  A-45621 


FIGURE  40.  EXAMPLE  OF  BOLT-TIGHTENING  SEQUENCE 
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misalignment  since  the  effect  of  misalignment  on  the  flanged  connection  depends  greatly 
on  the  flexibility  of  the  tubing  system.  If,  however,  a  substantial  part  of  the  total  bolt 
load  is  required  just  to  bring  the  flange  faces  into  alignment,  the  design  basis  should  be 
examined  to  see  if  adequate  allowance  was  made  for  external  bending  moments. 


Computer  Use  for  Design  Optimization 


The  design  procedure  for  bolted  fittings  as  discussed  in  the  above  sections  was 
incorporated  into  a  digital  computer  program.  An  input  data  sheet,  source  card  listing, 
and  typical  output  sheets  are  given  in  Appendix  VI.  On  the  basis  of  tube  (or  pipe)  diam¬ 
eter  and  wall  thickness,  material  properties,  and  known  operational  requirements,  the 
Flanged  Connector  Design  computer  program  can  (1)  select  the  number  of  bolts, 

(2)  check  bolt  spacing  and  stresses,  and  (3)  optimize  the  flange  thickness  according  to 
stress  levels.  The  program  is  capable  of  designing  either  integral  or  ring-type  flanges 
with  metallic  or  nonmetallic  gaskets  for  various  types  of  flange  facings. 

As  discussed  in  "Proposed  Threaded- Fitting  Design",  the  major  advantage  of  a 
computer  lies  in  its  speed  and  accuracy.  It  is,  therefore,  pertinent  to  consider  the  time 
required  to  design  bolted  fittings  in  the  absence  of  a  high-speed  digital  computer  and  an 
appropriate  computer  program.  For  a  specific  example,  assume  that  the  designer  is  to 
establish  the  dimensions  for  a  bolted  fitting  of  the  type  shown  in  Figure  41.  He  will  be 
furnished  the  following  design  conditions: 

(1)  Maximum  and  minimum  operating  temperature  and  pressure 

(2)  Matching  tube  diameter,  wall  thickness,  and  material 

(3)  Thermal  gradients 

(4)  External  loadings  (bending,  axial,  and  torsional) 

(5)  Contained  fluid  or  fluids  . 


FIGURE  41.  ILLUSTRATION  OF  INDEPENDENT  DIMENSIONAL  VARIABLES 
IN  A  BOLTED  FITTING 
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From  the  above,  the  designer  may  select  suitable  materials  for  flanges,  bolts,  and 
the  seal  based  on  suitability  for  the  operating  temperatures,  compatibility  with  the 
fluids,  and  possibly  from  the  standpoint  of  weldability  or  brazeability  to  the  matching 
tube.  Having  selected  materials,  the  designer  may  choose  suitable  allowable  stresses 
for  the  flanges  and  bolts.  This  step  requires  the  selection  of  seven  independent  vari¬ 
ables.  In  other  words,  on  Figure  41  the  dimensions  t,  gj,  gQ,  h,  1,  A,  and  d^.  Having 
selected  these  dimensions,  the  designer  then  makes  four  types  of  calculations.  The 
times  required  to  complete  these  calculations,  using  a  desk  calculator  or  a  slide  rule, 
are  approximately  as  shown: 


Stress  calculations 

1  hour 

Displacement  calculations 

2  hours 

Preload  calculations 

2  hours 

Creep  design  calculations 

3  hours 

After  completing  from  5  to  8  hours'  work  (depending  upon  whether  creep  is  in¬ 
volved)  the  designer  will  know  whether  the  dimensions  he  has  selected  will  provide  a 
satisfactory  fitting.  This  will  be  shown  if  the  maximum  calculated  stresses  are  less 
than  the  pre-established  allowable  stresses,  or,  in  the  case  of  creep  design,  if  the  cal¬ 
culated  service  life  is  adequate.  If  the  fitting  meets  the  design  criteria  (and  after  some 
experience,  most  designers  can  readily  select  dimensions  so  that  the  criteria  are  met) 
the  question  arises  whether  the  fitting  is  of  minimum  weight.  That  is,  is  there  some 
other  combination  of  the  variables  t,  gj,  gQ,  h,  1,  A,  and  db  which  would  also  meet  the 
design  criteria  and  would  be  of  less  weight.  Unfortunately  there  are  no  established  ana¬ 
lytical  relationships  between  the  seven  independent  variables,  the  design  parameters, 
and  the  fitting  weight.  In  order  to  answer  the  question,  it  is  necessary  to  vary  each  of 
the  seven  variables  while  holding  the  other  six  constant.  Even  for  a  very  limited  in¬ 
vestigation  of  the  variable  ranges,  it  is  apparent  that  hundreds  of  calculations  are  in¬ 
volved,  each  of  which  requires  some  5  to  8  hours'  design  time.  (For  example,  if  only 
two  steps  are  used  for  each  variable,  128  calculations  are  needed. ) 

The  value  of  the  digital  computer  program  is  obvious  since  the  computation  time 
involved  could  be  reduced  from  hundreds  or  thousands  of  hours  to  a  few  hours.  With  the 
computer  program  as  now  written,  over  800  flanges  were  designed  in  an  actual  computer 
run  time  of  6.  6  minutes.  On  the  basis  of  the  above  time  estimates,  this  would  require 
approximately  4000  hours  using  a  desk  calculator  or  slide  rule. 

The  Flanged  Connector  Design  Computer  Program  as  now  written  is  based  on  the 
design  procedure  given  in  Tables  15  and  16  (and  Figure  38)  which  does  not  include  the 
creep  design  calculations,  and  on  the  basis  of  flat  annular  gaskets. 

Several  degrees  of  sophistication  in  a  computer  program  could  have  been  used.  At 
one  extreme,  a  program  which  would  be  an  extension  of  the  present  program  would  en¬ 
tail  feeding  into  the  computer  only  the  design  parameters  of  tube  size,  design  pressure 
and  temperature,  external  loads,  thermal  gradients,  and  material  properties.  The  pro¬ 
gram  would  then  automatically  perform  a  series  of  iterations  with  various  step  values 
of  the  independent  variables,  would  compute  and  compare  weights,  would  print  out  the 
values  of  the  independent  dimensional  variables  for  a  fitting  of  minimum  weight,  and 
would  give  the  fitting  weight.  While  technically  feasible,  preparation  of  such  a  program 
would  have  required  more  time  than  was  available  during  this  project. 
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The  present  program,  which  is  much  simpler,  was  developed  as  a  logical  first 
step.  Future  additions  to  the  present  program  can  be  easily  made  due  to  the  flexibility 
of  the  FORTRAN  programming  language.  The  output  of  the  present  computer  program 
consists  of  dimensions  and  volumes  based  on  a  particular  set  of  input  variables.  Inde¬ 
pendent  dimensional  variables  can  be  varied  in  incremental  steps  by  the  designer,  each 
step  reintroduced  into  the  computer  ,  and  successive  steps  varied  as  indicated  by  the  re¬ 
sults  of  the  previous  computations.  This  program,  through  repeated  application,  gives 
general  indications  of  the  relationships  between  the  independent  dimensional  variables, 
the  design  parameters,  fitting  volume,  and  the  optimum  flange  thickness  for  a  given 
fitting  design. 

For  3-  and  6-inch  pipe  flanges,  general  relationships  between  bolt  size  and  bolt 
circle  diameter,  flange  thickness  and  pressure  for  various  bolt  sizes,  and  flange  volume 
and  pressure  for  various  bolt  sizes,  are  given  in  Figures  42,  43,  and  44,  respectively. 

In  the  flange -connector  design  procedure  there  are  several  conditions  controlling 
the  bolt  size  and  number  of  bolts  required  for  a  particular -type  flange,  for  a  particular 
pressure  requirement.  One  of  the  most  interesting  results  from  the  computer  program 
is  that  for  a  particular  bolt  size  the  number  of  bolts  required  as  the  pressure  require¬ 
ment  is  increased  may  be  reduced.  This  is  shown  in  Table  17.  For  example,  notice 
that  for  a  1 /2-inch  bolt  at  250  psi  10  bolts  are  required.  As  the  pressure  is  increased 
to  2000  psi,  the  number  of  bolts  decreased  to  8,  and  then  increases  again  to  9  at 
5000  psi.  This  is  due  to  the  interrelationship  between  the  controlling  conditions  and  the 
fact  that  an  integer  number  of  bolts  must  be  specified. 

TABLE  17.  NUMBER  OF  BOLTS  REQUIRED  FOR  3-INCH  FLANGE 


Bolt 

Size 

Number  of  Bolts  Required  at  Indicated  Pressure 

250  psi 

500  psi 

1,000  psi 

1,500  psi 

2,000  psi 

5,000  psi 

10,000  psi 

No.  8 

19 

23 

-- 

-- 

-- 

-- 

-- 

No.  12 

14 

13 

18 

-- 

-- 

-- 

-- 

1/4  in. 

13 

12 

12 

15 

18 

-- 

-- 

1/2  in . 

10 

9 

9 

9 

8 

9 

-- 

3/4  in. 

8 

8 

7 

7 

7 

7 

9 

1  in. 

6 

6 

6 

6 

6 

6 

5 

Selected  Designs 


Dimensions  for  3-  and  6-inch  bolted  fittings  for  500,  1000,  and  1500  psi  are  shown 
in  Figures  45  through  50.  These  designs  were  determined  by  means  of  the  computer 
program  and  are  based  on  a  150,000-psi  yield  strength  for  AM-355  at  200  F,  with  a 
gasket  material  of  silver-plated  stainless  steel.  The  designs  utilize  the  minimum  ac¬ 
ceptable  bolt  size  on  a  bolt  circle  determined  by  wrench  clearances. 
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m..  \  HONSHU*  BETWEEN  FLANGE  THICKNESS  AN1) 
i.  H  RNAL  PRESSURE  FOR  VARIOUS  BOLT  SIKES 
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FIG 


4.54 


FIGURE  46.  3-IN.  BOLTED  FITTING,  1000  PSI,  200  F,  AM- 355 
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8  40”  D 


FIGURE  48.  6-IN.  BOLTED  FITTING,  500  PSI,  200  F,  AM-355 


Knurled  nuts 


The  volumes  for  each  pair  of  flanges  corresponding  to  Figures  45  through  50  are 
5.  07,  6.  41, 8>  05,  31.  24,  37.  89  and  45.  68  cu  in.  ,  respectively.  When  compared  to  stand¬ 
ard  carbon  steel  welding  neck  ASA  flanges  rated  for  equivalent  pressures  the  weight 
ratios*  corresponding  to  Figures  45  through  50  are  20.  8 ,  25.  6 ,  28.  6 ,  9.  5 ,  15.  2 ,  and 
16.  9,  respectively.  This  major  reduction  in  size  and  weight  is  achieved  by  (1)  use  of 
high-strength  materials  for  both  flanges  and  bolts;  (2)  use  of  the  proper  number  and  size 
of  bolts  as  required  for  specific  design  conditions;  (3)  use  of  socket-head  or  similar  bolts 
to  eliminate  or  reduce  wrench  clearance  between  nut  and  flange  hub. 

Although  the  selected  designs  represent  a  departure  from  standard  pipeline  prac¬ 
tices  in  many  ways,  other  elements  of  the  design  are  quite  similar  to  conventional  flange 
designs,  i.  e.  ,  raised  faces  and  tapered  hubs.  Raised  faces  partially  convert  the  flange 
rings  into  springs  which  can  compensate  for  temperature  gradients;  the  tapered  hub 
provides  maximum  reinforcement,  per  unit  weight,  to  the  flange  ring.  In  addition,  the 
tapered  hub  provides  a  gradual  transition  in  thickness  between  the  flange  rings  and  the 
attached  tube  for  optimum  fatigue  resistance  to  cyclic  bending  loads. 
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TUBE-TO-FITTING  DESIGN 


The  tube-to-fitting  connection  must  satisfy  two  major  requirements:  it  must  con¬ 
tain  the  fluid  with  no  leakage,  and  it  must  maintain  structural  integrity  throughout  the 
design  life  of  the  system.  The  structural  loads  which  the  tube -to-fitting  connection  must 
withstand  are  similar  to  many  loads  discussed  in  the  section  on  fitting-to-fitting  connec¬ 
tions  and  hence  will  not  be  discussed  here  in  detail.  The  other  design  parameters  will 
be  described. 

Design  Parameters 

Reliability 

Reliability  of  the  tube -to-fitting  connection  is  of  such  prime  importance  that  the 
method  chosen  by  which  this  connection  is  made  must  assure  repeatable  joint  integrity 
within  close  limits.  Ideally,  reproducibility  as  established  by  statistical  evaluation 
should  be  adequate  to  preclude  preliminary  tests.  However,  some  provision  for  visual 
inspection  is  desirable  to  guarantee  that  all  parts  are  assembled  in  their  correct  posi¬ 
tion. 

Weight 

A  permanent  connection  would  be  the  most  reliable  type  of  joint  and  would  result  in 
a  mechanical  fitting  of  least  weight.  This  is  especially  true  when  the  effects  of  the 
connection  on  the  tubing  wall  thickness  are  considered.  Because  the  tubing  may  consti¬ 
tute  as  much  as  90  per  cent  of  the  total  system  weight,  it  is  essential  that  its  wall  thick¬ 
ness  be  kept  as  low  as  possible.  If  the  tube-to-fitting  connection  is  not  a  permanent 
connection,  as  is  the  case  with  the  flareless  fitting,  additional  tubing  strength  must 
be  provided  at  the  point  of  connection  because  of  the  stresses  caused  by  the  clamping  of 
the  tubing  wall.  Practically  speaking,  this  can  be  done  only  by  increasing  the  wall 
thickness,  with  a  resulting  over-all  weight  increase. 


Assembly 

The  tube-to-fitting  connection  must  be  simple  to  enhance  its  reliability  and  it  must 
also  be  easily  assembled.  The  method  of  making  the  connection  must  therefore  be 
relatively  independent  of  tubing  tolerances,  surface  finishes,  surface  cleanliness,  and 
operator  skill.  If  this  is  not  possible,  a  suitable  technique  or  piece  of  equipment  must 
be  developed  which  will  satisfactorily  reduce  these  to  minor  considerations. 

Misalignment  of  the  tubing  within  the  system  must  be  compensated  for.  The  pro¬ 
gram  objectives  were  to  provide  a  fitting  which  would  tolerate  4°  included  angle  mis¬ 
alignment  for  fitting  sizes  up  to  and  including  4  in.  ;  1-1/2°  for  size  up  to  and  including 
6  in.;  and  1/2°  for  sizes  up  to  and  including  16  in.  An  axial  misalignment  capability 
1  /4  in.  from  center  line  was  desired  for  all  fitting  sizes  greater  than  1  in. 


Ill 


One  approach  was  to  use  a  ball-and-socket  joint  at  the  fitting -to -fitting  connection. 
Any  such  joint  conceived,  however,  was  excessively  heavy.  Within  the  fitting  structure 
the  tube-to-fitting  connection  is  the  only  other  choice  for  misalignment  compensation. 

The  misalignment  of  the  tubes  to  be  joined  might  be  measured  and  compensated  for  in  the 
process  of  joining  the  tube  to  the  fitting.  Because  the  system  will  probably  be  fabricated 
from  a  high-strength  heat-treated  material,  not  easily  deformed  or  modified,  it  is  pos¬ 
sible  that  misalignment  can  best  be  compensated  for  by  means  of  adjustable  tubing 
supports.  In  any  case  the  tube -to -fitting  connection  must  be  designed  to  withstand  these 
imposed  loads. 

Material 


Recent  advances  in  metallurgy  have  provided  alloys  with  very  good  strength-to- 
density  ratios.  In  the  future,  even  better  materials  probably  will  be  available.  The 
assembly  method,  therefore,  should  be  such  that  new  materials  can  be  used  with  a  mini¬ 
mum  of  development  work.  Furthermore,  the  assembly  method  should  not  cause  degra¬ 
dation  of  the  mechanical  properties  of  the  tube  or  fitting  materials.  Many  of  the  newer 
alloys,  including  the  three  selected  for  the  improved  fittings,  attain  their  high  strength- 
to-density  ratios  because  of  heat  treatment.  This  strength  advantage  is  minimized  when 
excessive  temperatures  are  applied  to  local  areas.  The  thickness  and  hence  the  weight 
of  the  fitting  must  then  be  increased  in  proportion  to  the  reduction  in  material  strength. 


Candidate  Joining  Methods 

Two  kinds  of  joints  were  considered,  namely,  "hot"  and  "cold".  Hot  joints  are 
those  which  require  an  external  source  of  heat,  e.g.,  soldering,  brazing,  and  the  many 
types  of  welding.  Cold  joints  are  those  which  require  only  mechanical  energy,  e.g.  , 
swaging,  roll  bonding,  friction  welding,  and  high-energy  welding. 


Of  the  many  types  of  joints  considered,  three  are  recommended  for  the  tube-to- 
fitting  connection:  brazed,  hot  welded,  and  explosive  welded.  However,  unlike  the 
fitting -to-fitting  connection,  a  configuration  for  the  tube -to -fitting  connection  cannot  be 
derived  readily  by  analytical  methods  within  the  present  state  of  the  art.  Experimenta¬ 
tion  is  necessary  to  define  the  critical  parameters.  Therefore  in  the  following  discus¬ 
sion  instead  of  presenting  preliminary  designs,  the  recommended  methods  for  making 
the  tube -to-fitting  connection  will  be  described  and  the  effect  of  these  methods  on  the 
final  configuration  will  be  discussed. 


Brazing  and  Welding 


Considerable  work  has  been  done  by  North  American  Aviation*  on  welded  and 
brazed  joints  for  tubing  for  aerospace  applications.  The  results  of  this  work  have  been 
reviewed  in  detail  and  have  been  found  to  be  directly  applicable  to  the  problem  of  making 
a  satisfactory  tube -to-fitting  connection  for  improved  missile  mechanical  fittings. 

Many  of  the  NAA  procedures  are  illustrated  in  a  paper  by  G.  R.  Barton,  et  al.  ,(*)** 
and  a  full  description  will  soon  appear  in  an  official  report.  The  possible  application  of 
these  concepts  to  a  mechanical  fitting  is  discussed  below. 


•AF  Contract  No.  04<611) -8177. 

*  Numbers  in  parentheses  refer  to  references  on  page  124. 
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Choice  of  Materials 


Materials  that  are  compatible  with  the  welding  and  brazing  operations  must  be 
chosen.  North  American  Aviation  has  reported  that  the  materials  recommended  by 
Battelle  for  separable  fittings  have  been  successfully  brazed  and  welded  by  NAA  as 
part  of  their  joint  development  effort.  Therefore,  no  difficulties  should  arise  because 
of  the  materials  selected. 


Source  of  Heat 

Heat  sources  selected  by  NAA  include  a  modification  of  the  standard  induction 
heating  system  for  the  brazed  joint  and  the  tungsten,  inert-gas  (TIG)  process  for  the 
fusion-welded  joint.  Although  other  heat  sources  may  be  used,  the  ones  chosen  offer  the 
advantages  of  being  clean,  neat,  versatile,  and,  most  important,  easily  controlled. 

Very  close  control  is  necessary  when  heat-treated  materials  such  as  AM-350  are  used, 
to  prevent  the  heat-affected  zone  from  extending  outside  the  fitting  envelope. 

Joint  Fit-Up 

Because  OD  tolerances  of  purchased  tubing  are  too  liberal,  the  tubing  must  be 
sized  before  joining  to  insure  correct  braze  capillary  action  and  proper  weld  penetration 
and  heat  transfer,  and  to  insure  the  proper  fit  of  the  tube  and  fitting  to  withstand  external 
bending  loads.  Typically,  total  diametrical  tolerances  of  0.  002  to  0.  005  in.  are 
required. 

Filler  Material 

In  the  NAA  brazed  joint,  illustrated  in  the  Barton  paperO),  brazing  alloy  reser¬ 
voirs  are  provided  to  obtain  optimum  capillary  flow  during  brazing.  The  brazing  alloy 
must  be  selected  for  structural  strength,  service  temperature,  and  corrosion  resistance 
to  the  contained  fluid.  Nominally,  its  melting  temperature  should  be  at  least  300  to 
500  F  above  the  expected  service  temperature(^).  Fluid  compatibility  is  minimized  in 
fusion  welding  because  there  is  no  alien  filler  material  present^. 

Cleanliness 

To  insure  highly  reliable  joints,  whether  brazed  or  welded,  all  components  must 
be  specially  cleaned.  It  is  also  necessary  to  purge  with  a  specially  prepared  inert  gas 
before,  during,  and  after  the  application  of  heat  because  of  the  detrimental  effect  of  sur¬ 
face  oxides. 


Conclusions 

In  spite  of  some  apparent  drawbacks  associated  with  North  American  Aviation's 
hot-joining  techniques,  the  probability  of  successfully  satisfying  the  stringent  require¬ 
ments  of  joint  integrity  are  much  better  for  the  immediate  present  with  these  methods 
than  with  other  methods  or  concepts  suggested  or  studied.  The  need  for  sizing  the  tube 
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for  joint  fit-up  will  necessitate  a  quality- control  program.  Special  handling  and  assem¬ 
bling  procedures  are  also  serious  limitations.  However,  it  is  believed  that  such  limita¬ 
tions  can  be  sufficiently  overcome  to  make  the  brazed  or  welded  joint  a  practical  tube-to- 
fitting  connection.  Furthermore,  extensive  field  experience  and  experimentation  should 
lead  to  further  refinements  and  simplifications. 


High-Energy-Rate  Welding 

High-energy-rate  welding  is  a  process  which  utilizes  high  pressures  for  extremely 
short  periods  of  time  to  obtain  a  metallurgical  union  between  two  metallic  parts.  High- 
energy-rate  welding  differs  from  high-energy-rate  forming  only  in  the  magnitudes  and 
time-variant  characteristics  of  the  applied  forces. 

Two  basic  energy  sources  presently  being  utilized  for  high-energy-rate  forming 
are  (1)  the  electrical  energy  stored  in  a  bank  of  high-voltage  capacitors,  and  (2)  chemi¬ 
cal  explosives.  No  data  have  been  found  on  the  use  of  capacitor  discharge  for  welding 
metal,  although  the  operation  is  theoretically  possible.  On  the  other  hand,  considerable 
work  has  been  done  by  several  companies  on  the  use  of  chemical  explosives  to  weld  dif¬ 
ferent  metal  shapes.  Much  of  this  work  appears  pertinent  to  the  problem  of  making 
satisfactory  tube -to-fitting  connections. 


Chemical  Explosives 


Chemical  explosives  are  classified  into  two  general  categories:  low  explosives  and 
high  explosives.  Low  explosives,  such  as  smokeless  powder  and  black  powder,  have  a 
burning  rate  or  deflagration  velocity  ranging  from  a  few  inches  to  a  few  feet  per  second 
and  can  produce  pressures  in  the  order  of  30,000  to  300,000  psi,  depending  on  the 
degree  of  confinement.  High  explosives,  such  as  TNT,  PETN,  and  dynamite  have  a 
detonation  velocity  in  the  order  of  6000  to  28,000  ft/sec  and  can  produce  pressures  up  to 
about  4-million  psi.  Low  explosives  are  normally  used  in  enclosed  systems  where  the 
containment  helps  increase  the  impulse  imparted  to  the  workpiece.  High  explosives  are 
normally  fired  as  bare  charges  in  open  systems  because  the  peak  pressure  is  relatively 
independent  of  the  degree  of  confinement^).  Some  characteristics  of  high  explosives 
are  given  in  Tables  18,  19,  and  20.  From  Table  19  the  total  energy  available  from  1  lb 
of  PETN  is  approximately  1.  74-million  ft-lb  (4.  35  x  10^  x  4).  With  a  typical  conversion 
time  of  2  ju  sec,  this  is  equivalent  to  approximately  1.  57-billion  hp. 

The  total  impulse  imparted  to  the  workpiece  is  represented  by 

rtf 

I  =  j  Pdt,  (24) 

^0 


where 

I  =  impulse,  lb-sec/in.  2 
P  =  pressure,  psi 
t  =  time,  sec. 
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TABLE  18.  CHARACTERISTICS  OF  HIGH  AND  LOW  EXPLOSIVES^) 


Property 

High  Explosives 

Low  Explosives 

Method  of  initiation 

Primary  high  explosives-- 
ignition,  spark,  flame, 
or  impact 

Ignition 

Secondary  high  explosives  — 
detonator,  or  detonator 
and  booster  combination 

Conversion  time 

Microseconds 

Milliseconds 

Conversion  rate 

6,  000  to  28,  000  ft/sec 

A  few  inches 

to  a  few  feet 
per  second 

Pressures 

Up  to  about  4,  000,  000  psi 

Up  to  about 

40, 000  psi 

TABLE  19.  CHARACTERISTICS  OF  HIGH  EXPLOSIVES^4) 


Explosive 

Specific 

Gravity 

Detonation  Velocity, 
1-1 /4-In.  Diameter, 
ft/sec 

Energy(a) , 
105  ft-lb/lb 

Maximum 

Pressure(b) 
106  psi 

RDX  (cyclotrimethylene 

1.7 

27,500 

4.  25 

3.  4 

trinitramine) 

PETN  .(pentaerythritol 

1.6 

26,500 

4.  35 

3.  2 

tetranitrate) 

Pentolite  (50  PETN/50  TNT) 

1.6 

25,000 

3.  17 

2.  8 

TNT  (trinitrotoluene) 

1.  6 

23,000 

2.  62 

2.4 

(a)  Based  on  ballistic-mortar  comparisons.  Total  energy  would  be  four  times  these  figures. 

(b)  At  1-1/4-in.  diameter.  Based  primarily  on  the  calculations  by  the  methods  of  Cook.  By  Taylor’s  methods,  this  pressure  will 
be  10  to  20  per  cent  lower. 


TABLE  20.  PROPERTIES  OF  EXPLOSIVES^3) 


Explosive 

Specific 

Gravity 

Detonation 

T  emperature , 

C 

Detonation 

Pressure, 

1 06  psi 

RDX 

1.6 

5450 

375 

PETN 

i  1.6 

5400 

330 

Tctryl 

1.6 

4400 

290 

Picric  acid 

1.6 

3900 

265 

TNT 

1.6 

3900 

225 
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For  a  given  impulse,  which  is  proportional  to  the  energy  imparted  to  the  work- 
piece,  the  pressure-time  relationship  can  take  many  forms.  In  explosive  welding  both 
the  total  impulse  and  the  pressure-time  relationship  are  important.  For  example,  if  the 
high-pressure  loads  are  released  too  fast,  the  tensile  stresses  induced  by  the  over¬ 
recovery  of  the  material  may  tend  to  distort  or  fracture  the  pieceP).  Typical  pressure¬ 
time  curves  for  low  and  high  explosives  are  shown  in  Figure  51.  The  conversion  time, 
i.  e,  ,  the  time  required  to  convert  a  working  amount  of  explosive  into  gaseous  products, 
is  measured  in  microseconds  for  high  explosives  and  milliseconds  for  low  explosive s(^). 
To  date,  only  high  explosives  have  been  shown  to  be  applicable  to  welding  operations(S). 


Explosive-Welding  Variables 


The  variables  that  must  be  controlled  in  explosive  welding  are  primarily  those 
affecting  the  velocity  of  the  interface  closure.  If  the  developed  interface  angle  and  the 
closure  velocity  are  correct,  welding  occurs.  In  the  case  of  tubular  or  concentric  com¬ 
ponents,  interface  angle  and  closure  velocity  can  be  varied  by  changing  wall  thickness, 
charge  density  (amount  of  explosive  per  unit  of  surface  area  being  welded),  or  the  initial 
clearance  or  separation  at  the  interface.  It  is  not  necessary  that  all  of  these  be  vari¬ 
ables  if  one  or  more  can  be  changed  to  bring  the  system  into  proper  balance(^). 

Two  explosive-welding  techniques  are  possible^),  In  one  method  the  parts  are 
placed  in  contact  and  are  then  subjected  to  a  load  applied  normal  to  the  surface  to  be 
welded  in  an  underwater  standoff  operation.  This  method  is  applicable  mainly  to  flat 
plates.  In  the  second  method,  which  is  applicable  to  flat  plates  and  tubular  components, 
the  parts  are  not  initially  in  contact.  This  is  the  method  discussed  below. 

When  an  explosive  detonates,  there  is  a  finite  time  during  which  the  detonation 
travels  symmetrically  outward  from  the  initiation  point.  For  a  line  charge  set  off  at  one 
end,  the  detonation  progression  is,  of  course,  along  the  length  of  the  line.  For  example, 
Figure  52  shows  a  linear  charge,  consisting  of  a  stick  of  dynamite,  detonating  under 
water.  The  V-shaped  shock  wave  produced  is  essentially  a  conical  front  around  the 
explosive (6).  The  effect  of  the  shock  wave  is  apparent  in  the  displacement  of  the  sus¬ 
pended  wire. 

The  principles  of  explosive  welding  can  be  illustrated  by  the  system  of  plates 
shown  in  Figure  53.  As  the  detonation  progresses  along  the  sheet  of  explosive,  a  shock 
wave  and  gas  cloud  are  produced.  For  high  explosives  not  in  contact  with  the  workpiece, 
the  major  portion  of  the  usable  energy  is  provided  by  the  shock  wave,  whereas  for  low 
explosives  the  gas-cloud  pressure  provides  a  major  portion  of  the  usable  energy.  The 
velocity  of  the  shock  wave  in  the  direction  perpendicular  to  the  plate  is  essentially  the 
velocity  of  sound  in  the  transfer  medium  between  the  explosive  and  plate.  In  the  space 
immediately  adjacent  to  the  explosive  the  velocity  will  be  much  greater  due  to  the  rapid 
expansion  of  the  gaseous  products.  With  contact  charges  the  gaseous  expansion  also 
adds  to  the  usable  energy  transfered  to  the  workpiece. 

Figure  54  depicts  the  manner  in  which  the  peak  pressure  at  the  workpiece  may  be 
varied  as  a  function  of  charge  size  and  standoff  distance.  An  explosive  with  a  detonation 
velocity  of  25,000  ft/sec  was  used  in  constructing  these  curves  on  the  basis  of  the 
following  equations (4); 
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Pres  sure 


FIGURE  51.  TYPICAL  TIME-PRESSURE  PROFILES  FOR  LOW  AND  HIGH 

explosives!4) 


and 


P  =  Ki 


Wl/ 3 

“R- 


a 


(25) 


P  = 


(26) 


where 

P  =  peak  pressure,  psi 

W  =  weight  of  explosive,  lb 

R  =  distance  from  explosive,  ft 

Kj  =  constant  which  varies  with  the  explosive 

a  =  constant  which  is  generally  equal  to  1.  15 
=  detonation  velocity  of  explosive,  ft./sec 

It  is  not  necessary  to  perform  the  welding  operation  in  water.  However,  the 
constants  in  Equations  (25)  and  (26)  must  be  modified  where  air  is  the  transfer  medium. 
The  peak  pressure  with  air  as  the  transfer  medium  will  be  approximately  30  per  cent  of 
the  peak  pressure  with  water  as  the  transfer  medium. 

Figure  55  shows  the  effect  of  the  transfer  medium  and  the  standoff  distance  on  the 
peak  pressure  at  the  workpiece.  If  a  charge  were  detonated  at  the  end  of  a  tube,  the 
peak  pressure  would  diminish  along  the  length  of  the  tube  as  shown.  Therefore,  a  piece 
of  equipment  3  ft  from  an  explosive  charge  equal  to  4  lb  of  TNT  would  be  subjected  to  a 
pressure  of  only.  500  psi  in  air. 

The  shock  wave,  as  it  progresses  (Figure  53b),  imparts  an  impulse  load  to  the 
plate.  The  velocity  of  closure,  Vc,  is  much  smaller  than  the  velocity  of  detonation,  V^, 
and  hence  the  plate,  as  it  deforms,  forms  the  interface  angle,  0,  between  the  stationary 
plate  and  the  moving  plate. 

The  developed  interface  angle,  0,  will  depend  on  the  relative  magnitudes  of  Vc  and 
and  the  initial  clearance  between  the  two  plates.  As  the  initial  clearance  between  the 
plates  is  increased,  0  becomes  larger.  For  a  given  type  of  explosive,  the  detonation  of 
velocity,  Vj,  is  a  constant.  The  closure  velocity,  Vc,  which  is  a  function  of  the  total 
energy  delivered  to  the  upper  plate,  can  be  varied  over  a  wide  range  by  changing  the 
charge  density,  the  upper  plate  thickness,  and  the  charge  standoff  distance.  The  closure 
velocity  also  depends  on  the  density  and  dynamic  yield  strength  of  the  upper-plate  mate¬ 
rial.  Variations  in  the  charge  density  and  standoff  distance  change  the  peak  pressure  and 
hence  also  change  the  total  amount  of  energy  delivered  to  the  workpiece. 

The  total  energy  delivered  to  the  workpiece  is  expended  in  three  ways.  Part  of  the 
energy  is  used  to  overcome  the  material  inertia,  part  causes  deformation  of  the  upper 
plate,  and  the  remainder  causes  the  plate  to  accelerate.  The  final  closure  velocity  is  a 
function  of  the  acceleration  of  the  plate.  Any  parametric  change  that  affects  the  percent¬ 
age  of  total  energy  left  for  acceleration  of  the  plate  will  also  cause  a  change  in  the 
closure  velocity.  Hence,  an  increase  in  plate  thickness,  material  density,  or  dynamic 
yield  strength  will  diminish  the  closure  velocity. 
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FIGURE  55.  EFFECT  OF  TRANSFER  MEDIUM  AND  STANDOFF  DISTANCE  ON 
PEAK  PRESSURE^4) 
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In  much  of  the  past  work  on  explosive  welding,  the  interface  between  the  two  plates 
has  been  evacuated.  However,  it  has  been  shown  that  evacuation  is  not  necessary  to 
obtain  welding.  The  principal  advantage  to  be  gained  from  evacuation  is  the  reduced 
compound  formation  when  dissimilar  materials  are  being  welded.  However,  even  in 
cases  in  which  dissimilar  metals  are  joined,  the  small  amount  of  compound  formation 
usually  has  little  effect  on  the  strength  and  integrity  of  the  joint. 

Experience  has  shown  that  the  explosive  welding  process  is  not  sensitive  to  surface 
cleanliness  or  roughness.  Degreasing  and  wire  brushing  are  usually  the  most  stringent 
surface  preparations  necessary.  Welds  have  been  obtained  even  without  the  wire  brush¬ 
ing,  and  it  has  been  reported  that  degreasing  is  unnecessary^,  ?).  A  series  of 
experimental  runs  at  Battelle  on  the  explosive  welding  of  Zircaloy-2  tubing  to  Type  410 
stainless  steel  tubing  indicated  that  changes  in  the  surface  finish  in  the  range  of  300  juin, 
rms  to  1500  juin,  rms  had  no  effect  on  the  accomplishment  of  a  weld (8).  A  Type  304 
stainless  steel  sleeve  with  a  100-pin.  rms  finish  was  successfully  welded  to  the  inside  of 
a  Type  304  stainless  steel  ring  with  a  surface  finish  of  30  pin.  rms. 


Characteristics  of  Explosively  Welded  Connections 

Among  the  principal  advantages  of  explosive  techniques  are  the  absence  of  heat- 
affected  zones,  the  absence  of  excessive  compound  formation  in  cases  in  which  the 
welded  elements  are  dissimilar  metals,  the  lack  of  effect  on  the  mechanical  characteris¬ 
tics  of  most  materials,  the  ability  to  treat  large  areas  and  geometries  which  present 
difficulties  with  other  processes,  and  the  relatively  small  and  simple  equipment 
required(4,  5). 

Separable  connections  which  utilize  a  replaceable  seal  are  particularly  susceptible  to 
the  effects  of  heat  applied  near  the  seal  surface  because  of  the  tendency  for  the  seal  sur¬ 
face  to  warp  under  nonuniform  heating,  A  rule  of  thumb  states  that  a  fusion  weld  should 
be  a  distance  of  2  V  Dt  from  the  sealing  surface,  where  D  is  the  tube  diameter  and  t  is 
the  tube-wall  thickness.  The  temperature  necessary  to  fusion  weld  or  braze  may  also 
affect  the  strength  of  the  material,  as  previously  discussed.  An  explosive  weld,  because 
of  the  low  amount  of  heat  generated,  and  because  of  the  symmetrical  nature  of  the 
forming  process,  would  minimize  the  warping  problem. 

When  dissimilar  metals  are  fusion  welded  the  relatively  large  melted  zone  causes 
considerable  compound  formation.  Again,  because  there  is  no  melted  zone  with  explo¬ 
sive  welding,  this  problem  is  minimized. 

Figure  56  shows  five  possible  arrangements  of  tube,  fitting,  and  explosive.  Fig¬ 
ure  56a  shows  the  working  explosive  charge  in  contact  with  the  inside  of  the  tube.  The 
working  charge  is  set  off  by  means  of  the  detonating  cap  attached  to  an  explosive  leader, 
which  is  tented  so  that  the  detonation  progression  of  the  working  explosive  is  symmetrical 
with  the  tube  axis.  Figure  56b  shows  a  line  charge  placed  on  the  axis  of  the  tube.  A 
modification  of  Figures  56a  and  56b  is  shown  in  Figure  56c,  in  which  the  working  ex¬ 
plosive  is  wrapped  on  a  mandrel  centered  in  the  tube.  Variations  in  mandrel  diameter 
would  vary  the  charge  standoff  distance.  With  a  given  total  explosive  charge,  the  peak 
pressure  at  the  tube  would  be  a  maximum  in  Figure  56a,  and  a  minimum  in  Figure  56b. 
Any  pressure  between  the  maximum  and  minimum  could  be  obtained  by  means  of  the  con¬ 
figuration  in  Figure  56c.  An  externally  placed  explosive  charge  is  shown  in  Figure  56d. 
Again,  a  tenting  arrangement  is  provided  to  obtain  the  proper  detonation  progression. 
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In  each  of  the  configurations  in  Figure  56  it  would  be  possible  to  make  the  explo¬ 
sive  into  a  package  that  could  be  inserted  and  set  off  by  semiskilled  personnel.  The  only 
other  equipment  needed  for  all  fittings  would  be  a  battery  detonator  no  larger  than  a 
lunch  pail  and  a  length  of  wire  to  lead  from  the  detonator  to  the  detonating  cap.  For 
some  fittings,  depending  on  the  tube  wall  thickness,  the  size  of  explosive  charge,  and  the 
configuration,  it  might  be  necessary  to  provide  internal  or  external  backup  dies  to  pre¬ 
vent  excessive  deformation  of  the  tube  and/or  fitting. 

Because  of  the  possibility  of  developing  a  "package"  for  a  particular  size  fitting, 
an  explosively  welded  joint  should  be  extremely  reliable. 


Conclusions 


Although  adaptation  of  the  North  American  brazed  or  welded  joint  appears  to  be  the 
best  method  of  achieving  a  reliable  tube -to -fitting  connection  in  the  next  year  or  two,  it 
is  believed  that  an  explosively  welded  joint  might  be  a  significant  improvement  for  intro¬ 
duction  at  a  later  date.  For  this  reason  it  is  recommended  that  further  research  be 
pursued  to  determine  the  general  problems  of  explosively  welding  AM-355,  17-4PH,  and 
Rene  41,  which  are  the  materials  selected  for  use  in  improved  fittings.  It  is  difficult  to 
estimate  the  proper  size  range  that  future  development  should  be  concerned  with  because 
economic  and  logistic  considerations  are  as  important  as  the  safety  of  the  operation  and 
the  technical  feasibility.  At  Battelle,  a  3-in.  -diameter  Zircaloy  tube  with  a  wall  thick¬ 
ness  of  0.  045  in.  was  successfully  welded  to  a  stainless  steel  header  with  a  45-gram 
charge  of  PETN.  This  appears  to  be  a  reasonable  estimate  of  the  conditions  that  might 
be  encountered  in  making  a  3-inch  welded  tube -to -fitting  connection,  and  this  size  of 
charge  probably  represents  the  maximum  that  could  be  readily  handled. 
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SEAL  DESIGN 


Throughout  Phases  I  and  II,  the  seal  posed  the  most  difficult  design  problem.  The 
required  service-temperature  ranges  preclude  the  use  of  a  nonmetallic  seal,  and  experi¬ 
ence  has  not  resulted  in  a  clearly  defined  understanding  or  agreement  among  designers 
on  the  optimum  mode  of  sealing  for  metal  seals.  Fortunately,  both  General  Electric(l)* 
and  Armour  Research  Foundation^)  have  developed  important  guidelines  as  a  result  of 
their  studies  of  interface  phenomena  and  sealing  contact  stresses.  However,  analytical 
studies  do  not  provide  all  the  data  needed  to  design  a  satisfactory  seal,  and  past  labora¬ 
tory  evaluations  of  commercial  seals  have  been  inconclusive  because  of  the  predisposition 
of  the  evaluators  or  because  of  the  small  sample  size  tested. 

As  described  in  a  previous  section  of  the  report,  it  is  believed  that  satisfactory 
seals  can  be  selected  and  applied  to  flanged  fittings  if  the  known  design  principles  are 
properly  applied.  For  the  threaded  fittings,  however,  the  problem  is  much  more  com¬ 
plex.  In  the  following  sections,  the  problems  of  adequately  sealing  separable  flanged 
and  threaded  connections  are  discussed,  two  interesting  seal  concepts  are  described, 
and  the  development  and  evaluation  of  a  recommended  radial  seal  for  threaded  fittings  is 
detailed. 


Design  Parameters 


An  understanding  of  the  problems  involved  in  attaining  a  helium  tight  seal  is  de¬ 
pendent  on  the  analysis  of  certain  factors  known  to  affect  leakage  when  the  seal  is  initially 
established  as  well  as  after  the  seal  is  established.  These  factors  include  (1)  the  geom¬ 
etry  of  the  leakage  path  and  the  nature  of  the  leakage  flow,  (2)  the  magnitude  of  the  seat¬ 
ing  loads  needed  to  produce  an  initial  seal,  (3)  the  plastic  flow  of  the  seal  material, 

(4)  the  interaction  of  sealing  members,  and  (5)  the  effects  of  temperature.  Also  in  this 
section,  brief  discussions  are  given  of  the  design  thinking  in  relation  to  pressure- 
energized  seals,  and  of  the  effect  of  seal  configuration  on  preloading. 


Leakage  Analysis 

The  flow  of  a  viscous  fluid  through  the  seal  interface  can  be  analyzed  on  the  basis 
of  laminar  flow  if  the  mean  free  path  of  the  fluid's  molecules  is  less  than  the  height  of  the 
smallest  passage  along  the  leak  path.  If  the  mean  free  path  is  the  same  order  of  magni¬ 
tude  as  the  passage  height,  molecular  flow  results,  and  a  correction  for  slip  flow  along 
the  wall  must  be  applied  to  the  laminar- flow  analysis.  A  more  detailed  analysis  is 
presented  in  Appendix  VII.  In  general,  the  flow  may  be  considered  laminar  if 

£<1.0  ,  (27) 

h 


‘Rcfcmucs  arc  listed  on  page  164. 
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where 


-  =  Knuds en  number 
h 

X  =  mean  free  path  of  molecule 
h  =  passage  height. 

If  the  Knudsen  number  approaches  1.  0  it  is  still  possible  to  analyze  the  flow  on  the 
basis  of  laminar  flow  by  use  of  a  correction  factor  which  is  a  function  of  the  Knudsen 
number. 


FIGURE  57.  MODEL  OF  TYPICAL  LEAKAGE  PATH 


The  narrow  slot  in  Figure  57  represents  a  typical  flow  passage.  Flow  takes  place 
at  velocity  V  in  the  direction  of  the  length,  i.  The  width,  s,  corresponds  to  the  periphery 
of  a  circular  seal  and  h  is  the  passage  height.  For  the  case  where  flow  is  laminar,  the 
mass-flow  equation  in  terms  of  the  discharge  pressure  is 
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where 

Mj^  =  mass  rate  of  flow 
Pj  =  inlet  pressure 
P^  =  discharge  pressure 
^2  =  discharge-gas  density 
T\  =  viscosity. 
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For  molecular  flow,  the  mass*flow  equation  is 


or  more  simply, 


=  ISshfo,  -  P2)PavpX 
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(29) 


(30) 


When  the  flow  is  neither  laminar  nor  molecular,  i.e.  ,  for  Knudsen' s  number  close 
to  1.0,  the  flow  equation  of  state  is  defined  as 


MT  =  Ml  +  EMm  ,  (31) 

where  E  is  a  constant  found  experimentally  to  be  approximately  0.  9  for  single  gases  and 
0.  66  for  gaseous  mixtures^).  The  total  flow,  by  substitution  of  Equation  (30)  and  the 
value  of  0.9  for  E,  is 

Mt  =  Ml  (1  +  6.  1  £)  .  (32) 

This  expression  holds  when  the  mean  free  path  is  evaluated  at  the  average  pressure  in 
the  passage. 

The  above  expressions  indicate  the  important  effect  the  length  and  height  of  the 
leakage  path  have  on  flbw  rate.  For  both  the  laminar  and  molecular  flow  conditions,  the 
rate  of  flow  is  inversely  proportional  to  passage  length.  Therefore,  one  conclusion  is 
that  the  seal  passage  should  be  of  considerable  length.  However,  increasing  the  length 
of  the  seal  passage  is  a  severe  handicap  from  the  viewpoint  of  seating  loads  and  minimum 
assembly  torque,  especially  for  annular  face  seals. 

The  effect  of  the  second  parameter,  height,  makes  it  obvious  that  the  degree  of 
surface  conformity  is  extremely  critical.  In  the  case  of  laminar  flow,  mass  rate  of  flow 
is  dependent  on  the  cube  of  the  passage  height,  whereas  in  molecular  flow  it  is  dependent 
on  the  square  of  the  passage  height. 


Because  of  the  random  variations  in  surface  profile,  the  best  measure  of  required 
average  passage  height  for  seals  capable  of  sealing  gases  would  be  in  microinches  or 
angstroms,  where  one  angstrom  equals  3.937  x  10"J  pin.  Extrapolation  of  leakage-rate 
charts(4)  indicates  that  a  passage  height  ranging  between  3  and  25  A  is  required  to  seal 
helium  gas  at  2,000  psi,  with  a  leakage  rate  no  greater  than  7.  7  x  10”?  atm-cc/sec. 


Seating  Loads 

A  basic  problem  in  designing  a  metal-to-metal  fluid  seal  is  the  determination  of  the 
"seating  load",  i.  e.  ,  the  load  required  to  produce  intimate  contact  between  the  sealing 
surfaces  initially.  The  problem  is  essentially  the  same  whether  the  seal  is  pressure 
energized  or  not  and  is  independent  of  operating  pressures  or  external  loads. 
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Below  are  some  of  the  factors  that  must  be  considered  in  determining  seating  loads: 

(1)  Seal  Design.  The  seal  width  largely  determines  the  magnitude  of  the 
seating  load,  since  seating  load  is  a  function  of  sealing  area. 

(2)  Metal  Properties.  The  hardness,  compressive  yield  strength,  and 
strain- hardening  characteristics  of  the  seal  material  will  determine 
the  unit  stress  necessary  to  effect  a  seal. 

(3)  Surface  Properties.  The  surface  finish  determines  the  total  amount 
of  yielding  necessary  to  close  all  leak  passages.  Gross  distortion 
such  as  waviness  and  warping  is  ordinarily  a  minor  problem  but  can 
become  serious  when  processes  which  cause  distortion,  such  as 
welding,  brazing,  and  swaging,  are  used  to  effect  the  tube- to- fitting 
connection. 

(4)  Contained  Fluid.  The  viscosity,  density,  surface  tension,  and  state 
of  the  contained  fluid  determine  the  maximum  size  of  leak  path  which 
can  be  tolerated. 

(5)  Pressure.  The  pressure,  which  affects  the  rate  of  flow  through  a 
passage,  also  determines  the  maximum  size  of  leak  path  acceptable. 

(6)  Allowable  Leakage  Rate.  Obviously,  as  the  allowable  leakage  rate  is 
lowered,  higher  seating  loads  may  be  required  to  reduce  the  size  of 
the  leak  paths. 

A  widely  used  set  of  gasket  seating- stress  constants  are  those  given  in  the  ASME 
Code  for  Unfired  Pressure  Vessels. 

Seating  Stress^, 

Material  psi 


Soft  aluminum 

4,400 

Soft  copper  or  brass 

6,500 

Iron  or  soft  steel 

9,000 

Monel  or  4  to  6  per  cent  chromium 

10,900 

Stainless  steels 

13,000 

(a)  Gaskets  not  over  1/2  in.  wide. 


These  gasket  constants  are  based  on  experience  and  rather  limited  test  data  and  are 
justified(5)  principally  on  the  observation  that  flanged  joints  when  designed  on  the  basis 
of  these  constants  almost  always  work  satisfactorily. 

In  addition,  it  should  be  noted  that  the  gasket  stresses  are  interrelated  with  a 
comparatively  low  bolt  design  stress  so  that,  in  actual  installations,  considerably  higher 
stresses  can  be  and  probably  generally  are  applied. 
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The  previous  discussion  of  seating  loads  was  based  on  gross  effects  and  on  data 
gathered  from  experience.  Another  approach  to  the  problem  is  a  consideration  of 
microscopic  effects  at  the  seal  surface.  Figure  58  shows  the  average  surface  finishes 
achievable  by  different  machining  processes.  It  also  includes  the  range  of  sealing  pass¬ 
age  heights  considered  necessary  to  achieve  a  helium  seal.  It  is  apparent  that  the 
required  leak-path  height  is  at  least  one  order  of  magnitude  smaller  than  that  achievable 
with  two  superfinished  surfaces  properly  mated. 

This  chart  shows  dramatically  that  one  of  the  materials  involved  in  the  seal  must 
yield  plastically  to  achieve  a  surface  contact  which  will  limit  the  leakage  of  helium  to  the 
order  of  1  x  10“  7  atm-cc/sec. 

The  work  at  Armour  and  General  Electric  on  the  characteristics  of  such  seals  has 
given  good  data  on  the  forces  needed  for  common  seal  materials.  The  work  at  the  two 
facilities  shows  that  contact  stresses  ranging  from  3  to  5  times  the  apparent  yield 
strength  of  the  softer  material  are  needed. 

Because  metallic  seals  are  needed  for  most  of  the  required  applications  and  because 
such  seals  cannot  satisfactorily  be  made  to  yield  more  than  a  few  times  to  the  extent 
required,  it  has  been  concluded  that  a  separable  connection  must  employ  a  gasket.  For 
adequate  reliability,  this  gasket  must  be  replaced  at  each  disassembly  and  reassembly 
of  the  connection. 

Although  this  conclusion  is  far-reaching  in  its  effect  on  determining  candidate 
design  configurations,  the  methods  of  achieving  and  maintaining  adequate  seal  loading 
remain  as  formidable  barriers  to  a  successful  connection. 


Temperature  Effects 

Two  temperature  effects  of  particular  importance  are  the  steady-state  effect  at  the 
temperature  extremes  and  the  transient  effect  during  temperature  changes.  Dimensional 
changes  due  to  temperature  occur  axially,  radially,  or  both,  depending  on  the  configura¬ 
tion  of  the  seal.  Typical  configurations  are  shown  in  Figure  59.  Seals  may  contain 
variations  or  even  combinations  of  these  basic  seal  configurations. 


a.  Axial  Seal 


p 
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b.  Radial  Seal 
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FIGURE  59.  AXIAL  AND  RADIAL  SEALING  CAVITIES 

At  a  temperature  extreme,  if  the  seal  and  the  flanges  are  made  of  dissimilar  ma¬ 
terials,  the  sealing  pressure  may  increase  or  decrease  due  to  relative  expansion  or 
contraction  of  the  seal  and  the  structural  components  of  the  fitting.  The  actual  changes 
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"ii  llir  loc  ation  of  the  parts  and  their  thermal  coefficients  of  expansion.  At  ele- 
vnlpil  I pinpr  ralures  the  effects  of  creep  must  be  considered.  The  magnitude  of  the  initial 
l°l  |'|‘r‘loiul  must  be  sufficient  to  compensate  for  these  effects.  Axial  preload  is  a 
mliim  t  onrmlo ration  in  a  radial  seal,  but  the  seal  must  be  elastically  deflected  initially 
""d  ihhrI  be  able  to  follow  up  when  dimensional  changes  occur. 

I.argc  thermal  gradients,  caused  by  transient  thermal  states,  aggravate  the  prob¬ 
lems  time  ribed  above.  In  addition,  thermal  gradients  are  more  likely  to  cause  a  mo- 
menlnry  nli i It ing  of  the  sealing  surfaces,  and  this  may  destroy  the  surface  mating  which 
was  achieved  when  the  fitting  was  originally  assembled  and  one  material  yielded  against 
I  be  elite  r. 


I’renmire  Energization 


The  concept  of  a  pressure-energized  metal  seal  has  become  increasingly  popular. 
Many  now  seals  and  fittings  have  been  designed  which  incorporate  this  principle.  Bas¬ 
ically,  it  is  postulated  that  by  elastically  deflecting  "cantilevered"  legs  a  sufficient 
amount  when  the  fitting  is  initially  assembled,  the  seal  can  breathe  with  the  system  as 
the  sealing  load  relaxes.  Relaxation  could  be  caused  by  pressure  end  loads,  vibration  or 
reverse  bending,  creep,  thermal  gradients,  or  torque  relaxation.  Further,  as  the 
system  pressure  increases,  more  force  is  applied  to  the  deflectable  leg  by  the  pressur¬ 
ized  fluid,  thereby  causing  additional  sealing  force. 

The  major  problems  that  would  be  encountered  if  a  pressure-energized  seal  were 
used  are  related  to  the  temperature  range  required,  the  fluids  handled,  and  the  low 
leakage  requirement.  Until  more  suitable  nonmetallic  materials  are  developed,  it  is 
believed  that  such  a  seal  must  be  metal.  Further,  because  of  temperature  problems  and 
fluid-compatibility  problems,  it  appears  that  the  softer  metals  such  as  aluminum,  cop¬ 
per,  and  gold  may  not  be  suitable.  Thus,  any  candidate  seal  material,  such  as  nickel, 
has  a  fairly  high  yield  stress.  As  explained  previously,  the  contact  stress  needed  to 
seal  helium  is  estimated  to  be  up  to  five  times  the  apparent  yield  stress  of  the  softer 
material. 

The  strength  necessary  in  a  cantilever  leg  to  seal  helium  can  be  provided  with  pre¬ 
sent  materials  only  by  designing  a  stiff  leg  with  low  deflection.  In  a  commercially  avail¬ 
able  seal  using  several  such  legs  to  increase  the  deflection,  the  total  deflection  is  of  the 
order  of  0.  005  in.  Manufacturing  tolerances  and  thermal  gradients  make  this  low  move¬ 
ment  difficult  to  design  for.  The  use  of  this  and  similar  seals  has  resulted  in  difficulties 
for  temperature  ranges  similar  to  Class  I.  For  temperatures  ranging  from  -425  to 
I  '-,00  J.'  it  in  believed  that  it  will  be  exceedingly  difficult,  if  not  impossible,  to  apply  a 
,  a nl  1 1 e.  v e  r  iieal  satisfactorily  with  acceptable  manufacturing  and  assembly  tolerances. 

A  lu  1 1  be  i-  i  (implication  of  the  cantilever  seal  is  its  normal  tendency  to  move 
o  j i I ■)  1  ■/ .  I'iir  many  applications  this  movement  is  not  harmful.  For  sealing  helium,  a 
j  n i ) |, | , i  movement  of  one  surface  relative  to  the  other  probably  will  destroy  the 
i,.  a  ii  i  l,i,  e.  ,  on  formity  obtained  by  yielding  one  material  against  the  other.  It  is 
i,,. n,.  ,  ,i  ib, i  s.ii isfai Tory  seal  must  be  designed  to  be  stationary  and  firmly  clamped  in 
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Preloading  as  Affected  by  Seal  Configuration 


The  importance  of  fitting  preload  has  been  discussed  in  several  previous  report 
sections.  Three  aspects  of  preloading  are  affected  by  the  seal  configurational)  the  mag¬ 
nitude  of  the  preload,  (2)  the  fatigue  of  the  tension  members,  and  (3)  the  variation  in  seal 
load.  These  aspects  are  critical  to  the  weight  and  proper  functioning  of  the  fitting. 


Preload  Magnitude.  High  seating  forces  are  required  for  metal  seals  to  seal 
helium.  As  discussed  on  p  35,  the  seal  seating  force  of  the  smaller  fittings  can  estab¬ 
lish  the  force  required  of  the  nut,  and  hence  the  size  and  weight  of  the  nut.  If  a  seal  is 
selected  whose  sealing  surface  is  at  an  angle  with  the  axis  of  the  fitting,  it  is  possible  to 
magnify  the  axial  force  for  sealing.  Thus  by  selecting  a  radial  (see  Figure  59)  or  par¬ 
tially  radial  seal  for  some  threaded-fitting  sizes,  it  is  possible  to  lower  the  preload  to 
that  required  by  the  structural  load.  This  results  in  a  more  lightweight  fitting  than 
would  be  possible  with  an  axial  seal  of  the  same  material  and  seal  width. 


Tension  Member  Fatigue.  One  of  the  critical  aspects  of  proper  preloading  is  the 
reduction  in  fatigue  of  the  tension  members.  By  making  the  spring  rate  of  the  compres¬ 
sion  members  at  least  three  times  greater  (stiffer)  than  that  of  the  tension  members, 
the  magnitude  of  the  change  in  load  in  the  tension  members  is  greatly  reduced  for  the 
application  of  a  given  structural  load.  This  is  illustrated  in  Figure  60. 

To  accommodate  material  and  manufacturing  variations,  most  seal  materials  are 
relatively  soft.  This  is  true  even  for  metallic  seals.  When  the  seal  is  in  series  with 
the  compression  members,  as  shown  in  Figure  60,  the  tendency  is  to  decrease  the  spring 
rate  of  the  compression  members  and  to  increase  the  change  in  tension  load  and  hence 
the  fatigue  of  the  tension  member.  This  must  be  compensated  for  by  increasing  the 
strength  and  hence  the  weight  of  the  tension  member.  If  a  seal  is  selected  which  is  in 
parallel  with  the  compression  members,  as  shown  in  Figure  60,  the  spring  rate  of  the 
compression  members  is  the  same  as  that  of  the  stiff  flange  members,  unless  the  flanges 
separate.  Thus  a  parallel  seal  is  preferred  over  a  series  seal.  A  100  per  cent  radial 
seal  is  a  special  case  in  which  the  seal  load  is  completely  independent  of  the  compression 
load  on  the  fitting  structure. 


Seal  Load  Variation.  A  comparison  of  the  series  and  the  parallel  seal  configura¬ 
tions  from  the  standpoint  of  seal  load  variation  also  shows  that  the  parallel  seal  is  to  be 
preferred.  Unless  the  fitting  compression  members  separate,  the  seal  load  of  the  par¬ 
allel  seal  and  the  radial  seal  does  not  fluctuate  with  changes  in  structural  load.  The  con 
tact  stress  of  the  series  seal,  however,  fluctuates  in  response  to  every  change  in  load. 
While  this  fact  does  not  automatically  mean  the  series  seal  will  leak,  the  minute  surface 
contact  needed  to  seal  helium  emphasizes  the  potential  leakage  problem  of  a  seal  in 
series  with  the  compression  members. 


Conclusions 

Of  all  the  parameters  discussed,  the  one  which  influences  and  predetermines  the 
seal  and  fitting  design  most  is  that  concerning  plastic  yielding  at  the  sealing  surface. 
Once  it  is  concluded  that  plastic  yielding  is  essential  for  sealing  helium,  the  choices 
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Load  on  the  Fitting-Tension  and  Compression 
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FIGURE  60.  EFFECT  OF  SEAL  CONFIGURATION  ON  CHANGE  IN  LOAD 
OF  THE  TENSION  MEMBER 
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available  as  to  the  size  of  the  sealing  area,  the  amount  of  preload,  and  the  choice  of 
materials  become  limited.  The  conclusions  drawn  can  be  summarized  as  follows; 

(1)  The  effective  height  of  the  sealing  passage  must  be  of  the  order  of 
3  to  25  A.  This  surface  contact  can  be  achieved  only  by  plastic 
yielding  of  one  or  both  surfaces.  To  effectively  reduce  the  seating 
load,  a  relatively  low-yield- strength  metal  such  as  nickel  might  be 
used  as  a  surface  coating  on  the  seal. 

(2)  An  initial  seating  stress  possibly  as  high  as  five  times  the  apparent 
yield  stress  of  the  gasket  material  is  necessary  to  achieve  the 
desired  degree  of  yielding. 

(3)  A  pressure-energized  seal  may  not  be  necessary,  or  even  desirable. 

(4)  The  axial  force  of  a  mechanical  seal  should  be  magnified  to  produce 
the  sealing  force. 

(5)  The  seal  load  should  either  be  independent  of  or  in  parallel  with  the 
fitting  compression  load. 


Pressurized  Metallic  O- Rings 


Present  Theory 


The  sealing  force  generated  between  the  walls  of  a  standard  metallic  O-ring  and 
the  walls  of  the  flange  is  a  function  of  the  spring  constant  of  the  toroidal  configuration  of 
the  O-ring  and  the  properties  of  the  material  of  the  ring.  The  presently  accepted  theory 
defining  this  operation  is  that  upon  flange  closure,  the  contacting  surface  of  the  O-ring 
is  plastically  deformed  into  the  seal  cavity.  The  combination  of  the  spring-back  re¬ 
siliency  of  the  ring  and  the  action  of  the  fluid  pressure  on  the  exposed  surface  of  the  ring 
(see  Figure  6 la)  tend  to  further  force  this  deformed  surface  against  the  flange  walls. 

This  produces  a  significant  contact  stress  between  these  two  surfaces  which,  being 
greater  than  the  fluid  pressure,  acts  as  an  efficient  seal. 


The  spring-back  resilience  of  this  configuration  can  be  increased  by  using  the 
pressurized  metallic  O-ring  (Figure  6lb)  or  the  self-energized  metallic  O-ring  (Fig¬ 
ure  61c).  In  both,  pressure  inside  the  O-ring  increases  the  ring's  spring  constant  and 
its  spring-back  resiliency  after  plastic  deformation  has  taken  place.  The  self-energized 
O-ring  has  the  further  feature  of  allowing  an  increase  in  pressure  inside  the  ring  as  the 
pressure  of  the  fluid  to  be  sealed  increases. 


136 


a.  Standard  Metallic  0-Ring  b.  Pressurized  Metallic  0-Ring  c.  Self-Energized  Metallic 

0-Ring 

FIGURE  61.  PRESSURE  FORCES  ACTING  ON  VARIOUS 
TYPES  OF  METALLIC  O- RINGS 

These  sealing  methods  have  been  shown  to  be  successful  for  many  applications. 
However,  where  high  temperatures  or  severe  induced  vibrations  or  bending  loads  are 
encountered,  leakage  will  almost  invariably  occur.  It  would  appear  that  in  the  case  of 
elevated-temperature  operation  the  change  in  material  properties  of  the  O-ring  material 
becomes  a  definite  parameter.  As  the  temperature  is  raised,  both  the  yield  stress  and 
the  elastic  modulus  of  the  material  are  lowered.  These  changes  have  the  effect  of  de¬ 
creasing  the  spring  constant  and  the  spring-back  resiliency  of  the  ring.  Such  decreases 
will  result  in  a  reduction  in  the  contact  stresses  found  at  the  interface  of  the  sealing 
surface  and  so  reduce  the  sealing  capabilities. 

New  Design  Principle 

With  this  in  mind,  a  seal  design  is  postulated  which  could  operate  successfully  in 
the  elevated-temperature  range.  This  concept,  which  might  be  called  a  plastic-state 
O-ring  (illustrated  in  Figure  62),  utilizes  to  advantage  the  change  in  material  properties 
of  the  ring  at  elevated  temperature. 
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FIGURE  62.  INTERNALLY  PRESSURIZED  O-RING 

When  assembled,  the  O-ring  is  fitted  into  a  cavity  which  supports  the  torus  in  all 
directions.  In  order  to  compensate  for  tolerances  it  may  be  advisable  to  make  the  cavity 
and  the  torus  dissimilar  in  cross  section.  When  the  flanges  are  assembled  and  the  tight¬ 
ening  preload  is  applied,  the  torus  will  be  deformed  to  conform  to  the  cavity  geometry, 
and  metal- to-metal  contact  will  be  obtained.  Included  inside  the  O-ring  torus  is  a  gas- 
emitting  crystal  or  a  low-energy  pyrotechnic.  The  gas-producing  reaction  would  be 
initiated  after  the  fitting  is  completely  assembled  and  torqued. 

Since  the  gas  in  the  ring  is  completely  sealed  in  a  fixed  volume,  the  change  in  pres¬ 
sure  of  this  gas  would  be  a  simple  function  of  the  operating  temperature  of  the  fitting  (see 
Equation  34);  a  rise  in  temperature  would  induce  a  rise  in  pressure. 

The  material  of  the  O-ring  should  be  so  chosen  that  when  the  operating  temperature 
of  the  fitting  is  increased,  its  elastic- stres s  capability  is  drastically  decreased.  If  the 
O-ring  material  and  the  type  and  volume  of  gas  in  the  O-ring  are  carefully  selected,  a 
point  somewhere  below  the  normal  operating  temperature  of  the  fitting  will  be  reached 
where  the  O-ring  is  in  a  fully  plastic  state.  This  can  be  clearly  seen  if  we  consider  the 
O-ring  -  flange  configuration  as  a  cylindrical  pressure  vessel  with  an  infinite  outside 
diameter  and  an  inside  diameter  equal  to  that  of  the  O-ring.  In  this  consideration,  of 
course,  the  curvature  of  the  ring  as  well  as  the  large  but  finite  thickness  of  the  flange 
wall  as  compared  with  the  O-ring  inside  diameter  are  neglected.  However,  for  a  close 
approximation  this  assumption  serves  adequately.  The  point  at  which  the  inner  fibers  of 
the  wall  become  plastic  will  be  reached  when  the  internal  pressure  equals  0.  577  cry  (yield 
stress  at  any  given  temperature  of  the  material  as  determined  from  a  simple  uniaxial 
tensile  test).  This  criterion  is  derived  from  the  maximum- distortion-  energy-criterion 
of  failure  for  material,  sometimes  called  the  Hencky-von  Mises  criterion. 

Noting  that  the  wall  of  the  O-ring  is  very  thin,  we  can  further  assume  that  the  tube 
will  be  fully  plastic  when  the  pressure  is  slightly  greater  than  0.  577  oy 
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The  action  is  qualitatively  illustrated  in  Figure  63. 


FIGURE  63.  PRESSURE*  TEMPERATURE*  YIELD  STREM  RELATIONSHIP 
FOR  G- RING  SEAL 

The  internal  pressure.  P,  is  defined  as 

P  •  P  2RT  ,  (31) 
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internal  pressure  in  the  ring  could  still  be  raised  significantly  (as  would  occur  with  a 
further  increase  in  temperature). 

The  advantages  of  this  concept  are:  (1),  that  in  the  fully  plastic  state  the  O-ring 
material,  under  the  action  of  the  high  internal  pressure,  will  flow  into  the  small  surface 
discontinuities  of  the  seal-cavity  walls,  thereby  forming  a  seal  that  should  be  effective 
in  stopping  even  molecular  leakages,  and  (2)  with  the  advent  of  the  relaxation  of  the 
flange  prestress,  which  is  encountered  at  elevated  temperatures,  the  high  contact  stress 
required  to  maintain  this  close  interface  fit  is  achieved  by  the  action  of  the  internal  pres¬ 
sure.  A  serious  disadvantage  would  be  encountered  if  this  type  of  seal  were  to  be  ex¬ 
posed  to  conditions  where  the  temperature  variation  would  be  cyclic,  resulting  in  a 
condition  where  the  Q-ring  would  vary  between  the  plastic  and  the  elastic  state.  Such  a 
condition  could  adversely  affect  the  physical  properties  of  the  ring  material,  resulting 
in  a  low-cycle  fatigue  phenomenom  and  early  ring  failure. 


Conclusions 


As  presently  conceived,  the  O-ring  would  not  become  plastic  until  some  elevated 
temperature  was  reached.  The  primary  reason  for  this  requirement  is  to  prevent  rup¬ 
ture  at  room  temperature  and  to  permit  safe  handling  at  assembly  and  disassembly  of  the 
pressurized  O-ring.  Therefore,  the  seal  could  be  primarily  of  use  for  high  tempera¬ 
tures  and  might  be  considered  only  in  the  role  of  a  secondary  seal.  In  the  elastic  zone 
there  would  be  no  significant  time  lag,  as  the  seal  breathes  with  the  strain  fluctuations 
and  essentially  a  steady  state  condition  would  exist.  Probably  the  most  advantageous 
application  would  be  in  sealing  hot  gases  for  Class  V  fittings  where  temperatures  range 
from  1000  to  3000  F.  Development  of  an  O-ring  seal  that  could  operate  in  this  tempera¬ 
ture  range  will  require  utilization  of  metals  with  very  high  melting  points.  Tantalum 
seems  to  be  a  possible  choice.  In  the  lower  temperature  range,  600  to  1500  F,  nickel 
or  copper  could  be  used. 

Aside  from  the  temperature  ranges,  one  other  limitation  must  be  emphasized.  As 
previously  indicated,  when  the  O-ring  is  in  the  plastic  zone  the  flange  separation  must  be 
kept  below  a  few  thousandths  of  an  inch  to  prevent  rupture  or  blowout. 


High- Energy-Rate  Formed  Seal 


Considerable  experimental  evidence  has  been  developed  concerning  the  conformity 
of  one  metallic  surface  with  another  when  caused  by  high-energy  rate  forming.  As  dis¬ 
cussed  in  the  section  "Tube-to- Fitting  Design",  explosive  energy  has  been  used  to  ac¬ 
hieve  a  good  mechanical  bond,  equivalent  to  a  weld,  between  several  kinds  of  metals 
either  flat  or  tubular  in  configuration.  On  the  basis  of  an  analysis  of  this  work,  it  was 
believed  that  the  surface  conformity  needed  to  seal  helium  could  be  easily  provided  by 
high- energy- rate  forming. 

Two  basic  configurations  were  envisoned  as  a  means  of  applying  explosive  energy 
to  the  formation  of  a  seal  in  a  fitting.  The  first  was  an  internal  formed  seal  in  which  the 
expanding  explosive  force  would  be  used  to  seal  a  sleeve  against  the  inside  of  the  fitting 
parts.  This  configuration  would  make  the  best  use  of  the  available  energy,  but  a  problem 
existed  in  the  contamination  of  the  fluid  system  by  the  explosive.  The  second  configuratioi 
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was  an  externally  formed  seal  which  would  collapse  radially  or  seal  against  the  flange 
faces.  Because  it  was  difficult  to  postulate  the  energy  needed  to  achieve  adequate 
conformity  for  the  possible  configurations,  preliminary  laboratory  experiments  were 
made  to  obtain  a  general  idea  of  the  effect  of  different  amounts  of  explosive  on  basic 
seal  shapes. 


Experiments  Performed 

Seal  formation  by  means  of  an  internal  explosive  charge  was  investigated  with  the 
configuration  shown  in  Figure  64.  The  ferrules,  representing  the  stub-end  portion  of 
the  fitting  attached  to  the  tubing,  were  separated  by  a  spacer  ring  which  would  be  used 
to  facilitate  disassembly.  The  seal  ring  was  expanded  by  means  of  an  explosive  charge 
to  form  a  seal  between  the  ferrules.  The  mandrel  diameter  upon  which  the  explosive 
charge  was  mounted  was  changed  in  successive  experiments  to  provide  variations  in  the 
standoff  distance. 

Use  of  an  external  explosive  for  formation  of  the  seal  was  investigated  by  means  of 
the  configuration  shown  in  Figure  65.  The  explosive  was  contained  in  a  groove  machined 
on  the  outside  diameter  of  the  seal  ring.  The  walls  between  the  flanges  and  explosive 
were  approximately  0.  010  in.  thick,  and  it  was  hoped  that  these  walls  would  be  sealed 
against  the  flanges. 


Description  of  Results 

For  the  internal  explosive  charge,  five  experiments  were  made  with  various  size 
mandrels.  The  mandrel  size  determined  both  the  total  charge  and  the  standoff  distance. 

In  all  cases  the  seal  ring  was  displaced  slightly  in  the  direction  of  the  detonation  progres¬ 
sion,  that  is,  from  right  to  left  as  shown  in  Figure  64.  Figure  66  is  a  photomicrograph 
of  Area  B  in  Figure  64,  polished  and  etched.  Excellent  conformity  was  achieved  between 
the  seal  ring  and  the  spacer  ring  and  ferrule.  Figure  67  is  a  photomicrograph  of  Area  C 
polished  but  not  etched. 

Eight  experiments  were  made  with  the  external  explosive-charge  configuration. 

The  original  attempt  was  to  form  a  seal  at,  Point  A  in  Figure  68.  However  the  best  bond 
occurred  at  Point  B.  Evaluation  will  show  that  this  is  a  reasonable  result,  since  Poisson' s 
effect  is  most  pronounced  at  Point  B  when  the  seal  ring  is  under  a  high  external  load, 
as  shown  in  Figure  69.  The  thin  seal  flanges  shrouding  the  explosive  were  too  flexible 
and  probably  sprang  back  after  the  explosive  pressure  was  dissipated. 

However,  when  the  force,  w,  is  high,  as  in  the  case  of  an  explosive  charge,  the 
actual  strain,  €2>  is  much  greater  than  the  elastic  strain  and  a  considerable  seating  load 
is  applied  from  the  seal  to  the  flange  face. 


Possible  Externally,  Explosively  Formed  Seal 

The  design  concept  shown  in  Figure  70,  although  preliminary  in  nature,  illustrates 
the  basic  premises  on  which  an  external  high-energy  seal  might  be  based. 
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FIGURE  67.  AREA  C  OF  FIGURE  64 
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FIGURE  69.  POISSON'S  EFFECT  ON  SEAL  RING 
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FIGURE  70.  EXTERNAL  EXPLOSIVE  SEAL 

A  major  consideration  is  the  blowout  effect  of  the  internal  pressure.  The  seal 
ring  must  be  thick  enough  to  withstand  the  developed  hoop  stress.  Also,  the  initial 
strain  on  the  seal  interface  must  be  sufficiently  greater  than  the  pressure-induced  hoop 
expansion  to  maintain  sufficient  surface  contact.  The  primary  seal  is  developed  at 
Point  A  because  of  the  combined  effects  of  initial  preload,  Poisson's  ratio,  and  over¬ 
center  tin  canning.  A  secondary  seal  can  be  developed  along  Surface  B.  This  secondary 
seal  is  highly  desirable  to  reduce  the  force  of  the  fluid  acting  on  the  seal  and  tending  to 
blow  it  out.  The  overhanging  lips  at  A  also  add  structural  support  to  the  seal  ring  to 
prevent  blowout. 

Initially  the  seal  ring  is  clamped  between  the  flanges,  which  bottom  out  as  in  Fig¬ 
ure  70.  The  ring  can  be  made  to  bow  under  this  clamping  force  to  compensate  for  manu¬ 
facturing  tolerances  and  discrepancies.  In  the  example  illustrated  a  contact  explosive 
charge,  Point  2,  is  used. 

The  assembly  preload  is  predicated  on  the  eventual  structural  load  requirements, 
since  the  effective  seating  load  will  result  from  the  high-energy  discharge.  The  seal 
ring  is  deformed  by  the  high-energy  discharge  and  is  pushed  over  center.  The  insertion 
of  a  transfer  buffer  at  Point  2  may  be  necesary.  A  support  die  might  have  to  be  assem¬ 
bled  onto  the  fitting  to  prevent  stretch  and  expansion  of  critical  sections  and  subsequent 
distortions  and  strain  relaxations. 

Other  energy  sources  such  as  capacitor  discharge  or  magnetic  pulse  might  be  used 
as  a  means  of  applying  more  than  one  sealing  impulse.  With  this  arrangement,  a  leaking 
seal  could  be  tightened  without  disassembling  the  fitting. 


Conclusions 


It  would  be  possible  to  use  an  internal  explosive  charge  to  form  a  seal  if  a  method 
could  be  found  to  initiate  the  detonation  without  the  need  for  lead  wires.  An  exceptionally 
intimate  bond  is  possible  along  the  seal- retainer  interface  when  a  reasonable  amount  of 
explosive  is  used.  Moreover,  the  problem  of  personnel  safety  and  possible  damage  to 
surrounding  equipment  can  probably  be  overcome.  However,  a  major  problem  for  which 
no  immediate  solution  appears  likely  is  the  degree  of  contamination  of  the  internal  sur¬ 
faces  caused  by  the  explosive  materials. 

Although  the  use  of  external  explosive  charges  to  form  a  seal  would  eliminate  the 
contamination  problems  and  allow  easy  detonation,  further  experimentation  is  necessary 
on  selected  configurations  before  the  feasibility  can  be  shown. 
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Mechanical  Toggle  Seal 


Unlike  the  self-energized  O-ring  or  the  high-energy-rate-formed  seal,  which  may 
be  termed  "exotic",  a  mechanical  toggle  seal  is  conventional  in  principle.  Seals  of  this 
general  type  are  commercially  available  and  have  attained  some  measure  of  success  in 
missile  systems;  especially  in  low-pressure  gas  ducts.  Partly  on  the  basis  of  data  re¬ 
sulting  from  studies  by  General  Electric  and  by  Armour  Research  Foundation,  but 
largely  on  the  basis  of  its  own  analytical  and  experimental  work,  Battelle  has  developed 
a  function  analysis  for  a  greatly  improved  mechanical  toggle  seal.  The  Battelle  Bobbin 
seal  design  for  threaded  fittings  which  resulted  from  this  study  has  successfully  func¬ 
tioned  under  extremely  severe  environmental  conditions,  and  represents  perhaps  the 
most  significant  step  to  date  in  the  development  of  a  zero-leakage  metallic  seal  for 
helium. 


Preliminary  Mechanical  Toggle  Seal  Study 

A  mechanical  toggle  seal  can  have  many  forms,  and  the  toggle  action  can  be  made 
to  magnify  the  axial  sealing  force  in  various  directions,  A  preliminary  analysis  indi¬ 
cated  that  a  radial  seal  would  be  the  preferable  type  of  seal.  A  Belleville -type  disk  is 
an  example  of  a  mechanical  radial  seal,  This  type  of  seal  is  shown  in  Figure  71. 


Seating  Action.  Figure  71a  shews  the  toggle  seal  when  the  seating  load  is  first 
applied.  The  position  of  the  seal  after  assembly  is  shown  in  Figure  71b. 
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FIGURE  71.  SEATING  ACTION  OF  MECHANICAL  TOGGLE  SEAL 

As  member  B  travels  axially  from  right  to  left  the  resultant  seating  force,  R,  ro¬ 
tates  through  the  angle  (a-jS).  The  axial  seating  force,  F,,  increases  as  the  seal  is  ro¬ 
tated,  first  to  create  elastic  strain  and  then  to  cause  plastic  yielding.  However,  after 
plastic  yielding  commences,  the  force,  Fg,  is  relatively  constant.  Because  the  seal  is 
fully  restrained  at  both  the  inside  and  outside  diameters,  there  will  be  plastic  yielding 
along  the  length,  i,  if  the  seal  does  not  buckle  or  bow. 
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The  elastic  limit  may  be  reached  when  the  seal  has  rotated  through  only  a  few  de¬ 
grees,  depending  on  the  configuration  and  support  of  the  seal  element.  Plastic  yielding 
then  can  occur  during  the  major  portion  of  the  travel.  This  feature  is  a  distinct  advan¬ 
tage  because  dimensional  discrepancies  can  be  overcome  more  readily.  When  finally 
assembled,  the  angle  a  should  be  less  than  90  degrees  or  removal  of  the  seal  will  be  dif¬ 
ficult.  The  total  angular  rotation  desired  from  the  point  of  initial  contact  depends  pri¬ 
marily  on  the  manufacturing  tolerances. 

One  problem  encountered  with  this  type  of  toggle  seal  is  the  rotation  that  occurs 
at  the  sealing  surfaces.  The  area  of  contact  shifts  as  the  seal  rotates.  This  means  that 
the  seal  location  is  constantly  changing  as  the  rotation  progresses,  and  the  final  contact 
area  is  determined  only  when  the  seal  is  seated  in  its  final  position.  Moreover,  the 
movement  between  the  seal  and  the  retainer  is  not  pure  rotation.  Smearing  of  the  seal¬ 
ing  surfaces  may  occur  because  of  sliding. 


Force  Magnification.  The  greatest  advantage  of  the  toggle  seal  for  sealing  helium 
is  the  effect  of  force  magnification.  In  Figure  72  the  force  relationship  on  the  toggle 
seal  is  compared  to  a  flat  metal  washer.  In  the  case  of  the  flat  washer,  the  force,  F? 
needed  to  exceed  the  elastic  limit  must  be  greater  than  (cry*A2).  Assuming  that  the  tog¬ 
gle  seal  is  of  the  same  material  and  that  Aj  equals  Ag,  then  R  must  approximately  equal 
F2  at  all  times.  However,  Fj,  the  axial  force,  is  only  equal  to  R  sin  9.  *  The  axial 


I 


F2 


b. 


FIGURE  72.  FORCE  COMPARISON  BETWEEN  TOGGLE  SEAL  AND  FLAT 
METAL  WASHER 


•ii  is  assumed  that  the  strength  of  the  toggle  seal  as  a  ting  is  negligible. 


147 


force  needed  to  seat  a  toggle  seal  can  be  one-fifth  the  force  needed  with  a  flat  washer  and 
the  input  torque  is  correspondingly  reduced.  In  itself,  this  feature  is  significant  only 
where  preload  is  determined  by  seal  seating  load  rather  than  structural-load  require¬ 
ments.  However,  even  when  preload  is  predicated  on  structural  loads,  the  additional 
axial  force  can  be  used  effectively  by  increasing  the  seating  area  to  its  maximum  limit. 
This  can  be  beneficial  since  a  longer  seating  surface  will  (1)  improve  the  seal,  according 
to  leakage  path  analysis,  and  (2)  minimize  the  effects  of  local,  minute  scratches  and 
nicks  on  the  sealing  area. 


Axial  Backoff.  Axial  backoff  due  to  torque  relaxation,  creep,  or  elastic  deforma¬ 
tions  under  load  must  be  considered  in  determining  the  initial  axial  preload.  The  mag¬ 
nitude  of  the  preload  must  assure  that  some  residual  strain  is  always  present,  even 
under  the  most  severe  set  of  conditions.  However,  the  elastic  recovery  on  the  part  of 
the  seal  must  be  at  least  equal  to  the  amount  of  strain  relaxation  expected. 

The  amount  of  elastic  recovery  which  may  be  possible  with  a  toggle  seal  fabricated 
from  a  material  with  a  yield  stress  of  150,000  psi  is  indicated  in  the  ideal  force- 
deflection  curve  in  Figure  73.  The  stretch  and  rotation  of  the  nut  (Line  adb)  and  the 
flange  compression  (Line  cgd)  are  based  on  the  analysis  of  a  threaded  connection  with  a 
flat  metal  gasket.  However,  if  a  toggle  seal  were  used,  the  compression  force- 
deflection  plot  would  follow  the  discontinuous  Line  efgd.  At  Point  g  the  seal  would  be 
completely  seated,  and  additional  torque  would  be  translated  to  preload  in  the  retaining 
members,  Line  cd.  The  negative  slope  of  Line  ef  represents  the  elastic  deflection  of  the 
seal  alone.  At  Point  f  plastic  yielding  throughout  the  seal  member  commences,  and  the 
force,  W,  decreases  at  a  low  rate  until  Point  g,  at  which  time  the  axial  load  is  nearly 
zero  because  all  the  force  is  transmitted  in  a  radial  direction. 

The  total  elastic  recovery  is  0.  0057  in.  and  is  represented  by  Point  h.  However, 
not  all  of  this  recovery  is  available  because  the  seal  would  be  unsupported  and  would  fail 
because  of  fluid  pressure,  vibration,  or  structural  collapse.  If  an  elastic  recovery  of 
only  0.  002  inch,  which  is  less  than  half  of  the  total  recovery  possible,  is  considered, 
the  equivalent  load  needed  to  cause  this  amount  of  backoff  is  12,500  lb.  This  is  far  in 
excess  of  any  expected  operational  load.  A  recovery  of  0.  002  inch  is  considered  greater 
than  that  expected  in  actual  practice. 


Conoseal  Evaluation.  As  discussed  in  the  "Design  Parameters"  section,  the 
theoretical  analysis  indicated  that  the  seating  action  of  the  seal  is  a  critical  factor  in  ob¬ 
taining  a  seal  for  helium.  Because  the  Belleville-type  seal  appeared  to  contain  possible 
undesirable  seating  action  features,  it  was  decided  that  the  seating  action  of  the 
Conosear14  should  be  investigated.  The  Conoseal  is  very  similar  to  the  Belleville-type 
radial  seal  initially  analyzed.  This  evaluation  was  performed  with  Conoseals  produced 
for  three  standard-size  fittings,  the  -2,  -8,  and  -16. 

Fittings  were  assembled  at  various  increments  of  axial  force  and  then  disas¬ 
sembled.  The  sealing  elements  were  examined  and  measured.  Other  fittings  were  as¬ 
sembled  in  like  manner,  but  the  assembled  fittings  were  encapsulated  in  epoxy  and  then 
sectioned  and  polished. 


•Designed  and  produced  by  the  Marman  Division,  Aeroquip  Corporation. 
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The  force-deflection  curves  for  all  three  sizes  were  similar  in  general  form. 
However,  considei*able  buckling  occurred  with  both  the  -2  and  -16  gasket.*  This  action 
was  reflected  in  an  irregular  rise  in  force  as  the  seal  was  seated.  Although  there  were 
irregular  sections  in  the  force-deflection  curve  for  the  -8  gasket,  the  curve  was  con¬ 
sidered  to  be  very  close  to  the  force-deflection  curve  for  an  ideal  seal.  Microscopic 
examination  showed  that  only  a  negligible  amount  of  buckling  or  bowing  had  occurred  in 
the  -8  gasket. 

The  seating  action  was  considered  to  be  in  need  of  considerable  improvement. 

The  seal  element  deflected  in  different  ways  for  different  tolerances  and  for  different 
fitting  sizes.  This  resulted  not  only  in  rotation  of  the  sealing  surfaces,  but  rotation  in 
ways  which  would  be  difficult  to  predict  and  control.  Such  action  was  expected  to  result 
in  unreliable  sealing  for  helium. 


Conclusions.  It  was  concluded  that  the  Belleville  type  seal  more  nearly  approaches 
the  ideal  metallic  seal  for  sealing  helium  than  other  types  of  mechanical  seals.  How¬ 
ever,  as  a  typical  Belleville -type  seal,  the  Conoseal  did  not  incorporate  certain  features 
which  our  theoretical  analysis  indicated  were  desirable.  First,  the  fitting  was  not  pre- 
loaded  independently  of  or  in  parallel  with  the  seal.  Second,  the  seal  was  created  on  two 
interacting  diameters,  thus  requiring  close  machining  tolerances  of  four  different  di¬ 
mensions.  Finally,  the  seating  action  varied  greatly  with  changes  in  machining  toler¬ 
ances  and  with  fitting  size. 

Based  on  these  conclusions,  it  was  decided  that  future  design  work  should  be  de¬ 
voted  to  the  development  of  an  improved  type  of  mechanical  toggle  seal. 


Preliminary  Development  of  the  Bobbin  Seal 


It  is  often  difficult,  if  not  impossible,  to  describe  the  conception  of  a  unique  con¬ 
figuration.  With  the  understanding  that  many  types  of  seals  were  considered  for  an  im¬ 
proved  mechanical  toggle  seal,  this  report  section  begins  simply  with  the  description  of 
the  seal  concept  which  was  the  basis  of  the  Bobbin  seal,  the  design  selected  for  labora¬ 
tory  evaluation.  Outside  and  Inside  Bobbin  seal  configurations  are  then  discussed,  and 
the  aspects  of  contact  stresses  and  nickel  plating  are  described.  This  work  led  to  the 
design  of  two  Outside  Bobbin  seals  for  the  experimental  fitting. 


Improved  Seal  Configuration.  Figure  74  shows  the  seal  concept  which  incorporated 
initially  the  greatest  number  of  desired  seal  features.  It  was  postulated  that  primary 
seals  would  be  formed  at  the  ID  of  the  seal  legs  at  A.  These  seals  would  be  created  as 
the  legs  were  deflected  through  an  appropriate  angle  until  the  ID  of  the  legs  contacted  the 
OD  of  the  inner  hubs  of  the  stub  ends.  With  continued  tightening  of  the  nut,  the  toggle 
action  of  the  seal  legs  would  magnify  the  axial  force  to  produce  increased  sealing  forces. 
Elastic  and  plastic  expansion  of  the  seal  tang  would  permit  considerable  tolerance  varia¬ 
tion  in  the  diameters  of  the  sealing  surfaces  and  in  the  angles  of  the  seal  legs.  Because 
the  tendency  of  the  legs  to  buckle  would  be  resisted  by  the  faces  of  the  stub  ends,  it  was 
postulated  that  secondary  seals  would  be  formed  along  the  sides  of  the  seal  legs  at  B. 

The  fitting  would  be  preloaded  through  the  inner  hubs  of  the  stub  ends,  thus  creating  a 
seal  in  parallel  with  the  compression  members. 


•Sec  Appendix  VIII  for  detailed  discussion  of  the  Conoseal  evaluation. 
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This  seal  configuration  had  the  following  desirable  features; 

(1)  Magnification  of  the  axial  force  would  be  attained  to  produce  the  sealing 
forces. 

(2)  The  sealing  forces  would  be  in  parallel  with  the  preload  forces,  thus 
assisting  proper  fitting  preload,  and  minimizing  seal  load  fluctuation. 

(3)  The  effects  of  machining  tolerances  would  be  minimized  because  the 
action  on  one  sealing  surface  would  not  directly  affect  the  action  of  the 
other  sealing  surface. 

(4)  The  expansion  of  the  seal  tang  would  accommodate  machining  and  as¬ 
sembly  variations  by  providing  the  plastic  type  of  load-deflection 
curve  illustrated  in  Figure  73. 

(5)  The  rotation  of  the  sealing  surfaces  would  be  more  predictable  and 
possibly  minimized. 

(6)  By  utilizing  a  base  seal  material  having  considerable  strain-hardening 
ability,  it  would  be  possible  through  plastic  yielding  of  the  seal  tang, 
to  increase  the  elastic  recovery  of  the  seal  over  that  available  from  an 
elastically  deflected  seal. 

Various  seals  of  this  type  were  fabricated  from  stainless  steel  and  assembled. 
Although  the  postulated  action  of  the  seal  appeared  to  be  approximated,  two  difficulties 
were  encountered  with  the  expansion  of  the  tang.  First,  it  appeared  that  insufficient 
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force  was  applied  to  the  sealing  surfaces.  Second,  it  was  realized  that  the  clearance 
needed  between  the  tang  OD  and  the  ID  of  the  nut  thread  to  prevent  interference  for  all 
tolerance  variations  would  result  in  the  fitting  being  larger  and  heavier  than  would  nor¬ 
mally  be  required. 

The  best  means  of  overcoming  these  two  problems  seemed  to  be  the  placement  of 
the  tang  on  the  inside  of  the  seal,  as  shown  in  Figure  75.  By  using  part  of  the  flow  pas¬ 
sage,  if  necessary,  the  tang  could  be  made  stronger  and  the  variations  in  tang  tolerances 
could  be  accommodated.  Because  of  its  resemblance  to  a  bobbin,  this  seal  was  called 
the  Bobbin  seal.  It  was  subsequently  called  the  Outside  Bobbin  seal  to  distinguish  it 
from  the  type  of  seal  shown  in  Figure  74,  which  was  called  the  Inside  Bobbin  seal. 

When  the  tang  was  placed  on  the  inside  of  the  seal,  it  was  also  decided  that  the 
compression  load  of  the  fitting  should  be  transmitted  through  the  seal  tang  as  shown  in 
Figure  75.  The  sealing  loads  would  still  be  in  parallel  with  the  compression  load  of  the 
fitting,  but  the  clamping  of  the  seal  tang  might  minimize  any  tendency  of  the  seal  to  re¬ 
duce  the  sealing  loads  at  elevated  temperatures. 


Outside  Bobbin  Seal.  The  major  potential  problem  of  the  Outside  Bobbin  seal  ap- 
peared  to  be  the  mating  of  the  sealing  surfaces.  While  relative  movement  of  the  sealing 
surfaces  as  the  fitting  was  closed  appeared  to  be  reduced  over  that  of  the  Belleville  seal, 
there  was  still  the  possibility  of  some  movement  taking  place.  Because  of  the  intimate 
surface  contact  needed  to  seal  helium,  such  movement  could  be  detrimental.  Experi¬ 
ments  were  made  to  determine  the  effect  of  tolerance  variations  on  the  seating  action  of 
different  sealing  surface  configurations. 

Figure  76  shows  the  sealing  surface  geometries  which  were  evaluated  with  various 
diametral  clearances.  In  all  cases  the  legs  were  machined  at  an  angle  of  30  degrees  with 
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FIGURE  76.  SEALING  SURFACE  GEOMETRIES  INVESTIGATED 
FOR  THE  OUTSIDE  BOBBIN  SEAL 
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the  seal  tang  face  and  deflected  through  an  angle  of  20  degrees  during  closure.  Initial 
calculations  indicated  that  this  type  of  deflection  would  minimize  the  buckling  of  the  seal 
legs,  maximize  the  tolerance  of  machining  variations,  and  prevent  the  seal  from  becom¬ 
ing  locked  in  place.  Specimens  incorporating  the  variations  were  assembled,  mounted, 
sectioned,  polished,  and  examined  microscopically. 

Despite  the  apparent  desirability  of  the  seal  with  rounded  legs,  Figure  76a,  the 
machining  tolerances  seemed  to  cause  too  much  movement  of  the  sealing  surfaces. 

This,  combined  with  the  difficulty  of  machining  the  radii,  resulted  in  the  abandonment  of 
the  rounded-leg  configuration. 

Figure  76b  shows  the  angle  of  the  flat  sealing  surface  on  the  seal  leg  which  was 
varied  (angles  of  0,  10,  and  20  degrees  were  evaluated)  in  an  attempt  to  get  the  proper 
seating  action.  It  seemed  that  seals  with  a  20-degree  reverse  angle  did  not  have  suf¬ 
ficient  clearance  tolerance.  Seals  with  a  0-  and  a  10-degree  reverse  angle  demonstrated 
little  seating  difference.  In  each  case  the  deflection  of  the  seal  leg  and  the  compression 
of  the  seal  tang  resulted  in  an  interface  contact  length  of  approximately  0.  020  inch.  A 
typical  plated  specimen  is  shown  in  Figure  77. 

Continued  examination  of  the  Outside  Bobbin  seal  specimens  showed  that  the  seat¬ 
ing  action  was  good.  After  initial  contact  in  the  corner,  the  seal  leg  deflected  until  the 
seal  contact  lengthened  to  about  0.  020  inch.  No  relative  movement  of  the  sealing  sur¬ 
faces  could  be  detected  during  this  action.  When  the  seal  was  about  0.  020  inch  long  the 
seal  tang  yielded  plastically,  thus  maintaining  both  the  seal  length  and  the  seal  contact 
force.  The  seal  tang  continued  to  yield  until  the  fitting  was  closed.  The  validity  of  this 
action  for  sealing  helium  was  demonstrated  subsequently  when  a  satisfactory  helium  seal 
was  obtained  with  only  elastic  deformation  of  the  seal  tang  for  maximum  initial  clear¬ 
ance,  and  with  considerable  plastic  deformation  (seal  tang  diameter  reduced  0.  006  inch) 
for  mininum  initial  clearance. 

Contact  Stress  Studies.  Because  of  the  combined  elastic  and  plastic  yielding  which 
can  take  place  in  an  Outside  Bobbin  seal,  it  was  difficult  to  predict  the  actual  stress  ob¬ 
tained  in  the  seal  contact  area.  The  importance  of  knowing  this  stress  for  sealing 
helium  has  been  explained  in  previous  report  sections.  It  was  decided  that  the  sealing 
contact  stress  would  have  to  be  determined  experimentally. 

At  the  same  time,  another  requirement  arose.  It  became  apparent  that  the  Inside 
Bobbin  seal  configuration  offered  at  least  three  possible  advantages  over  the  Outside 
Bobbin  seal.  First,  the  greater  diameter  of  the  seal  tang  of  the  Inside  Bobbin  seal  of¬ 
fered  greater  dynamic  stability  for  the  fitting  because  the  compression  load  would  be  on 
a  larger  diameter.  Second,  the  sealing  surface  of  the  Inside  Bobbin  seal  would  be  less 
susceptible  to  damage  prior  to  and  during  assembly.  Third,  the  circumference  of  the 
sealing  surfaces,  particularly  for  the  smaller  seal  sizes,  would  be  considerably  shorter 
for  the  Inside  Bobbin  seal  and  thus  the  reliability  of  the  seal  might  be  significantly  in¬ 
creased.  However,  there  was  still  a  question  about  the  sealing  contact  stress  possible 
with  an  Inside  Bobbin  seal.  The  decision  was  made  to  combine  the  study  of  contact 
stresses  with  further  study  of  the  Inside  Bobbin  seal.  The  similarity  of  the  action  of  the 
Inside  and  Outside  Bobbin  seals  was  expected  to  permit  much  of  the  work  to  be  extrap¬ 
olated  for  the  Outside  Bobbin  seal. 

Primary  interest  of  the  experimental  work  was  centered  on  three  aspects;  (1)  the 
actual  magnification  of  the  axial  force  by  the  toggle  action  of  the  seal  legs,  (2)  the  abilit- 
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to  predict  the  magnitude  of  the  sealing  force  with  a  plastically  yielded  seal  tang,  and 
(3)  the  ability  of  the  plastically  yielding  seal  tang  to  maintain  the  force  on  the  seal  con¬ 
tact  surfaces.  Figure  78  shows  the  seal  geometries  investigated  and  the  seal  seating 
stresses  for  the  different  geometries.  The  seal  legs  were  made  0.  020  inch  thick  to  limit 
the  width  of  the  sealing  surface.  The  stresses  were  determined  by  the  method  shown  in 
Figure  79*  Part  of  the  stub  ends  were  replaced  by  a  hardened  support  ring  with  the 
strain  gages  attached  to  the  inside  circumference.  The  assembled  parts  were  placed  in 
a  press  and  the  loads  on  the  support  rings  were  recorded  as  the  stub  ends  were  closed. 


Press 


FIGURE  79.  METHOD  FOR  MEASURING  RADIAL  SEALING  FORCE 
OF  INSIDE  BOBBIN  SEAL 

Curve  A  in  Figure  78  was  calculated  by  dividing  the  area  of  an  arbitrarily  selected 
axial  seal  by  the  axial  load.  The  axial  seal  area  was  made  equal  to  the  area  of  the  seal¬ 
ing  surface  on  each  seal  leg  of  the  Inside  Bobbin  seal.  Thus  the  diameter  of  the  radial 
sealing  surface  was  made  equal  to  the  average  diameter  of  an  axial  seal  of  the  same 
seal  width. 

Curve  B  shows  the  sealing  stress  attained  by  a  Belleville-type  seal  in  which  the 
restraining  member  or  seal  tang  does  not  yield.  This  configuration  was  expected  to  give 
the  highest  sealing  stress  for  a  toggle  seal.  Curve  C  is  to  be  compared  with  Curve  B 
to  understand  the  effect  of  the  plastically  yielding  tang.  Curve  D  is  to  be  compared  with 
Curve  C  because  it  represents  the  sealing  stress  that  can  be  obtained  by  using  a  material 
with  an  increased  rate  of  strain  hardening. 

The  significant  conclusions  drawn  from  these  studies  were 

(1)  Considerable  magnification  of  the  axial  force  occurs  in  the  Inside  and 
Outside  Bobbin  seals. 

(2)  An  adequate  sealing  stress  can  be  obtained  with  Inside  and  Outside 
Bobbin  seals  having  a  soft  nickel  plate.  Five  times  the  yield  strength 
of  nickel  is  about  45,000  psi. 

(3)  A  yielding  seal  tang  maintains  a  relatively  constant  sealing  stress. 
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(4)  A  seal  tang  with  increased  strain-hardening  characteristics  will  produce 
a  higher  but  less  constant  sealing  stress. 

(5)  Yielding  of  the  seal  structure  can  be  calculated  with  sufficient  accuracy 
to  accommodate  machining  and  assembly  tolerances  while  yet  maintain¬ 
ing  an  adequate  sealing  stress. 


Nickel  Plating.  Although  the  contact  stress  studies  demonstrated  the  ability  of  the 
Inside  and  Outside  Bobbin  seals  to  magnify  the  axial  force  for  sealing  purposes ,  this 
magnification  was  not  high  enough  that  the  seals  could  be  used  unplated.  It  has  been 
shown  that  from  three  to  five  times  the  apparent  yield  strength  of  the  soft  material  is 
needed  to  seal  helium  reliably.  Figure  78  shows  that,  with  a  yield  strength  of  Type  304 
stainless  steel  of  about  35 , 000  psi,  and  an  annealed  yield  strength  of  AM-355  of  about 
56,000  psi,  the  maximum  contact  stress  obtained  experimentally  was  between  two  and 
three  times  the  yield  strength  of  the  seal  material.  While  it  might  have  been  possible  to 
reduce  the  seal  area  to  obtain  a  higher  contact  stress,  it  was  believed  that  the  seal 
should  be  at  least  0.  020  inch  wide.  Thus,  it  was  decided  that  the  Inside  and  Outside 
Bobbin  seals  should  be  plated  with  a  softer  material. 

Nickel  was  chosen  as  the  plating  material  for  two  reasons:  (1)  it  had  good  com¬ 
patibility  with  the  anticipated  fluids  (the  same  as  Rene  41),  and  (2)  its  high  strength,  in 
comparison  to  some  of  the  softer  materials  such  as  silver,  promised  greater  insensi¬ 
tivity  to  the  vibration  of  the  missile  systems.  As  can  be  seen  from  the  following  proper¬ 
ties  of  fully  annealed  pure  nickel,  five  times  the  yield  strength  of  the  nickel  could  be 
expected  with  Bobbin  seals  whether  the  seal  were  made  of  304  stainless  steel,  AM-355, 
or  Rene  41; 


Modulus  of  Elasticity 
Tensile  Strength 
Yield  Strength 
Elongation 


30  x  10^  psi 
46,000  psi 
8500  psi 
40  per  cent 


In  cooperation  with  Battelle's  Electrochemical  Engineering  Division,  a  nickel 
sulfamate  plating  bath  was  used  to  nickel  plate  the  experimental  seals.  The  plating 
thickness  on  the  critical  sealing  surfaces  was  initially  0.  002  inch  and  the  hardness  of  the 
nickel  as  plated  was  approximately  Rockwell  C  23.  The  plating  thickness  was  increased 
to  0.  003  inch  for  the  final  test  seals  upon  the  advice  of  the  International  Nickel  Corpora¬ 
tion.  The  plated  seals  were  subsequently  annealed  in  a  vacuum  furnace  at  1400  F  for 
30  minutes,  after  which  the  hardness  of  the  nickel  plating  was  approximately 
Rockwell  B  53. 


Protective  Shroud.  Although  the  sealing  edges  of  the  Outside  Bobbin  seal  subse¬ 
quently  demonstrated  a  remarkable  insensitivity  to  damage,  a  feature  was  designed,  as 
shown  in  Figure  80,  to  reduce  the  vulnerability  of  the  sealing  edges.  It  was  postulated 
that  a  thin  metal  or  plastic  protective  shroud  would  be  placed  over  the  seal  after  plating. 
The  shroud  would  remain  on  the  seal  throughout  the  entire  assembly  procedure.  How¬ 
ever,  as  the  fitting  was  closed  and  tightened,  the  protruding  lips  on  the  shroud  would 
abut  the  fitting  stub  ends  and  the  shroud  would  be  collapsed.  This  would  expose  the 
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sealing  surfaces  of  the  seal  only  during  the  assembly  process.  The  necessity  of  such  a 
device  will  depend  on  the  experience  gained  with  Outside  Bobbin  seals  during  experi¬ 
mental  and  developmental  programs. 


Outside  Bobbin  Seals  for  the  Experimental  Fitting 

Because  of  several  advantages  and  disadvantages,  it  was  not  possible  to  determine 
whether  the  Outside  or  the  Inside  Bobbin  seal  configuration  was  better.  With  limited 
laboratory  funds,  it  was  decided  that  the  Outside  Bobbin  seal  would  be  designed  for  the 
experimental  fitting.  Many  of  the  results  would  be  applicable  to  the  Inside  Bobbin  seal 
and  the  better  configuration  could  be  determined  later.  The  best  dimensions  for  the  ex¬ 
perimental  Outside  Bobbin  seals  were  determined  by  a  series  of  experiments. 


Leakage  Evaluation.  By  microscopic  inspection  (see  p  156)  it  had  been  determined 
that  seals  with  reverse  angles  of  0  and  10  degrees  were  preferable  and  that  the  seal  legs 
should  be  deflected  from  an  angle  of  30  degrees  to  an  angle  of  10  degrees  with  the  seal 
tang.  However,  leakage  tests  were  conducted  to  verify  these  tentative  conclusions  and 
to  determine  what  tolerance  limits  were  needed  on  the  sealing  surfaces. 

Two  series  of  tests  were  made,  as  shown  in  Table  21,  In  the  D  series,  the  seal 
legs  were  deflected  20  and  30  degrees.  Table  21  shows  the  stub  ends  for  the  D  and  E 
series  tests  and  the  variations  in  the  seal  dimensions.  The  microscopic  examination 
work  had  shown  that  the  seals  could  be  assembled  with  a  torque  of  about  600  lb-in. 
Torques  generally  in  excess  of  this  were  selected  to  insure  that  insufficient  axial  load 
was  not  a  cause  of  leakage. 

The  leak  tests  were  performed  under  static  conditions,  at  room  temperature,  and 
with  a  maximum  internal  pressure  of  1500  to  1800  psi.  The  leakage  rates  achieved  are 
shown  in  Table  21.  Because  of  the  sensitivity  of  the  leak  detector,  it  was  necessary  to 
denote  many  of  the  measurements  as  simply  less  than  0.  04  x  10”  7  atm  cc/sec.  After  the 
leakage  tests,  representative  fittings  were  mounted,  sectioned,  and  polished. 

The  tentative  conclusions  concerning  the  reverse  angles  were  substantiated  for  the 
D  series  seals.  The  seals  with  a  20-degree  reverse  angle  did  not  seal  adequately  while 
those  with  0-  and  10-degree  reverse  angles  sealed  with  a  high  degree  of  reliability.  In 
fact,  the  ability  of  the  seals  to  seal  adequately  with  0.  012-inch  diametral  clearance  was 
very  surprising.  Microscopic  examination  showed  that  the  length  of  the  seal  was  con¬ 
sistently  about  0.020  inch.  Three  seals,  D-21,  D-22,  and  D-52,  were  deliberately 
scratched  across  the  sealing  surface  with  a  tool  bit  prior  to  assembly.  Each  performed 
satisfactorily.  Examination  showed  that  in  the  assembly  process  some  of  the  nickel 
plating  had  been  forced  into  the  scratch  to  form  the  necessary  seal. 


159 


Seal 

Dimensions  Before  Nickel  Plating 

Nominal  Diametral 

Clearance  After 
Plating,  in. 

Assembly 

Torque, 

lb -in. 

Leakage,  10 

atm  cc/sec 

A 

B 

C 

D 

E 

200  PSI 

500  PSI 

1000  PSI 

>1500  PSI 

D-ll 

0.824 

0.310 

0 

22 

30 

0.002 

720 

<0.04 

<0.04 

<0.04 

<0.04 

D-12 

0.824 

0.310 

0 

22 

30 

0.002 

480 

<0.04 

<0.04 

<0.04 

<0.04 

D-2l(a) 

0.819 

0.310 

0 

22 

30 

0.007 

960 

0.25 

0.18 

0.03 

0.42 

D-22(b) 

0.819 

0.307 

0 

22 

30 

0.007 

960 

0.1 

0.1 

0.1 

a 

i 

to 

<£> 

0.819 

0.307 

0 

22 

30 

0.007 

960 

0.25 

0.25 

0.25 

D-31 

0.814 

0.304 

0 

22 

30 

0.012 

960 

<0.04 

<0.04 

<0.04 

<0.04 

D-32 

0.814 

0.304 

0 

22 

30 

0.012 

960 

0.16 

0.3 

0.3 

0.3 

D-33 

0.814 

0.304 

0 

22 

30 

0.012 

960 

0.46 

0.59 

0.67 

D-41 

0.824 

0.303 

10 

20 

30 

0.002 

720 

<0.04 

<0.04 

<0.04 

D-42 

0.824 

0.303 

10 

20 

30 

0,002 

960 

<0.04 

<0,04 

<0.04 

<0.04 

D-51 

0.819 

0.300 

10 

20 

30 

0.007 

960 

<0.04 

0.34 

0.6 

D-52<a) 

0.819 

0.300 

10 

20 

30 

0.007 

960 

1.3 

1.7 

1.2 

D-61 

0.814 

0,296 

20 

20 

30 

0.012 

960 

Excessive  leak 

D-71 

0.824 

0.296 

20 

18 

30 

0.  002 

1440 

940 

1200 

D-72 

0.824 

0.296 

20 

18 

30 

0.002 

1440 

200 

780 

1340 

D-81 

0.819 

0.289 

20 

18 

30 

0.007 

960 

Excessive  leak 

E-ll 

0.824 

0.296 

20 

18 

30 

0.001 

720 

<0.04 

<0.04 

<0.04 

E-21 

0.819 

0.289 

20 

18 

30 

0.006 

960 

<0.04 

120 

Leaks  excessively 

E-22 

0.819 

0.289 

20 

18 

30 

0.006 

960 

<0.04 

<0.04 

<0.04 

<0.04 

E-31 

0.814 

0.282 

20 

18 

30 

0.011 

960 

<0.04 

0.07 

0.07 

0.07 

E-41 

0.824 

0.283 

10 

18 

20 

Zero 

960 

<0.04 

<0.04 

0.045 

0.045 

E-42 

0.824 

0.283 

10 

18 

20 

0.001 

960 

<0.04 

<0.04 

<0.04 

<0.04 

E-52 

0.819 

0.280 

10 

18 

20 

0.004 

840 

<0.04 

<0.04 

<0.04 

E-61 

0.814 

0.277 

10 

18 

20 

0.011 

960 

0.05 

3.4 

1.3 

76.0 

E-62 

0.814 

0.277 

10 

18 

20 

0.011 

960 

<0.04 

<0.04 

4.2 

E-81 

0.819 

0.286 

0 

11 

20 

0.006 

960 

<0.04 

<0.04 

<0.04 

1.3 

E-82 

0.819 

0.286 

0 

11 

20 

0.006 

960 

0.42 

0.6 

0.55 

0.5 

E-91 

0.814 

0.283 

0 

11 

20 

0.011 

960 

0.17 

0.13 

0.08 

0.08 

E-92 

0.814 

0.283 

0 

11 

20 

0,011 

960 

<0.04 

<0.04 

<0.04 

<0.04 

E-101 

0.  824 

0.332 

10 

22 

30 

0.003 

960 

<0.04 

<0.04 

<0.04 

<0.04 

E-102 

0.824 

0.332 

10 

22 

30 

0,003 

960 

<0.04 

<0.04 

<0.04 

<0.04 

E-121 

0.814 

0.325 

10 

22 

30 

0.007 

960 

<0.04 

<0.04 

<0.04 

(a)  Sealing  surface  scratched. 

(b)  Pressurized  at  1500  psi  for  65  hours. 
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Although  sealing  was  accomplished  with  practically  all  dimensional  variations  of 
the  E  series  seals,  microscopic  examination  showed  that  the  seals  were  not  properly 
seated  in  the  fitting.  Without  exception,  even  with  an  assembly  torque  of  906  lb-in.  ,  the 
preload  was  not  achieved  at  the  tang  as  desired.  Instead,  the  axial  contact  point  between 
the  flange  and  the  seal  was  generally  at  the  base  of  the  seal  leg,  which  was  deformed  as 
shown  in  Figure  81.  According  to  our  preload  considerations,  such  an  assembly  pre¬ 
sented  possible  fitting  problems  resulting  from  improper  fitting  preload. 


FIGURE  81.  FINAL  ASSEMBLED  POSITION  OF  E  SEALS 


Experimental  Stainless  Steel  Seal.  Figure  82  shows  the  dimensions  of  the  experi¬ 
mental  stainless  steel  seal  which  were  determined  by  the  evaluations  described  above. 
The  0.  437  ID  allowed  for  0.  007  plastic  compression  of  the  seal  tang  to  equal  the 
0.430  ID  of  the  stainless  steel  tubing  (see  Table  7,  p  48).  Because  the  sealing  effective¬ 
ness  was  the  same  for  the  0-  and  10-degree  reverse  angle  specimens,  and  because  the 
0-degree  reverse  angle  was  easier  to  machine,  this  configuration  was  selected.  The 
seal  legs  were  machined  at  a  30-degree  angle  to  permit  a  deflection  of  20  degrees  when 
mated  with  a  D-type  stub  end.  With  0.  003-inch-thick  plating,  the  diameter  of  the  sealing 
surfaces  could  vary  from  0.  811  to  0.  815  inch.  This  provided  a  maximum  clearance  of 
0.  009  and  a  minimum  clearance  of  0.  003  inch  when  used  with  stub  ends  whose  sealing 
surface  diameters  were  0.818^0.002  inch. 

Figure  83  shows  the  typical  fluctuation  of  axial  load  as  an  experimental  stainless 
steel  seal  is  compressed  between  two  stub  ends.  In  almost  every  case  one  seal  leg  seats 
before  the  other  because  of  a  slight  difference  in  strength  between  the  two  sides  of  the 
seal.  The  maximum  axial  seating  force  is  usually  about  1200  lb,  although  the  force  has 
been  as  high  as  1320  lb.  According  to  Figure  78,  an  axial  load  of  1200  lb  may  result  in 
a  stress  on  the  seal  contact  surfaces  of  70,000  psi.  However,  because  the  softness  of 
the  nickel  plating  might  limit  the  seating  stress,  it  was  decided  that  a  seating  stress  of 
45,000  psi  (about  five  times  the  yield  strength  of  nickel)  would  be  estimated  until  the 
value  could  be  determined  more  accurately.  With  a  seal  width  of  0.  020  in.  ,  this  means 
that  the  seal  seating  force  is  900  lb/linear  in. 
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FIGURE  82.  EXPERIMENTAL  STAINLESS  STEEL  SEAL 
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FIGURE  83.  LOAD  VERSUS  AXIAL  DISPLACEMENT  CURVE  FOR  SEATING 
OF  TYPICAL  EXPERIMENTAL  STAINLESS  STEEL  SEAL 
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FIGURE  84.  EXPERIMENTAL  RENE  41  SEAL 


FIGURE  85.  POSSIBLE  LIGHTWEIGHT  RENE  41  SEAL 
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According  to  Equation  (20),  p  41,  a  torque  of  240  lb-in.  is  needed  to  supply  an 
axial  load  of  1200  lb  with  a  1-inch  thread.  The  work  with  the  experimental  fitting  showed 
that  the  stainless  steel  seals  could  be  seated  with  torques  ranging  between  3 6 0  and 
600  lb-in.  These  variations  were  caused  by  more  friction  than  allowed  for  in  Equa¬ 
tion  (20)  and  by  differences  in  the  seal  dimensions.  Because  it  is  difficult  to  estimate 
the  axial  force  needed  on  the  seal  tang  to  maintain  a  seal  once  the  seal  has  been  seated, 
the  minimum  axial  seal  load  was  arbitrarily  set  at  10  per  cent  of  the  structural  load  of 
the  fitting. 


Experimental  Rene  Seal.  Although  there  was  mounting  evidence  that  a  nickel- 
plated  stainless  steel  seal  would  work  in  the  experimental  fitting,  there  was  one  major 
potential  source  of  failure.  The  experimental  fitting  was  to  be  for  Class  II  service  and 
the  fitting  material  for  this  service  was  to  be  Rene  41  (see  p  19).  It  was  possible  that  the 
the  difference  in  the  thermal  coefficients  of  expansion  for  stainless  steel  and  Rene  41 
would  cause  leakage  in  the  temperature  range  of  -320  to  600  F.  Although  a  seal  made  of 
annealed  Rene  41  would  be  much  more  expensive  than  one  of  stainless  steel  because  of 
the  machining  characteristics  of  Rene  41,  experimental  Rene  41  seals  were  made  for 
evaluation  in  case  the  stainless  steel  seals  demonstrated  a  temperature  limitation. 

Figure  84  shows  the  dimensions  of  the  experimental  Rene  41  seals.  Except  for  an 
increase  in  the  ID  of  the  seal  tang,  all  dimensions  were  the  same  as  for  the  stainless 
steel  seals.  The  use  of  similar  dimensions  allowed  the  Rene  41  seal  to  be  evaluated  in 
the  same  experimental  fitting  as  was  used  for  the  stainless  steel  seal.  The  increase  in 
the  seal  tang  ID  allowed  the  seating  force  to  be  adjusted  for  the  higher  yield  strength  of 
the  Rene  41  material.  Although  the  torques  needed  to  seat  the  Rene  41  seals  subse¬ 
quently  proved  to  be  about  650  lb-in.  ,  the  minimum  fitting  torque  of  780  lb-in.  (see  p  61) 
was  always  more  than  enough  to  seat  the  Rene  41  seals. 

Because  of  the  high  yield  strength  of  annealed  Rene  41,  it  is  possible  to  get  suffi¬ 
cient  sealing  force  with  less  material  than  for  a  stainless  steel  seal.  This  is  demon¬ 
strated  by  the  thinner  seal  tang  of  the  Rene  41  seal  as  compared  with  the  stainless  steel 
seal.  If  the  ID  of  the  Rene  41  seal  tang  is  determined  by  the  ID  of  the  stainless  steel 
tubing,  the  Rene  41  seal  can  be  reduced  considerably  in  size  without  reducing  the  sealing 
force.  Figure  85  shows  a  smaller  Rene  41  seal  based  on  a  stainless  steel  tubing  sys¬ 
tem  and  the  use  of  a  7/8-20  NEF  thread  on  the  nut.  The  fitting  to  use  this  seal  was  de¬ 
signed  and  a  sample  was  fabricated,  but  no  tests  were  conducted.  The  smaller  fitting 
was  34  per  cent  lighter  in  weight  than  the  fitting  which  was  evaluated. 
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LABORATORY  EVALUATION  OF  PROPOSED  ONE -HALF  INCH 
CLASS  II  FITTING  DESIGN 


During  Phase  I ,  design  procedures  and  concepts  were  developed  for  improved 
threaded  and  flanged  connections.  Because  Phase  II  funds  were  limited,  and  because  a 
greater  problem  exists  with  threaded  fittings  than  with  flanged  fittings  on  missiles,  it 
|  was  decided  that  the  Phase  II  laboratory  evaluation  of  the  developed  design  procedures 

and  concepts  should  be  concerned  with  a  representative  threaded  fitting.  During  a  dis- 
;  cussion  with  the  project  monitor  at  the  end  of  Phase  I,  it  was  decided  that  a  l/2-inch 

:  Class  II  threaded  fitting  would  be  a  representative  fitting.  The  decision  was  based  on 

the  wide  temperature  range,  -320  to  600  F,  and  on  the  general  applicability  of  the  fitting 
material  -  Rene  41. 

The  important  dimensions  of  the  1 /2-inch  experimental  fitting  are  discussed  in 
;j  detail  in  a  previous  report  section  entitled  "Proposed  Threaded  Fitting  Design". 

Figure  20  of  that  section  shows  the  configuration  of  the  proposed  fitting  as  it  would  be 
|  installed  in  a  tubing  system.  Because  North  American  Aviation  is  still  developing  the 

'  tube -to -fitting  connection,  the  Phase  II  laboratory  work  was  concerned  with  the  evalua¬ 

tion  of  the  fitting  principles  not  associated  with  the  tube -to -fitting  connection. 

This  report  section  is  presented  in  three  parts: 

•  Fitting  Design 

•  Experimental  Procedure 

•  Summary  of  Laboratory  Results 

The  first  part  summarizes  the  experimental  fitting  by  brief  discussions  of  com- 
i  ponent  pictures  and  drawings.  Included  in  this  part  of  the  report  are  detail  drawings  of 

a  promising  reduced- size  fitting  which  has  yet  to  be  evaluated. 

The  second  report  part  describes  the  experimental  procedure  as  defined  by  the 
contract  and  by  discussion  with  the  project  monitor.  The  third  part  discusses  the  re¬ 
sults  of  tne  laboratory  evaluation. 


Fitting  Design 


Experimental  Fitting 

Figure  86  shows  the  experimental  fitting  as  it  was  designed  for  evaluation  during 
temperature  cycling.  Figure  87  shows  a  section  of  the  assembled  fitting,  while  Fig¬ 
ures  88,  89,  90,  and  91  show  the  dimensions  of  the  fitting  components.  The  dimensions 
shown  for  the  seal,  the  nut,  and  the  flanges  of  the  stub  ends  were  the  same  as  those  for 
the  proposed  fitting.  The  dimensions  of  the  hubs  of  the  stub  ends  starting  at  the  back  of 
the  stub-end  flanges  were  dictated  by  the  requirements  of  the  temperature-cycling  test 
equipment. 
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b.  Assembled  Fitting  With  Nut  Retracted 

FIGURE  86.  EXPERIMENTAL  FITTING  FOR 
TEMPERATURE  CYCLING 
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FIGURE  87.  ASSEMBLED  EXPERIMENTAL  FITTING 


FIGURE  88.  FINAL  EXPERIMENTAL  SEAL 


FIGURE  89.  EXPERIMENTAL  NUT 
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FIGURE  90.  EXPERIMENTAL  THREADED  STUB  END 
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FIGURE  91.  EXPERIMENTAL  PLAIN  STUB  END 
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Two  important  dimensions  are  shown  which  were  not  discussed  in  the  "Proposed 
/'In: ended  Fitting  Design"  section.  First  the  plain  stub  end  has  a  10-degree  angle  on  the 
!)nck  face  of  the  flange  to  maintain  the  moment  arm  on  the  nut  flange  at  a  constant  length. 
Jf  this  length  change s,  the  effective  spring  rate  of  the  nut  changes  and  the  proper  preload 
relationship  may  be  lost.  Second,  the  face  of  each  stub  end  which  clamps  the  seal  tang 
is  knurled.  These  knurled  surfaces  prevent  the  friction  of  the  nut  flange  from  turning 
the  plain  stub  end  in  relation  to  the  seal  or  to  the  threaded  stub  end.  Such  movement  can 
disturb  the  critical  mating  at  the  sealing  surfaces. 

Stub  ends  were  also  designed  which  permitted  the  fitting  to  be  welded  to  stainless 
steel  tubing  for  vibration  and  reverse  bending  evaluation.  These  stub  ends  were  the 
same  as  the  ones  shown  in  Figures  90  and  91  except  that  the  hubs  were  tubular  with 
0.  505-inch  OD  and  0.  430-inch  ID.  The  hub  on  the  threaded  stub  end  also  provided 
wrench  flats. 


Possible  Lightweight  Fitting 

The  experimental  Rene  41  seal  was  designed  to  permit  its  evaluation  in  the  same 
fitting  used  to  evaluate  the  stainless  steel  seal.  A  fitting  which  would  weigh  34  per  cent 
less  than  the  experimental  fitting  is  possible  if  the  Rene  41  seal  is  modified  on  the  basis 
of  an  ID  of  0.  437,  (see  Figure  85)  and  if  the  wrench  flats  on  the  threaded  flange  are  rede¬ 
signed.  The  resulting  lightweight  fitting  is  shown  in  Figure  92.  Details  of  the  stub 
ends,  nut,  and  seal  are  shown  in  Figures  93,  94,  95,  and  96. 

The  tube-to-fitting  connection  would  remain  unchanged  as  would  the  stub-end 
flanges  (except  for  reduction  in  flange  OD).  Reduction  of  the  seal  OD  makes  it  possible 
to  use  a  7/8-20  thread  instead  of  the  larger  1-20  thread.  Because  of  the  reduced  thread 
diameter,  the  distance  across  flats  on  the  nut  can  alBo  be  reduced  from  1-1/16  to 
15/16  in.  The  redesigned  nut  is  30  per  cent  lighter  than  the  standard  nut. 

A  large  weight  saving  would  be  realized  if  the  wrench  flats  were  replaced  by  a 
3-  or  5-spoke  female  spline  machined  in  the  hub  of  the  threaded  stub  end,  as  shown  in 
Figure  94.  Of  course,  use  of  a  spline  will  necessitate  specification  of  a  special  wrench. 
However,  such  a  tool  could  be  simple,  easily  manufactured,  and  relatively  inexpensive. 

If  wrench  flats  were  used  instead  of  a  spline,  the  total  weight  saving  in  the  fitting  as¬ 
sembly  would  be  only  about  24  per  cent. 


Experimental  Procedure 


Ah  defined  by  the  conditions  of  the  contract  and  by  detailed  discussions  with  the 
monitor,  five  types  of  experiments  were  performed  during  Phase  II: 

•  Temperature  Cycling 

•  Repeated  Assembly 

•  Stress  Reversal 


•  Vibration 

O  Operational  Evaluation 
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FIGURE  92.  EIGHT  WEIGHT  1/ 2-INCH  CLASS  II  CONNECTION  WITH  RENE  41  SEAL 
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FIGURE  93.  LIGHTWEIGHT  PLAIN  STUB  END 
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(  it  ,it  t;  I :  >M.  LIGHTWEIGHT  THREADED  STUB  END 


Temper ature  Cycling 


The  effect  of  temperature  variation  was  normally  evaluated  by  three  types  of 
f  y  Jes.  (1)  between  room  temperature  and  -320  F,  (2)  between  room  temperature  and 
f’OO  F ,  and  (3)  between  600  and  -320  F.  In  addition,  some  extreme  thermal  cycles  were 
performed  between  1200  to  1500  F  and  -320  F. 

The  system  used  for  these  experiments  is  shown  in  Figure  97.  A  vacuum  chamber 
was  fabricated  from  0.  032-inch  stainless  steel  and  was  welded  directly  to  the  fitting  as 
shown.  A  thermocouple,  which  contacted  the  outer  surface  of  the  nut,  was  inserted  into 
the  vacuum  chamber.  Another  thermocouple  was  inserted  into  the  gas  space  in  the  fit¬ 
ting.  The  fitting  was  heated  internally  by  an  electric  sheath  heater  and  was  cooled  to 
-320  F  by  immersing  the  entire  assembly  in  liquid  nitrogen.  The  rate  of  heating  was 
controlled  by  a  Variac.  Normally  the  fitting  could  be  heated  from  -320  to  600  F  in  5  to 
7  minutes.  Heating  to  1200  F  required  7  to  10  minutes.  The  fitting  could  be  cooled  from 
the  highest  temperatures  to  -320  F  in  about  5  minutes.  An  internal  pressure  of  1800  to 
2200  psi  was  maintained  by  a  pressure  regulator  with  a  built-in  pressure-relief  valve. 


FIGURE  97.  SYSTEM  USED  FOR  GENERAL  LEAK  TESTING 
AND  FOR  TEMPERATURE  CYCLING 
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Repeated  Assembly 


The  repeated  assembly  tests  were  performed  with  two  different  fittings  and  with 
stainless  steel  seals.  The  fittings  were  leak  tested  at  room  temperature  and  at  2200-psi 
pressure.  Proof-pressure  tests  at  3000  psi  were  also  performed.  The  lubricant  used 
during  these  tests  was  FELPRO  C5-A*,  a  high-temperature  antiseize  colloidal,  copper 
thread  compound.  After  each  assembly  the  threads  were  cleaned  and  fresh  lubricant 
was  applied. 


Stress  Reversal 


Stress  reversal  conditions  were  simulated  with  the  equipment  shown  in  Figure  98a. 
Details  of  the  fitting  assembly  location  are  shown  in  Figure  98b.  The  double  eccentric 
cam  on  the  motor  shaft  was  first  adjusted  to  a  zero  position;  that  is,  no  strain  was  regis¬ 
tered  by  the  strain  gage  as  the  motor  shaft  was  rotated  360  degrees.  The  eccentric  was 
then  adjusted  to  register  an  amount  of  strain  equivalent  to  a  given  stress  level  at 
Point  A  for  an  equivalent  length  of  stainless  steel  tubing.  Generally  an  equivalent  stress 
of  about  22,000  psi  was  imposed.  The  duration  of  the  test  was  for  200,000  cycles  at  a 
rate  of  1000  cpm. 


Vibration 


The  vibration  tests  were  performed  on  a  standard  Calidyne  machine  Model 
No.  174.  The  fitting  and  tubing  assembly  was  clamped  as  shown  in  Figure  99  and  vi¬ 
brated  at  35  g's  as  follows: 

Frequency,  cps  Time,  minutes 


Sweep,  40  to  2000 
Sweep,  2000  to  40 
Sweep,  40  to  2000 
Sweep,  2000  to  40 
142 


3 

3 

3 

3 

24  (204,500  cycles) 


A  frequency  of  142  cps  was  chosen  because  resonance  of  the  entire  assembly  was 
induced.  Essentially  the  fitting  was  in  a  stress-free  state  during  the  vibration  test.  It 
is  presumed  that  if  a  fitting  could  successfully  undergo  the  stress-reversal  test,  then  it 
could  also  withstand  whatever  stresses  would  be  imposed  during  a  vibration  test. 
Therefore,  the  purpose  of  the  vibration  test  was  to  determine  whether  the  vibration  would 
cause  any  loosening  or  backoff  of  the  nut  irrespective  of  structural  fatigue. 


•Manufactured  by  Felt  Products  Manufacturing  Company,  Skokie,  Illinois. 
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Tube  and  fitting  assembly 


Strain  gage 


Fitting  and  tubing  assembly' 


Fixture  clamps 


Shake  Table  a-4564i 


FIGURE  99-  FIXTURE  USED  FOR  VIBRATION  TESTS 


Operational  Evaluation 

The  operational  service  test  specified  in  the  contract  included  vibration  and  stress 
reversal  at  room  temperature.  It  was  decided  that  a  more  realistic  test  would  be  made 
if  the  stress-reversal  test  was  conducted  with  the  fitting  heated  to  600  F.  For  opera¬ 
tional  evaluation,  each  fitting  assembly  was  subjected  in  turn  to  vibration,  stress  re¬ 
versal  at  600  F,  three  types  of  thermal  cycling,  and  3000-psi  proof- pressure  tests.  If 
leakage  did  not  develop,  the  same  fitting  assembly  was  subjected  to  another  complete 
set  of  tests. 

Summary  of  Laboratory  Results 

Because  some  fittings  were  used  in  more  than  one  type  of  experiment,  the  dis¬ 
cussion  includes  the  fitting  number.  The  fittings  used  for  the  different  tests  were: 

Thermal  Cycling  Fittings  Nos.  3,  4,  6,  and  9 

Repeated  Assembly  Fittings  Nos.  7  and  1Z 

Stress  Reversal  Fittings  Nos.  7  and  8 

Operational  -  Vibration  Fittings  Nos.  8,  9,  10,  and  11 
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Thermal  Cycling 


Table  22  gives  a  summary  of  results  for  all  the  thermal  cycling.  The  results  are 
discussed  briefly  for  each  fitting. 


Fitting  No.  3.  Initially  this  fitting  was  assembled  with  a  stainless  steel  seal.  Al¬ 
though  the  fitting  did  not  leak  on  the  first  cycle  from  room  temperature  to  600  F  and 
back,  it  did  show  an  excessive  leak  on  the  second  cycle. 

A  second  stainless  steel  seal  was  assembled  in  the  fitting.  A  total  of  17  cycles 
were  completed  between  room  temperature  and  600  F,  and  the  fitting  was  under  pressure 
for  a  total  of  30-1/2  hours.  No  leakage  was  noted  during  the  entire  period. 


Fitting  No.  4.  Assembled  with  a  stainless  steel  seal,  this  fitting  completed  two 
cycles  between  room  temperature  and  -320  F,  two  cycles  between  room  temperature  and 
600  F,  and  one  cycle  between  600  and  -320  F  without  leakage. 

A  second  assembly  with  a  stainless  steel  seal  was  cycled  two  times  successfully 
between  about  room  temperature  and  -320  F.  On  one  cycle  from  room  temperature  to 
600  F  a  small  leak  was  indicated.  On  the  first  cycle  from  600  F  to  -320  F  an  excessive 
leak  occurred  at  about  -200  F. 


Fitting  No.  6.  The  stainless  steel  seal  which  was  first  assembled  in  the  fitting 
showed  no  leakage  during  17  cycles  from  room  temperature  to  -320  F.  During  the  next 
seven  cycles  to  -320  F  a  small  leak  was  occasionally  indicated.  On  the  fourth  cycle  from 
room  temperature  to  600  F  an  excessive  leak  was  indicated. 

Because  the  stainless  steel  seals  appeared  to  be  having  difficulty  in  sealing  over 
the  required  temperature  range,  it  was  decided  that  tests  should  be  initiated  with  seals 
made  of  Rene  41.  If  leakage  was  being  caused  by  the  difference  in  the  coefficient  of  ex¬ 
pansion  between  the  stainless  steel  of  the  seal  and  the  Rene  41  of  the  fitting  stub  ends, 
this  problem  would  be  greatly  reduced  by  the  use  of  a  Rene  41  seal. 

Fitting  No.  6  was  assembled  with  a  Rene  41  seal.  Although  the  leak  detector  was 
not  free  of  helium  at  the  start  of  the  tests,  it  was  decided  that  the  thermal  cycling  should 
be  initiated  to  get  an  indication  of  the  performance  of  the  Rene  41  seal.  The  fitting  was 
subjected  to  9  cycles  between  room  temperature  and  600  F  and  3  cycles  between  -320  and 
600  F.  A  steady  decrease  in  indicated  leak  rate  during  the  tests  showed  that  the  fitting 
was  either  not  leaking  or  had  only  a  very  small  leak. 

Starting  the  next  day,  when  the  leak  detector  was  functioning  satisfactorily, 

12  cycles  were  completed  between  -320  and  600  F  and  8  cycles  were  completed  between 
-320  and  about  1200  F.  No  leakage  was  indicated  in  any  of  these  tests.  The  entire 
32  cycles  extended  over  a  36-1  /2-hour  period. 


Fitting  No.  9.  This  fitting  was  assembled  with  a  Rene  41  seal  and  used  for  the 
operational  tests.  The  successful  results  of  those  tests  are  given  in  a  later  discussion. 
When  the  laboratory  work  of  Phase  II  was  essentially  completed,  it  was  decided  that 


179 


TABLE  22.  RESULTS  OF  LEAKAGE  TESTS,  FITTINGS  NOS.  3,  4,  6,  AND  9 


Maximum  Recorded 
Total  Test  Leak  Rate, 

Period,  minutes  10*7  atm  cc/sec 


SSI 

780 

1 

2000 

RT/600 

15 

o(a) 

2 

2000 

RT/600 

15 

1  (at  600) 

3 

2000 

RT 

-- 

100 

SS2 

720 

1  and  2 

2000 

RT/600 

5 

0 

3 

2000 

RT 

15  hours 

0 

4-15 

2000 

RT/617 

77 

0 

SS3 

960 

1-2 

2000 

RT/-320 

40 

0 

3-4 

2000 

RT/600 

65 

0 

5 

2000 

600/-320 

5 

0 

SS4 

1020 

1 

1800 

RT/-320 

30 

0 

2 

1800 

-320/150 

15 

0 

3 

1800 

150/-320 

5 

0 

4 

1800 

-320/130 

10 

0 

5 

1800 

130/600 

15 

0.8 

6 

1800 

600/90 

10 

0.8 

7 

1800 

90  /600 

10 

0.8 

8 

1800 

600/-200 

Excessive  leak 

9 

1800 

RT 

13  hours 

1300 

SS5 

1020 

1-17 

1800 

RT/-320 

Hold  at  -320  for 

0 

15  minutes  during 

each  cycle 

18 

34 

19 

2.1 

20-23 

0 

24 

1.7 

25-26 

RT/600 

Hold  at  600  for  15 

0 

27 

minutes  during 

0  at  600 

each  cycle 

28 

RT 

1300 

28 

600 

1.7 

29 

RT 

1300 

R2 

780 

1 

1600 

355 

200 

35 

3l(b) 

2 

1600 

435 

255 

30 

18.5(b) 

3 

1600 

555 

365 

30 

13.4(b) 

4 

1600 

575 

295 

30 

8.4(b) 

5- 

1500 

630 

410 

30 

8.4(b) 

6 

1400 

605 

410 

35 

7.6(b) 

7 

1400 

600 

465 

40 

5.0^ 

8 

1400 

610 

480 

30 

3. 3(b) 

9 

1300 

605 

405 

20 

3.3(b) 

10 

1200 

-320/600 

-170/430 

60 

3.3(h) 

11 

1200 

-320/650 

-130/425 

45 

3.3(b) 

Fitting 

No. 


Assembly 
Torque, 
lb- in. 


Average 

Internal 

Pressure, 

psi 


Average  Temperature,  F 
Gas,  Nut, 

Low /High  Low /High 
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TABLE  22.  (Continued) 


Average 


Fitting 

No. 

Seal 

No. 

Assembly 

Torque, 

lb-in. 

Cycle 

No. 

Internal 

Pressure, 

psi 

Average  Temperature,  F 
Gas,  Nut, 

Low/High  Low/High 

Total  Test 
Period,  minutes 

Maximum  Recorded 
Leak  Rate, 

10"7  atm  cc/sec 

6 

R2 

12 

1200 

-320/620 

-110/380 

55 

2.9(b) 

13-24 

2200 

-320/667 

-137/390 

50 

0 

25-32 

2000 

-320/1225 

928 

70 

0 

9 

R41 

840 

1 

2000 

-320/1444 

-320/1210 

50 

0 

2 

200J 

-320/1530 

-320/1270 

50 

0 

3 

2000 

-320/1400 

-320/1040 

50 

0 

(a)  Because  of  machine  sensitivity,  the  lowest  leak  rate  recorded  was  .04  x  10” 7  atm  cc/sec.  The  actual  leak  rate  was 
probably  lower,  and  is  designated  by  zero. 

(b)  Leak  detector  was  flooded  with  helium  and  did  not  record  properly. 


extreme  thermal  cycling  should  be  conducted  in  an  effort  to  find  the  temperature  limita¬ 
tions  of  the  Rene  41  seal.  Three  cycles  were  completed  between  -320  and  about  1450  F. 
No  leakage  was  recorded. 

Although  this  particular  fitting  structure  cannot  be  specified  for  such  extreme  tem¬ 
perature  service  without  reducing  the  allowable  imposed  loads  and  without  specifying  a 
service  time,  the  ability  of  the  fitting  to  withstand  such  a  severe  thermal  shock  shows 
that  the  basic  fitting  configuration  can  be  designed  for  approximately  1500  F  service. 


Repeated  Assembly 

Fitting  No.  7  was  assembled  25  times  with  a  torque  of  840  lb-in.  Seals  Nos.  5, 

10,  20,  and  24  were  leak  tested  at  2000  psi.  Seal  No.  25  was  leak  tested  at  3000  psi, 
the  proof-pressure  rating.  Seals  Nos.  10  and  24  were  not  nickel  plated,  whereas  the 
other  three  were.  No  leakage  was  recorded  with  any  seal  tested.  The  OD  of  the  plain 
stub  end  flange  was  measured  after  each  assembly.  No  measurable  change  occurred. 
Thread  galling  became  noticeable  on  the  17th  assembly  but  did  not  become  severe  until 
the  24th.  However,  even  after  the  25th  assembly  it  was  still  possible  to  run  the  nut  onto 
the  threaded  flange  by  hand. 

Fitting  No.  12  was  assembled  21  times  with  a  torque  of  1020  lb-in.  Seals  Nos.  1, 
9,  10,  20,  and  21  were  tested  at  the  proof  pressure  of  3000  psi.  Seals  Nos.  9  and  20 
were  not  plated.  Again  zero  leakage  was  recorded  in  all  tests  and  again  the  OD  of  the 
stub  end  flange  was  unchanged.  However,  thread  galling  became  noticeable  after  only 
11  assemblies,  and  after  a  few  more  assemblies  it  was  not  possible  to  run  the  nut  onto 
the  threaded  flange  by  hand.  The  male  threads  on  the  threaded  flange  were  chased  with 
a  thread  file  and  this  relieved  the  galling.  However,  because  the  nut  threads  had  not 
been  re-machined,  thread  galling  increased  until  the  final  assemblies  were  again  quite 
difficult. 

Undoubtedly  the  difference  in  repeated-assembly  results  between  the  two  fittings 
was  caused  by  the  difference  in  torque.  Because  the  recommended  torques  are  780  lb-in. 
minimum  and  900  lb-in.  maximum,  and  because  1040  lb-in.  represents  the  overtorque 
limit,  the  results  reported  above  indicate  that  repeated  assembly  should  not  present  a 
problem. 


Stress  Reversal 


Fittings  Nos,  7  and  8  were  tested  with  Rene  41  seals  in  the  preliminary  stress- 
reversal  experiments.  These  experiments  were  performed  prior  to  the  operational 
service  experiments  to  evaluate  the  effects  of  nut  orientation.  Fitting  No.  7  was  oriented 
as  in  Figure  100a,  and  Fitting  No.  8  was  oriented  as  in  Figure  100b.  It  was  specified*  that 
the  fitting  should  be  capable  of  withstanding  a  reverse  stress  equivalent  to  75  per  cent  of 
the  yield  stress  of  the  tubing  material  for  200,000  cycles  at  1000  cpm.  Although  the  fit¬ 
ting  was  fabricated  from  Rene  41,  it  is  assumed  that  the  tubing  system  will  be  stainless 
steel  for  the  first  installations.  The  yield  stress  of  annealed  stainless  steel  at  600  F  is 
approximately  29,200  psi.  The  allowable  stress  level  would,  therefore,  be  21,900  psi. 
The  actual  stresses  imposed  and  the  results  of  the  leak  tests,  conducted  at  the  end  of 
each  cycling  period,  are  given  in  Table  23.  Fitting  No.  7  was  originally  cycled 

•Paragraphs  IIC3f  and  III2g  of  Contract  AF  04{611)-8176. 
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200,000  times  at  approximately  half  the  allowable  stress,  to  check  out  the  equipment 
and  the  procedure.  Three  subsequent  tests  of  200,000-cycle  duration  were  conducted  at 
varying  stress  levels  at  room  temperature.  A  fifth  test  of  200,000  cycles  at  600  F  was 
also  successfully  completed. 

TABLE  23.  CONDITIONS  OF  STRESS-REVERSAL  TESTS  AND  LEAK -TEST  RESULTS 


Fitting 

No. 

Assembly 

Torque, 

lb-in. 

Nut 

Temp, 

F 

Maximum 

Tensile!3) 

Stress, 

psi 

Maximum 
Compressive!3) 
Stress,  psi 

Cycles 

Gcis 

Pressure, 

psi 

Maximum 
Leak  Rate, 
lO'^atm 
cc/sec 

7 

840 

RT 

7,790 

8,430 

200,000 

2000 

0 

RT 

20,320 

18,820 

200,000 

2000 

0 

RT 

21,200 

20,200 

200,000 

2000 

0 

RT 

29,200 

26,000 

200,  000 

2000 

0 

600 

20,320 

20,200 

200,000 

2000 

0 

8 

960 

RT 

25,300 

22,  600 

200,000 

2000 

0 

RT 

24,000 

21,400 

540,000 

500 

9 

1000 

no 

2000 

Excessive 

(a)  Based  on  .035  in. -wall  stainless  steel  tubing. 


Fitting  No.  8  was  assembled  at  a  slightly  higher  torque  and  tested  successfully  for 
the  required  200,000  cycles  at  room  temperature  at  an  average  stress  of  24,000  psi.  A 
subsequent  test  for  540,000  cycles  at  room  temperature  and  an  average  stress  of 
22,700  psi  developed  a  leak.  Although  the  fitting  could  almost  seal  adequately  at  500  psi 
and  the  leakage  at  1000  psi  was  only  about  10“^  atm  cc/sec,  the  leakage  at  2000  psi  was 
excessive.  Because  the  leakage  rate  was  not  monitored  during  the  stress-reversal 
tests,  it  is  not  known  how  many  cycles  caused  the  leakage  to  be  measurable.  During 
future  test  programs,  a  means  of  monitoring  the  leakage  during  the  test  should  be  de¬ 
vised.  A  possible  method  would  be  use  of  a  bellows  vacuum  chamber  which  would  de¬ 
flect  easily  without  adding  to  the  rigidity  of  the  tubing  and  fitting  assembly. 


Operational  Evaluation 


To  provide  an  indication  of  operational  capability,  a  fitting  was  put  through  four 
types  of  tests:  200,000  cycles  of  vibration  at  35  g's,  200,000  cycles  of  reverse  bending 
at  600  F,  three  types  of  thermal  cycles  (see  Table  24),  and  5  minutes  at  3000-psi  proof 
pressure.  At  the  end  of  the  reverse-bending  tests,  the  fitting  was  tested  for  leakage 
with  2000-psi  helium.  During  the  thermal  cycling  and  the  proof-pressure  tests,  the 
leakage  of  the  fitting  was  monitored  constantly.  For  the  thermal  cycling,  2000-psi  helium 
was  used. 

Fittings  Nos.  9  and  10,  assembled  with  Rene  41  seals,  successfully  completed  two 
series  of  operational  tests  without  leaking.  This  was  equivalent  to  1  hour  of  vibration  at 
35  g * s ^  400,000  cycles  at  an  average  stress  of  24,000  psi  at  600  F,  approximately 
14  thermal  cycles,  and  10  minutes  at  3000-psi  proof  pressure. 
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1.1!/ 


t  e  rr .  4  ■"'4  1 1,  assembled  with  stainless  steel  seels,  did  not  perform 

1 f  tth'.-.fgh  n+',th+r  fitting  leaked  after  the  vibration  test  and  the  stress- 

14,/*  t***sge  was  caused  almost  immediately  when  the  fittings  were 
i  *  •  f  r*h*  ft  these  tests  are  given  in  Table  ..4. 
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u  t  . . I  t>,-  *  criteria  established  by  the  contract  and  by  the 

,  .  *  u.  i,.n. «**.•*  tentative  conclusions  can  be  stated: 

'•..••'-.'.•At  I  tie  mechanical  toggle  seal  has  shown  an  initial 
.*  .I  *  »I  .tittl,*  n”  Uatiug  helium  that  is  far  beyond  our  expectations, 
i  .i,  ti  t  ii«  .iimeiisiiin#  oi  the  D  and  E  series  seals  give 


excellent  initial  sealing,  but,  of  the  29  seals  assembled  for  the  tests 
described  in  this  section,  26  showed  no  measurable  leakage  on  a  leak 
detector  with  a  10“ 9  sensitivity.  One  of  the  remaining  seals  (R2)  was 
not  measured  accurately  at  the  beginning  because  of  the  condition  of 
the  leak  detector.  Two  plated  stainless  steel  seals  showed  excessive 
leakage  on  initial  assembly.  The  cause  of  these  leaks  has  not  been 
determined.  However,  the  fact  that  four  of  the  seals  tested  were 
unplated  stainless  steel  emphasizes  the  high  reliability  of  the  plated 
mechanical  toggle  seal. 


Tightening  Allowance.  With  a  seal-seating  torque  of  480-600  lb-in.  ,  with 
minimum  and  maximum  recommended  torques  at  780  and  900  lb-in.  ,  re¬ 
spectively,  and  with  an  overtorque  limit  of  1040  lb-in.  ,  the  fitting  has  an 
exceptionally  wide  tightening -allowance  capability. 


Repeated  Assembly.  The  fitting  can  be  assembled  25  times  with  no  problem 
if  the  recommended  torque  values  are  used  and  if  a  new  seal  is  used  each 
time. 


Proof  Pressure.  The  fitting  can  adequately  sustain  a  proof-pressure  test 
of  3000  psi. 


Temperature  Performance.  With  a  Rene  41  seal,  the  Rene  41  fitting  is 
satisfactory  between  -320  and  600  F.  There  is  substantial  evidence  that 
the  fitting  may  be  satisfactory  between  -320  F  and  1500  F  under  conditions 
where  fluid  pressures  and/or  dynamic  loads  are  reduced.  The  temperature 
range  with  a  stainless  steel  seal  has  not  been  clearly  established. 


Operational  Service.  With  Rene  41  seals,  the  general  performance  of  the 
fitting  during  the  operational  tests  was  good.  However,  two  aspects  need 
further  clarification.  First,  the  method  of  loading  the  plain  stub  end  by 
the  nut  flange  may  make  the  fitting  too  sensitive  to  reverse  bending.  If 
so,  this  will  have  to  be  corrected.  Second,  a  more  realistic  series  of 
operational  tests  must  be  made  with  the  fitting,  and  leakage  of  selected 
fittings  must  be  monitored  constantly  during  all  tests.  However,  in  view 
of  the  little  modification  that  has  been  done  with  the  fitting  design,  there 
is  every  reason  to  expect  that  the  fitting  will  be  able  to  pass  any  realistic 
operational  test  satisfactorily. 
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SUMMARY  OF  RECOMMENDATIONS 


As  a  result  of  the  work,  the  basis  for  the  development  of  an  improved  family  of 
mechanical  fittings  has  been  established.  Five  primary  recommendations  have  been 
formulated: 

Fitting -to-Fitting  Connection 

The  reconnectable  union  should  be  either  threaded  or  flanged. 

Threaded  fittings  should  be  limited  to  those  sizes  and  classes  which  can 
be  assembled  with  2000  lb-in.  torque  or  less.  In  no  case  should  a 
threaded  <■  r.nection  be  used  for  fittings  on  tubing  greater  than  1-inch 
diameter. 

Tube -to-Fitting  Connection 

The  connection  between  the  tube  and  the  fitting  should  be  a  perma¬ 
nent  joint  made  independent  of  the  seal  mechanism  or  the  reconnectable 
union.  Furthermore,  the  brazed  or  welded  joining  method  developed  by 
North  American  Aviation  should  be  adapted  to  expedite  qualification  of  a 
mechanical  fitting. 

Seal 

Seals  for  flanged  connections  should  be  selected  on  the  basis  of  the 
flange-design  procedure  described  in  this  report.  Seals  for  threaded 
connections  should  be  based  on  the  mechanical  toggle  principle,  em¬ 
ploying  either  outside  or  inside  sealing  surfaces. 

Fitting  Classes 

For  the  threaded  fittings,  four  classes  should  be  specified  on  the 
basis  of  temperature  range  and  maximum  pressure.  Flanged  fittings  in 
general  should  be  designed  to  satisfy  specific  service  conditions  by  appli¬ 
cation  of  the  design  procedure  illustrated. 

Follow-On  Development  Program 

Because  the  soundness  of  the  threaded-fitting  concept,  developed 
during  the  program,  was  demonstrated  by  the  laboratory  studies,  a 
follow-on  developmental  program  should  include  the  following  studies: 

(1)  The  comparative  features  of  outside  and  inside  seals  should  be  in¬ 
vestigated  further,  and  the  performance  of  the  lightweight  1 /2-inch 
fitting  made  of  Rene  41  should  be  evaluated. 

(2)  A  line  of  Rene  41  fittings  —  unions,  tees,  elbows,  and  crosses  — 
should  be  designed,  fabricated,  and  evaluated. 
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(3)  One-half-inch-tube  fittings  of  a  low-strength  material,  probably 
Type  347  stainless  steel,  should  be  designed,  fabricated,  and 
evaluated. 

(4)  Typical  fittings  should  be  designed  for  two  or  three  other  mate¬ 
rials  and  for  a  few  combinations  of  likely  materials. 

(5)  Selection  criteria  for  threaded  fittings  should  be  established. 
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APPENDIXES 


APPENDIX  I 


CALCULATION  METHODS  FOR  STRESSES  AND  DISPLACEMENTS 


Introduction 


Most  of  the  calculation  methods  described  herein  have  been  used  for  many  years 
in  the  design  of  flanged  connections  for  pipelines  and  pressure  vessels.  In  particular , 
the  stress  calculation  method  for  outwardly  projecting  flanges  was  developed  by 
Waters,  et  al.  (l)*  in  1937  and  for  several  years  has  been  a  mandatory  appendix  to 
the  American  Society  of  Mechanical  Engineers  Boiler  and  Pressure  Vessel  Code, 
Section  VIII,  "Unfired  Pressure  Vessels"(2). Displacement  calculations,  in  commer- 
cial  flange  design,  are  used  only  for  unusual  designs  or  critical  conditions  since,  in 
general,  the  incentive  for  minimum-weight  design  does  not  exist  in  piping  and  pressure- 
vessel  applications  to  the  same  degree  as  in  missile  components.  The  calculation 
methods  described  herein  have  not  been  generally  applied  to  the  design  of  small  (2-in. 
tube  diameter  and  under)  fittings,  insofar  as  the  authors  are  aware. 

The  calculation  methods  are  based  on  the  usual  assumptions  in  engineering 
elastic  theory,  viz.  ,  the  material  is  homogeneous  and  isotropic,  stresses  are  propor¬ 
tional  to  strains,  and  displacements  are  small.  In  addition,  in  some  of  the  calculation 
methods,  it  is  assumed  that  the  shells  are  thin  walled  and  that  radial  dimensions  of 
circular  plates  are  large  compared  with  the  plate  thickness  and,  in  flange  design,  the 
flange  radial  width  is  small  compared  with  the  inside  diameter**. 

In  addition  to  the  general  assumptions  of  elastic  plate  and  shell  theory,  several 
additional  assumptions  are  made  in  flange-calculation  methods,  e.g.  ,  the  effect  of  bolt 
holes  in  the  flange  ring  can  be  neglected,  the  localized  bolt  loads  are  uniformly  dis¬ 
tributed  along  the  bolt  circle,  and  the  effect  of  the  external  moment  on  the  flange  de¬ 
pends  only  on  the  product  of  the  bolt  load  and  the  lever  arm. 

As  in  many  engineering  elastic-stress-analysis  methods,  local  stress  concentra¬ 
tions  are  not  calculated.  For  example,  the  design  method  computes  the  stress  in  a 
bolt  as  W/Ag,  where  W  is  the  total  load***  and  Ag  is  the  total  root  area  of  the  bolts. 
Actually,  as  is  well  known,  there  may  be  higher  stresses  at  the  thread  roofs,  depend¬ 
ing  on  the  root  radius,  and  high  local  contact  stresses  will  generally  exist.  Similarly, 
in  the  case  of  nuts  on  threaded  fittings  or  flanges  on  bolted  fittings,  there  may  be 
"notches"  (e.  g.  ,  re-entrant  corners)  where  high  stresses  may  exist  and,  in  general, 
there  will  be  areas  in  which  high  local  contact  stresses  occur. 

Another  approximation  involved  in  the  calculation  method  is  the  estimate  of  the 
lever  arm  in  the  calculation  of  moments.  The  lever  arm  is  generally  assumed  to  extend 
between  midpoints  of  loaded  surfaces;  in  the  actual  fitting  the  lever  arms  may  be 


•References  for  Appendix  1  are  listed  on  page  200. 

••Jn  small-size  standard  pipe  flanges  this  theoretical  assumption  is  not  justified,  since  the  radial  flange  width  may  be  several 
times  the  flange  inside  diameter.  In  the  minimum-weight  designs  considered,  however,  the  assumption  is  justified  even  for 
small-size  flanges. 

is  used  for  load  in  this  Appendix,  rather  than  F  as  used  in  the  text,  to  avoid  conflict  with  the  calculation  parameter  F  used 
in  this  Appendix. 
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significantly  changed  by  small  construction  tolerances.  In  addition,  lever  arms  may  be 
significantly  altered  by  small  elastic  deformations;  fortunately,  these  lever  arm 
changes  are  such  as  to  reduce  the  lever  arm  and  hence  make  the  calculation  methods 
conservative . 

It  should  be  apparent  from  the  above  discussion  that  the  calculation  methods  pre¬ 
sented  here  are  intended  as  a  guide  to  the  engineering  design  of  fittings  rather  than 
methods  of  accurately  calculating  the  stresses  in  a  fitting.  The  use  of  the  methods  is 
justified,  in  part,  by  successful  application  to  similar  designs  over  a  period  of  many 
years.  It  must  be  recognized,  however,  that  the  proposed  application  to  minimum- 
weight  design  involving  high-strength,  low-ductility  materials  includes  conditions  where 
little  experience  is  available.  Accordingly,  test  verification  of  some  of  the  fittings  is 
recommended. 


Outwardly  Projecting  Flanged  Cylinders 


Stress  Calculations 


Figure  101  applies  to  the  flanged  stub  end  of  threaded  fittings  and  to  flanges  of 
bolted-flanged  fittings.  The  moment  applied  to  the  flange  is  MQ  =  WBq,  where  W  is  the 
total  load.  The  stress  calculation  method  used  for  this  shape  was  developed  by  Waters, 
etal.(l),  and  forms  a  part  of  the  ASME  Boiler  and  Pressure  Vessel  Code(^),  Section 
VIII,  Appendix  II,  "Rules  for  Bolted-Flanged  Connections".  The  calculation  method 
gives  maximum  stresses  in  the  flange  per  unit  moment  applied  by  the  loading.  The 
method  is  applicable  to  either  loose  or  integral  flanges;  integral  flanges  may  have  either 
a  tapered  hub  or  uniform-wall  hub.  The  calculation  method  gives  three  values  of  S/M0: 
the  longitudinal  bending  stress  in  the  hub,  the  radial  bending  stress  at  the  inside  of  the 
ring,  and  the  tangential  stress  at  the  inside  of  the  ring.  The  maximum  stress  is  taken 
as  the  largest  of  these  three  stresses.  The  maximum  stress  per  unit  moment  is  then 
multiplied  by  the  applied  moment  to  find  the  maximum  stress.  The  stress  equations  for 
the  integral  flanges  are; 

Longitudinal  Hub  Stress 


M  Lg^B ' 

Radial  Ring  Stress 

SR  (4/3  te  +  1) 

M0  Lt2B' 

Tangential  Ring  Stress 

St  b  J__z££.. 

M0  t2B  M0 


(35) 


(36) 


(37) 


190 


FIGURE  101.  DIMENSIONS  OF  AN  OUTWARDLY  PROJECTING  FLANGE  ATTACHED 
TO  A  CYLINDRICAL  SHELL 
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For  a  loose  ring  flange,  only  one  stress  is  calculated: 


Tangential  Ring  Stress 


St  Y 
M0  t2B 


(38) 


The  dimensional  parameters  A,  B,  B',  t,  gj,  gQ  and  h  are  shown  in  Figure  101. 
Other  parameters  are:  U,  Y,  Z,  and  T  as  functions  of  K  =  A/B  as  shown  in  Figure  102. 
F,  Y,  and  f  are  functions  of  g\lgQ  and  h/j B'gQ,  as  shown  in  Figure  103  and  Figure  104. 
Values  of  e ,  d,  and  L  are  obtained  by  the  equations 


where  hQ  = 


e 


x 

^o 


d  =  —  h  g  2 
y  o6o 


L  = 


te  +  1 
T 


(39) 

(40) 

(41) 


Displacement  Calculations 


The  rotation  of  the  flange  ring  due  to  an  applied  moment,  M0,  is  given  by 
Wesstrom  and  Bergh(^)  as 


0 


m  “ 


0-91  V 


M0  , 


(42) 


where  V,  L,  hQ,  gQ,  and  M0  are  as  defined  in  the  preceding  section  on  stress  calcula¬ 
tions  and  E  is  the  modulus  of  elasticity  of  the  flange  material. 


The  axial  displacement  is  ®mhQ,  where  h^  is  the  lever  arm  of  the  applied  load  as 
shown  by  Figure  101.  The  axial  displacement  of  a  bolted  fitting  with  two  identical  flanges 
is  20mhQ.  Where  the  two  flanges  making  up  the  joint  are  not  identical,  the  total  axial 
displacement  is  (0m  +  S^JhQ  where  0m  and  0^  are  calculated  by  Equation  (42)  for  the 
two  flanges. 


The  rotation  of  the  flange  ring  due  to  the  radial  component  of  the  internal  pressure 
is  given  by  Rodabaugh^)  as 


2.57  x  10~8B27 
t(t2  +  1.82  ge7) 


P  , 


(43) 
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FIGURE  102.  VALUES  OF  T,  U,  Y.  AND  Z  WHEN  v  =  0.3  FIGURE  103.  VALUES  OF  F  AND  V  FOR  AN  INTEGRAL  FLANGE 
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FIGURE  104.  VALUES  OF  STRESS-CORRECTION  FACTOR 


Figures  102,  103,  and  104  are  taken  from  Reference  (1). 


where 


P  =  internal  pressure,  psi 


ge(Z  +  0.3)  (1  + 


7  = 


1.82  t\ 

I 


Bge3  (Z  +  0.3)  [  t  1.82  t  ^ 

^3  l^2  -rr ) 


1  + 


(for  E  =  3  x  107,  j u  =  Poisson's  ratio  =  0.  3) 

h'o =  /siT 

ge  =;  average  hub  thickness  through  a  distance 
from  the  back  of  the  flange  ring  of 

/B(s0  +  h] 


Z,  B,  t,  gQ  and  gj  are  defined  in  the  preceding 
section  on  stress  calculations. 

The  axial  displacement  in  a  bolted  fitting  with  two  identical  flanges  is  20phQ, 
where  hQ  is  shown  in  Figure  101. 

Under  Equation  (19)  in  the  text  of  the  report,  in  the  definition  of  a,  the  term  qr  is 
equal  to  0p/P.  [Equation  (19)  is  discussed  in  the  last  section  of  this  Appendix.  ] 

Inwardly  Projecting  Flanges 


Figure  105  illustrates  an  idealized  shape,  consisting  of  a  cylindrical  shell  with  an 
inwardly  projecting  flange,  which  can  be  used  in  designing  the  nut  on  threaded  fittings. 


FIGURE  105.  INWARDLY  PROJECTING  FLANGED  CYLINDER  NOMENCLATURE 
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Stress  Calculations 


The  moment  applied  to  the  flange  ring  in  Figure  105a  is  M0  =  Wx  Hq  where  W  is 
the  total  load.  Under  the  applied  moment  M0,  the  flange  will  rotate  as  indicated  in 
Figure  105b.  There  will  be  a  moment  and  a  shear  acting  at  the  juncture  of  the 
flange  and  the  cylindrical  shell;  these  are  moments  and  forces  per  unit  length. 


The  radial  (outward)  displacement  w  of  the  end  of  the  cylindrical  shell,  loaded  with 
end  moment  and  shear  P^,  is  given  by  Timoshenko(S)  as 


where 


£  = 


3(1  -  m  ) 

2  2 
a  g 


w  = 


2/ 33D 


(Ph  -  £Mh> 


(44) 


D  = 


12(1  -M2) 

E  =  modulus  of  elasticity 


p  =  Poisson's  ratio. 

It  is  assumed  that  the  relatively  rigid  flange  does  not  undergo  any  radial  dis¬ 
placement,  hence 


and 


1 

2/33D 


(ph  -  ^  =  0 


(45) 


Ph  =  . 


(46) 


The  rotation  of  the  end  of  a  cylinder,  loaded  with  an  end  moment  and  shear  P^,  is 
given  by  Timoshenko( 6)  as 


e 


i 

2/32D 


(Ph  -  2£Mh)  . 


(47) 


The  rotation  of  the  flange  ring  is  also  given  by  Timoshenko( 5)  as 


6Mj  (a  +  b) 

Et3 In  J 
b 


(48) 


where  Mf,  the  moment  applied  to  the  ring  per  unit  length  of  the  ring  center  line,  is 


Mf 


M0 

7r(a  +  b) 


Mh 


2a 

a  +  b 


2a 

a  +  b 


(49) 
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Since  the  rotation  of  the  flange  ring  must  be  equal  to  the  rotation  of  the  end  of  the  cylin¬ 
drical  shell,  Equations  (47)  and  (48)  give 


~T~  <Ph  “  2]3Mh)  =  . 

ZPZD  Et3ln£ 


(50) 


Substituting  =  /3M^  from  Equation  (46)  and  Mf  from  Equation  (49)  in  Equation  (50): 


Mf 


Mh  6{a  +  b) 

2/3D  Et3ln  |  |_7r(a  +  b) 


Mh 


2a  ' 
a  +  b< 


'  fit' 
1  +  — 
2  / 


Solving  Equation  (51)  for 

Mh 


M, 


7t 


EtJln  a/b 


12/3D 


+  2a 


Replacing  D  by  its  magnitude  Eg3/ 12(1  -  /i2), 


Mh  = 


M, 


27ra 


2/3a  I  §/ 


In  1  +  i  +  B. 

b  2 


(51) 


(52) 


(53) 


Equation  (53)  gives  M^  in  terms  of  the  loading  (M0  =  Wh q),  the  dimensions,  and 
the  material  constant,  /i.  The  maximum  stress  per  unit  applied  moment  are  given  by: 

Longitudinal  Hub  Stress 


3H 


Mr 


i\a.gc 


(1-uf)  /  t 


2/3a  \g 


J8t' 


-  In  —  +  1  +  L— 


(54) 


Radial  Ring  Stress 


5R 


3  1  + 


jSt 

T 


M 


7rat2 


2 /3a  \g 


).(lVin£+ltit 


(55) 


Tangential  Ring  Stress 


S'p 

3(1 

"  M2)1 

0  27Tabg3/3 

[(1  -M2) 

flV  In  —  +  1  +  — 

2 /3a 

\g /  b  2  . 

(56) 
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Displacement  Calculations 


The  rotation  of  the  flange  ring  due  to  an  applied  moment,  M0,  is  given  by  Equa¬ 
tion  (47)  and  using  from  Equation  (46): 


9  = 

2jSD 


(57) 


The  magnitude  of  M^  is  given  in  terms  of  M0  by  Equation  (53).  6  in  terms  of  M0  is  then 


3(1  -  Mz)  M0 


m 


7ra/3g^E 

The  axial  displacement  is  $mh q. 


(58) 


Parts  in  Tension  or  Compression 

Parts  which  are  considered  to  be  loaded  in  tension  or  compression  are: 

Bolts  of  bolted  fittings  (tension) 

Cylindrical  shell  portion  of  nut  in  threaded  fittings  (tension) 

Flanges  of  bolted  fittings  (compression) 

Threaded  stub  end  of  threaded  fittings  (compression) 

Flange  of  flanged  stub  end  of  threaded  fittings  (compression) 

Seals  (compression). 

Stress  Calculations 

The  general  expression  for  stress  in  parts  subjected  to  tension  or  compression  is 

(59) 


S  -  w 
S  "  A  ' 


where 


W  =  total  load,  lb 

2 

A  =  cross-sectional  area  perpendicular  to  load,  in. 
For  bolts: 


A  =  Ab  =  Abl  x  n 
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where 


=  cross-sectional  area  at  root  of  threads  for  one  bolt,  in.  ^ 
n  =  number  of  bolts 
A]-,  =  total  bolt  area. 


Displacement  Calculations 

The  general  expression  for  displacement  in  parts  subjected  to  tension  or  com¬ 
pression  is 


6  = 


Wl 

AE  ' 


(60) 


where 

W  =  total  load,  lb 
H  =  axial  length,  in. 

E  =  modulus  of  elasticity  of  material,  psi 
A  =  cross-sectional  area  perpendicular  to  load,  in. 


Threads  in  Threaded  Fittings 


The  nominal  shear  stress  on  the  threads,  S^,  is 


S 


T  = 


W 

A'p 


> 


(61) 


where 

Aj  =  0.  80  1/7TD,  in.  ,  where  the  0.  80  is  an  approximate  factor  to 
account  for  thread  clearances  of  the  buttress  or  NF  threads 
used  in  the  threaded  fittings. 

i  -  thread  length,  in. 

Dp  =  thread  pitch  diameter,  in. 

Bending  stresses  and  local  contact  stresses  in  the  threads  will,  of  course,  be 
substantially  higher  than  the  nominal  shear  stress.  The  thread  length  should  be  ample 
to  keep  these  local  stresses  at  a  tolerable  level. 
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General  Displacement  Equation  for  Bolted  Fittings, 
Equation  (19)  of  Text 


is 


Equation  (19)  of  the  text  (with  F  changed  to  W  for  nomenclature  of  this  Appendix) 


W2  =  Wj  +  aP  , 


where 


P  =  internal  pressure,  psi 


7Th, 


a 


4Q 


'9G 

LhG 


-  2qF  (h-p  -  hg) 


G2  -  2qFB2(hD  -hT)  --qr] 


Q  -  9b  4  9q  ^  ^F^G* 

^o 


9B 


abeb 


Vo 

qG  "  A„E„ 
u  u 

qF  =  ^  V-  (integral  flanges)  or  -  -  ------  (loose  ring  flanges) 


Lh0g0EF 


t3£F  loS 


op 

qr  =  -p-  where  &p  is  defined  by  Equation  (43) 


K0  =  bolt  length,  in. 

VQ  =  seal  thickness  (in  axial  direction),  in. 

Ag  =  total  bolt  area,  sq  in. 

Aq  =  total  gasket  area,  sq  in. 

Eg,  EG,  Eg  =  modulus  of  elasticity  of  bolt,  seal,  and  flange  material, 
respectively. 

hG  =  1/2 (C-G) 

hD  =  1/2  (C-B) 

h j  =  1/2  (hg  +  hG) 

Dimensions  A,  B,  C,  G,  t,  and  gQ  are  shown  in  Figure  101.  L,  V,  and  h0  are 
defined  in  the  first  section  of  the  Appendix  under  "Outwardly  Projecting  Flanged 
Cylinders". 
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APPENDIX  II 


DISCUSSION  OF  DESIGN  FOR  CREEP  OR  RELAXATION 


Since  mechanical  tube  connections  of  the  types  discussed  are  highly  strain  sensi¬ 
tive  a(  higher  temperatures,  plastic  flow  as  a  function  of  time,  i.e.  ,  creep  or  relaxa¬ 
tion,  becomes  a  dominant  factor  in  design.  The  basic  problem  of  the  relaxation  of  a  bolt 
in  a  rigid  flange  has  been  considered  by  several  investigators  ( The  method 
|no|)OBeil  here  has  been  selected  because  of  its  simplicity  in  design  application  and  be¬ 
cause  of  the  limited  available  data  on  the  newer  alloys,  such  data  being  confined  to  ten¬ 
sile  creep  tests  with  no  available  relaxation-test  data. 

The  elastic  displacement  of  any  part  of  the  structure  is  proportional  to  the  elastic 
st  ra  in  at  that  time,  i.e., 


5  =  Ke .  (62) 

In  a  member  with  uniform  stress,  such  as  the  bolts  in  tension,  K  is  independent  of  plas¬ 
tic  deformations.  In  the  flanges,  however,  K  is  a  function  of  plastic  deformations  since 
such  deformation  redistributes  the  stress.  A  conservative^)  assumption  is  that  K  is  a 
constant  for  all  parts  of  the  fitting  and  £  is  the  maximum  strain  corresponding  to  the 
maximum  calculated  elastic  stress.  Use  of  K  as  a  constant  for  all  parts  of  the  fitting 
implies  that: 

(1)  All  parts  of  the  fitting  operate  at  the  same  maximum  stress  level. 

(This  may  be  accomplished  by  appropriate  design  of  the  fitting;  however, 
if  this  is  not  the  case,  an  alternative  method  is  indicated  later  in  this 
Appendix.  ) 

(2)  All  parts  are  made  of  the  same  material. 

(3)  All  parts  operate  at  the  same  temperature. 

(4)  In  parts  subjected  to  bending  stress,  relaxation  does  not  alter  the 
stress  distribution. 

With  the  assumption  of  constant  K: 


at  t  =  0:  60  =  K£o 

(63) 

at  t  =  t :  =  Ket  , 

(64) 

where  l  time,  hr.  The  difference  between  6Q  and  6t  is  the  plastic  displacement  occur¬ 
ring  in  time  t ,  giving 

60  -  6t  =  <5p  (65) 

Ke0  -  K£^  =  K£p  .  (66) 

•|i,  In.  ii.  .  In  Appendix  II  .ire  listed  oil  page  211, 
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(67) 


The  elastic  strains  eQ  and  £ ^  are  proportional  to  the  stresses  S0  and  S^,  giving 


et  =  £o  c 


Substitute  £t  from  Equation  (67)  in  Equation  (66): 


ep  " 


(68) 


Differentiating  Equation  (68)  with  respect  to  time: 


de 

dt 


(69) 


The  values  of  d£p/dt  in  Equation  (69)  are  best  obtained  from  relaxation  tests  of  the 
material  at  the  required  temperature.  However,  in  the  absence  of  relaxation-test  data, 
d£p/dt  may  be  obtained  from  creep-test  data,  particularly  when  the  effect  of  first-stage 
creep  is  handled  separately.  While  Equation  (69)  could  be  integrated  graphically  from 
creep-test  data,  in  order  to  expedite  design  work  it  is  desirable  to  express  d£p/dt 
analytically.  A  widely  used  expression  is 


de 

__2 

dt 


Ci  S? 


(70) 


where 


£„  =  plastic  strain,  in  in. 

t  =  time,  hr 
St  =  stress,  psi. 

Ci  and  n  are  material  constants  and  are  functions  of  the  temperature.  These  constants 
can  be  obtained  empirically  from  a  series  of  creep  tests  of  the  material  at  the  required 
temperature  and  at  various  stress  levels. 

The  expression  for  d£p/dt  in  Equation  (70)  is  independent  of  time;  this  is  approxi¬ 
mately  true  for  second-stage  creep  but  is  not  valid  for  first-  or  third-stage  creep.  The 
design  method  covers  the  effect  of  first-stage  creep  by  means  of  a  pseudo  modulus  of 
elasticity,  E^,  obtained  directly  from  experimental  creep  data  by  extrapolating  the 
second-stage  creep  back  to  zero  time  as  indicated  by  Figure  106. 
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FIGURE  106.  METHOD  OF  ESTABLISHING  VALUE  OF  E1 

The  initial  preload  Fj  is  considered  to  be  reduced  (in  zero  time)  to  a  new  value 
(Fi)t  as  given  by  the  equation 


(F j)T  -  Fj  x 


(71) 


where  Er  is  the  modulus  of  elasticity  at  room  temperature,  i.e.  ,  the  temperature  at 
which  the  preload  Fj  was  applied  to  the  fitting. 

Since  the  fitting  structure  by  its  nature  is  limited  to  very  small  strains,  it  is  un¬ 
likely  that  third-stage  creep  will  be  encountered;  hence,  Equation  (70)  is  adequate  for  the 
particular  design  problem. 

Since  €Q/  SQ  =  1  /Ej,  where  Ej  is  the  modulus  of  elasticity  at  the  design  tempera¬ 
ture,  inserting  this  relationship  along  with  d£p/dt  =  Sn  in  Equation  (69)  we  obtain 


which  may  be  written 


By  integrating  Equation  73: 


CiStn  + 


1  dS 
Ep  dt 


dt 


dS 

CiETS^ 


1 

CjEt 


dS 

Sn 

t 


(72) 

(73) 

(74) 
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C1^X(n“  l)Stn_  1 


(75) 


Equation  (75)  is  the  well-known  equation  for  relaxation  of  a  bolt  under  constant 
total  strain.  However,  it  was  derived  here  to  be  applicable  to  a  connection  consisting  of 
several  parts,  made  of  the  same  material,  each  of  which  is  subjected  to  the  same  stress 
and  temperature  and  where  it  is  assumed  that  the  stress-displacement  relations  do  not 
change  as  a  result  of  loadings'"  or  creep.  The  restriction  to  the  theory  that  all  parts 
are  operating  at  the  same  stress  can  be  removed  by  a  relatively  simple  extension  of  the 
theory.  If  the  connection  is  considered  as  three  parts  (flanges,  bolts,  seal  of  a  bolted- 
flanged  connection),  the  equation  for  calculating  service  life  becomes 


K3i  r 

+  —  i  - 
Kl 


KZ\"  /KjYlrv, 

fJ  +  (fJ 


where  the  K's  are  defined  by  the  elastic  displacement- stres s  relations:  =  KqS^ 

62  =  K2S*,  63  =  K3SI  for  flanges,  bolts,  and  seal''''',  respectively,  and  is  the  stress 
in  the  flanges. 

Removal  of  the  restriction  that  all  parts  of  the  connections  be  made  of  the  same 
material  and  operate  at  the  same  temperature  requires  considerable  additional  design 
effort  since  the  resulting  equation, 


/  k2  k3 

-(1+Kf*Kf 


CnStnl  +  C12(^sf  +  c13 


with  the  n's  all  different  and  noninteger,  must  be  numerically  or  graphically  integrated. 

The  removal  of  the  restriction  that  the  stress-displacement  relations,  for  parts  in 
bending,  do  not  change  with  creep  presents  formidable  difficulties.  Some  progress  on 
this  problem^"*^  has  been  made  for  the  case  of  a  ring  in  torsion.  However,  even  for 
this  comparatively  simple  structure  numerical  integration  methods  are  required.  The 
case  of  the  ring  with  attached  cylindrical  shell  is  much  more  complex. 


•Actually,  the  stresses  in  a  fitting  structure  do  vary  with  loads.  The  stress  variation  in  the  parts  that  contribute  most  to  relaxa¬ 
tion  (bolts  and  flanges  in  bolted  fittings,  nuts  and  stub  ends  in  threaded  fittings),  however,  is  relatively  small.  The  stress  in  the 
seal  decreases  with  increasing  internal  pressure  so  that  the  assumption  that  stress  in  the  seal  does  not  vary  with  loads  is  generally 
conservative  from  the  standpoint  of  relaxation. 

**It  should  be  recognized  that  the  K’s  may  be  functions  of  the  internal  pressure  and  external  loads. 
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The  theoretical  refinements  discussed  above,  along  with  other  desirable  refine- 
ments  to  the  theory,  are  not  within  the  scope  of  this  project.  Accordingly,  the  pre¬ 
liminary  design  work  has  been  based  on  the  simplified  concept  described  above  with  the 
expectation  that,  due  to  a  number  of  conservative  assumptions,  the  resulting  designs 
will  be  adequate. 

Application  of  Creep-Design  Procedure 

The  design  procedure  at  temperatures  where  creep  or  relaxation  is  a  dominant 
factor  is  essentially  one  of  establishing  pressure-time  ratings  at  a  specified  tempera¬ 
ture  for  a  given  fitting;  i.  e.  ,  a  fitting  with  all  dimensions  established  and  made  of  a 
specified  material.  In  this  discussion,  the  "given  fitting"  is  shown  in  Figure  107. 

As  noted  previously,  Rene  41  was  selected  as  the  recommended  material  for  high- 
temperature  design.  The  design  analysis  uses  creep  data  from  Figure  3,042  of  Refer¬ 
ence  (7),  "Master  Curves  for  Creep  and  Creep  Rupture  for  Sheet  and  Bar".  Specifically, 
the  data  for  bar  stock,  heat  treated  at  2150  F  for  2  hours,  air  cooled  and  aged  at  1650  F 
for  4  hours,  were  used.  These  data  are  given  in  the  form  of  stress  versus  the  Larson- 
Miller  parameter  (T  +  460)  (20  +  logiot),  for  0-  2  per  cent  creep  condition.  With 
the  assumption  that  de/dt  is  independent  of  time,  the  data  can  be  converted  to  a  graph  of 
de/dt  versus  stress  at  1500  F,  as  shown  in  Figure  108. 

The  relationship  between  creep  rate  and  stress  in  the  creep-stress  range  of 
10,  000  to  60,  000  psi  can  be  conservatively  approximated  by  the  equation 

=  1.3x  10"26S4'  82  ,  (78) 

dt 

where 

£p  =  strain,  in.  / in. 
t  =  time,  hr 

S  =  stress,  psi. 
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FIGURE  107.  1-IN.  BOLTED  FITTING 
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CREEP  RATE  OF  RENE  41  BAR  AT  1500  F 


1 


dep  n 

Equation  (78),  plotted  in  Figure  108,  is  of  the  form  — ^  =  CjSt,  which  forms  the  basis  for 

the  previous  development.  Additional  data  on  Rene’  41  needed  for  the  analysis  is 
presented  in  Table  25. 

TABLE  25.  DESIGN  PROPERTIES  OF  RENE  41 


70  F 

1500  F 

Yield  Strength^3-),  psi 

120,000 

97,000 

Modulus  of  Elasticity,  psi 

3.  2  x  107  (Er) 

2.  4  x  107  (Et) 

Coefficient  of  Thermal  Expansion, 

per  F  6. 8  x  10"6 

8.  5  x  10-6 

Pseudo-Modulus 03) ,  E*,  psi,  App: 

roximately  1.  6  x  107 

at  S0  =  60,000  psi 

and  1500  F 

(a)  From  Reference  (8). 

(b)  From  Reference  (9). 


The  creep  design  procedure  will  be  applied  to  the  bolted  flanged  joint  with  the 
dimensions  shown  in  Figure  107.  The  procedure  is  characterized  by  the  following  steps: 
(1)  determine  maximum  preload  at  room  temperature,  (2)  determine  effective  preload  at 
1500  F,  steady  state,  (3)  compute  a  time-versus-residual-bolt-stress  curve,  and 
(4)  consolidate  maximum  operating  pressure  corresponding  to  the  residual  bolt  stresses 
for  both  steady  state  and  transient  thermal  conditions. 

Because  maximum  service  life  is  obtained  with  the  application  of  maximum  initial 
preload,  the  bolts  are  considered  to  be  initially  tightened  to  their  yield  strength  of 
120,000  psi.  The  flanged  joint  shown  in  Figure  107  has  eight  1/4-28  bolts,  each  bolt 
having  a  cross-sectional  area  at  the  root  of  the  threads  of  0.  0326  square  inch.  The  total 
cross-sectional  area  of  the  bolts  of  the  flanged  joint  shown  in  Figure  107  is  therefore 
8  x  0.  0326  or  0.  261  square  inch.  The  total  bolt  load  corresponding  to  120,  000-psi  bolt 
stress  is  then  120,  000  x  0.  261  =  31,  400  lb.  By  using  the  stress-calculation  methods 
shown  in  Appendix  I,  it  can  be  shown  that  a  total  bolt  load  of  31,  400  lb,  applied  to  the 
flanged  joint  shown  in  Figure  107,  produces  a  controlling  stress  in  the  flanges  of  116,  500 
psi.  Since  this  stress  is  almost  equal  to  the  bolt  stress  of  120,  000  psi,  it  will  be  as¬ 
sumed  that  the  initial  stress  in  both  the  bolts  and  the  flanges  is  120,  000  psi.  This  as¬ 
sumption  permits  the  use  of  Equation  (75)  to  calculate  service  life,  t,  rather  than  the 
more  complex  Equation  (76).  In  the  following,  the  decrease  in  bolt  stress  as  a  function 
of  time  will  be  determined;  it  should  be  kept  in  mind  that  this  decrease  in  bolt  stress  is 
due  to  creep  of  all  parts  of  the  joint,  not  the  bolts  alone. 

As  the  temperature  is  increased  from  ambient  to  1500  F ,  the  initial  preload  is  re¬ 
duced  by  a  factor  E^/Er>  where  E^  is  the  pseudo-modulus  of  elasticity  of  1500  F  and 
Er  is  the  modulus  of  elasticity  at  room  temperature.  Gross  yielding  does  not  occur, 
since  the  yield  strength  decreases  at  a  lesser  rate  than  does  the  modulus  of  elasticity. 

The  values  of  the  constants  in  Equation  (75)  for  Rene  41  at  1500  F  are:  Cj  =  1.3  x 
10“26}  n  =  4.82,  and  Ej  =  2.4  x  107.  The  bolt  preload  at  1500  F  is  one-half  the  initial 
preload  of  120,  000  psi;  that  is,  S0  is  60,  000  psi.  By  substitution  of  these  values, 
Equation  (75)  becomes 
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; 


(79) 


(  St  ^  3.82 

\ 60.000/ _ 

(1.  19  x  lO"18)(St)3*  8Z 


where  =  residual  stress  in  the  bolts  after  t  hours  of  service  life. 


The  effective  residual  bolt  load  at  any  time  is  simply  multiplied  by  the  bolt  area 
of  the  flanged  joint  shown  in  Figure  107. 

F  =  AfiSt  =  0.  261  St  .  (8°) 

Arbitrary  values  may  be  assigned  to  and  the  corresponding  time  required  for  the 
stress  to  relax  from  60,000  psi  to  the  chosen  value  can  be  calculated  from  Equation  (79). 
The  corresponding  residual  bolt  load  given  by  Equation  (80)  can  also  be  calculated  for 
each  as  signed  values  of  St-  The  structural  loads  carried  by  the  connection,  with  this 
effective  residual  bolt  load,  can  then  be  computed  by  the  method  outlined  earlier,  where 
temperature  effects  did  not  involve  creep. 


As  an  example,  assume  that  St  is  assigned  a  value  of  40,000  psi.  From  Equa¬ 
tion  (79) ,  t  is  found  to  be  1.  74  hours;  i.  e.  ,  it  will  take  1.  74  hours  for  the  bolt  stress  to 
decrease  from  60,000  psi  to  40,000  psi.  From  Equation  (80),  with  St  =  40,000,  the 
residual  bolt  load  at  the  end  of  1.  74  hours  is  10,430  lb. 


The  residual  bolt  load  of  10,430  lb  at  the  end  of  1.  74  hours  may  now  be  considered 
as  if  it  were  an  initial  applied  bolt  load  Fj.  By  using  the  method  discussed  earlier  in 
designs  in  which  creep  was  not  a  factor,  a  design  pressure  P  corresponding  to  an  initial 
load  F,  can  be  obtained.  For  the  bolted  fitting  shown  in  Figure  107,  the  significant  fac¬ 
tors  may  be  expressed  by  the  equation 


F1  =  Fi  + 


RB 

~F 

Rf,  S  2qhG 

+  - -P 


1  + 


R 

Rr 


B 


Q 


(81) 


where 


F^  =  10,430  lb  (in  this  particular  example). 

Fj  =  seal  load  which,  in  the  design  procedures,  is  required  to  be 

such  that  the  seal  stress  is  not  less  than  3  times  the  pressure. 

On  this  particular  bolted  fitting,  the  seal  area  (See  Figure  107) 
is  0.  281  sq  in.  ,  hence,  a  minimum  value  of  Fj  is  0.  281  x 
3  x  P  =  0.  783  P. 

Rg  and  Rq  =  spring  constants  of  the  bolted  fitting  discussed  in  the  section 
"Preload". 

Fc  =  structural  load.  This  load  is  the  sum  of  the  hydrostatic  end 
load,  which  is  proportional  to  the  pressure,  and  an  external 
bending-moment  load'’’,  which,  while  not  necessarily  pro¬ 
portional  to  the  pressure,  is  considered  as  such  in  this 
evaluation. 

beiidlng'iiioniem  design  limits  at  high  (over  COO  F)  temperatures  should  be  further  investigated  before  final  designs  are 

established. 
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ZqliQ 

- =  displacement  characteristic  of  the  bolted  fitting  giving  bolt-load 

Q  decrease  due  to  the  radial  effect  of  internal  pressure  [See  last 
term  in  definition  of  a  under  Equation  (19).  ] 

When  the  displacement  characteristics  are  evaluated  for  the  bolted  fitting  shown  in 
Figure  107,  and  taking  F§  as  I.  9  P  (its  value  in  the  temperature  range  >425  to  600  F), 
and  using  the  design  limit  Fj  *  0.  793  P,  Equation  (91)  becomes 

F,  »  0.  793  .V  ♦  1.  595  P  ♦  0. 209  P  .  (92) 

For  F |  =  10,430  lb,  Equatior  (92)  gives  P  «  4050  pai.  This  means  that  the  maximum 
design  pressure  for  the  bolted  fitting  shown  in  Figure  107,  operating  at  1500  F  for 
I.  7  hours,  is  4050  psi.  A  series  of  such  calculations  has  been  made  for  different  values 
of  St;  the  results  are  shown  graphically  in  Figure  109. 

The  above  analysis  assumed  that  there  were  no  temperature  gradients  in  the 
flanged  joint  which,  in  general,  probably  is  not  a  correct  assumption.  A  critical 
condition  occurs  when  the  bolt  load  relaxes  to  10,430  lb  near  the  end  of  the  service 
life  along  with  a  temperature  fluctuation  at  that  time  which  causes  the  flanges  to  be 
ZOO  F  (design  limit)  cooler  than  the  bolts.  Under  these  conditions  there  will  be  a 
relative  bolt  expansion  of: 

AT  =  200  x  0.  96  x  9.  5  x  10"*  -  1.44  x  10“  J  in. 

i'he  residual  bolt  load,  F. ,  is  further  reduced  by  this  thermal  gradient  from  10,430  lb 
to  4900  lb;  the  corresponding  design  pressure,  P|,  must  therefore  be  limited  to  1900  pei. 
Figure  109  shows  Pj  plotted  against  service  life,  P|  being  the  maximum  design  presaure 
where  the  design  procedure  includes  a  200  F  thermal  gradient. 
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APPENDIX  III 


SELECTION  OF  THREAD  PROFILES  FOR  FITTINGS 

The  selection  of  threads  is  a  function  of  the  over-all  design  of  a  specific  fitting, 
and  therefore  the  discussions  and  evaluations  presented  are  qualitative  rather  than  quan¬ 
titative.  These  discussions  are  limited  to  a  few  basic  factors  without  taking  into  consid¬ 
eration  all  of  the  factors  that  influence  thread  behavior  and  the  behavior  of  the  threaded 
connections.  For  example,  materials  properties  and  various  means  of  improving  thread 
behavior  are  not  considered.  The  discussions  are  limited  to  the  most  common  case,  in 
which  one  of  the  threaded  members  is  subjected  to  a  tension  load  and  the  other  to  a 
compression  load. 


Bolted  Fitting 


When  a  bolted  fitting  is  loaded  or  preloaded,  the  bolt  elongates  and  the  nut  com¬ 
presses  axially.  This  is  the  primary  cause  for  nonuniform  load  distribution  along  the 
threads,  as  shown  in  Figure  110,  and  it  is  the  reason  that  the  first  thread  next  to  the 


FIGURE  110.  ILLUSTRATION  OF  NONUNIFORM  LOAD  DISTRIBUTION 
IN  A  NUT  TIGHTENED  ON  A  BOLT 
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loaded  nut  surface  carries  more  load  than  the  other  threads.  The  nonuniformity  in  load 
distribution  is  mitigated  somewhat  by  cantilever-type  bending  of  threads ,  by  radial  con¬ 
traction  of  the  bolt,  and  by  radial  expansion  of  the  nut.  The  radial  contraction  and  ex¬ 
pansion  are  caused  by  two  factors:  (1)  Poisson's  effect  from  tension  and  compression 
and  (2)  the  radial  component  on  thread  flank  surfaces  resulting  from  the  axial  bolt  load. 
These  radial  movements  or  thread  recessions  occur  mainly  in  the  first  threads  and  are 
beneficial  from  the  standpoint  of  load  distribution  among  the  threads.  However,  they 
cause  circumferential  hoop  stresses  and  a  decrease  in  thread-engagement  depth  of  the 
highest  loaded  critical  threads.  Thread  bending  increases  the  critical  stresses  at  the 
roots  of  the  threads. 

The  expansion  of  the  nut  may  be  restrained  somewhat  by  the  friction  between  the 
loaded-nut  face  and  the  flange  surface.  The  thread  recession  could  be  decreased  essen¬ 
tially  to  only  that  resulting  from  Poisson's  effect  if  buttress  threads  were  used  instead 
of  a  basically  triangular  thread  form.  This  would  create,  however,  a  trade-off  condition 
because  the  elimination  of  circumferential  hoop  stresses  and  the  decrease  in  nominal 
contact  pressure  (because  of  less  thread  recession)  would  be  gained  at  the  expense  of 
less  favorable  load  distribution  along  the  threads  and  lower  fatigue  strength  of  the  bolt. 

Since  the  bolt  accounts  for  most  of  the  weight  in  a  bolt-nut  combination,  it  is  advan¬ 
tageous,  from  the  standpoint  of  the  strength -weight  ratio,  to  select  a  thread  profile  that 
permits  use  of  the  strongest  bolts,  particularly  for  fatigue  loading.  This  leads  to  the 
conclusion  that  bolts  with  triangular  threads  with  a  60-degree  included  angle  and  with 
full-radius  roots  should  be  used  in  flanged  fittings,  even  if  they  do  require  higher  tight¬ 
ening  torques  than  buttress  threads  for  the  same  axial  load.  Since  almost  all  threaded 
fasteners  are  made  with  such  threads,  a  practical  advantage  results  in  that  commercial 
high-strength  fasteners  can  be  employed.  At  first  it  may  appear  that  an  Acme  thread 
would  constitute  an  acceptable  compromise  between  the  60-degree  triangular  thread  and 
a  buttress  thread.  However,  this  is  not  the  case.  For  the  same  thread  pitch  and,  thus, 
roughly  for  the  same  major  and  minor  diameters,  the  Acme  thread  is  weaker  than  either 
the  triangular  or  buttress  threads. 

Among  the  60-degree  thread  profiles,  the  following  were  considered: 

(1)  Standard  threads  with  basically  flat  roots  (MIL-S-7742) ,  having  a 
nominal  thread-engagement  depth  equal  to  83,  33  per  cent  of  the 
theoretical  depth  (defined  as  h  =  3/4  P  cos  30°,  where  P  is 
thread  pitch) 

(2)  Threads  with  a  full-radius  root  (MIL-B-7838) ,  having  a  nominal 
thread-engagement  depth  equal  to  83,  33  per  cent  of  the  theoretical 
depth 

(3)  Reduced-depth  threads  with  an  increased  full-radius  root 
(MIL-S-8879) ,  having  a  nominal  thread-engagement  depth  equal 
to  75  per  cent  of  the  theoretical  depth 

(4)  Reduced-depth  threads  proposed  by  Standard  Pressed  Steel  Co.  , 
with  a  still  greater  full-radius  root,  having  a  nominal  thread- 
engagement  depth  equal  to  55  per  cent  of  the  theoretical  depth. 
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For  external  bolt  threads  of  the  same  size  and  pitch,  the  major  diameter  is  nomi¬ 
nally  the  same  for  all  four  profiles.  The  nominal  minor  diameter  is  essentially  the  same 
for  the  first  two  profiles.  It  becomes  larger  for  the  75  per  cent  thread  and  still  larger 
for  the  55  per  cent  thread  as  a  consequence  of  the  increase  in  root  radius  and  the  de¬ 
crease  in  thread  depth.  The  major  diameter  of  the  internal  threads  is  also  essentially 
the  same  for  all  four  profiles.  The  minor  diameter  of  the  internal  threads  is  increased 
with  the  corresponding  increase  in  the  minor  diameter  of  the  external  threads  to  avoid 
interference  of  the  internal -thread  crests  with  the  root  radius  of  the  external  threads. 

The  most  common  failures  that  occur  with  such  preloaded  bolted  connections  are: 

(1)  A  transverse  fracture  of  the  bolt  from  overstress,  creep,  or 
fatigue,  usually  starting  at  the  root  of  the  first  engaged  thread 

(2)  Longitudinal  failure  of  the  nut  due  to  excessive  circumferential 
hoop  stresses 

(3)  Stripping  of  the  mating  threads  because  of  overload 

(4)  Seizure  of  the  mating  threads,  caused  by  excessive  contact 
pressure. 

Considering  only  the  strength  of  the  bolt  for  all  failure  modes  —  overstress,  creep, 
and  fatigue  —  the  reduced-depth  thread  is  clearly  superior  to  the  full-depth  thread.  The 
larger  minor  diameter  provides  a  larger  load-carrying  cross  section,  and  the  larger 
root  radius  has  a  lower  stress  concentration,  which  is  important  for  fatigue  strength. 

The  published  data  support  the  above  statement  and  show  higher  ultimate  tensile  strength, 
stress-rupture  strength,  and  higher  fatigue  strength  for  the  reduced-depth  threads.  It 
appears  that  the  biggest  gain  for  the  reduced-depth  thread  lies  in  its  improved  fatigue 
characteristics,  mainly  due  to  the  enlarged  root  radius.  Because  of  the  latter,  the 
standard  threads  with  a  full-radius  root  (MIL-B-7838)  are  to  be  preferred  in  all  cases 
over  the  standard  threads  with  flat  roots  (MIL-S-7742).  Whenever  fatigue  is  the  primary 
consideration,  the  75  per  cent  threads  (MIL-S-8879)  or  even  the  SPS-proposed  55  per 
cent  threads  may  be  the  best  unless  considerations  other  than  fatigue  limit  their  use. 

In  the  case  of  nut  failures  from  excessive  circumferential  hoop  stresses,  there 
should  be  no  essential  differences  between  reduced-depth  and  full-depth  threads,  pro¬ 
vided  all  other  conditions  are  equal.  The  stripping  strength  of  reduced-depth  threads  on 
the  bolts  should  theoretically  decrease  with  the  thread  depth  but  not  necessarily  in  pro¬ 
portion,  because  of  decrease  in  "shear"  area.  It  is  being  claimed,  however,  that  the 
stripping  strength  of  reduced-depth  threads  on  the  bolts  remains  equal  to  that  of  full- 
depth  threads  until  the  engagement  depth  decreases  to  about  50  per  cent  of  the  theoretical 
depth,  and  then  it  drops  off  rather  rapidly.  Actually,  there  are  not  enough  data  avail¬ 
able  to  make  a  valid  conclusion.  At  any  rate,  it  appears  that  the  stripping  strength  of 
the  55  per  cent  thread  on  the  bolt  may  be  lower  than  that  of  full-depth  or  the  75  per  cent 
thread  if  the  thread  recession  is  considered. 

Because  of  lack  of  sufficient  experience  data,  an  uncertainty  exists  concerning  the 
behavior  of  reduced-depth  threads  with  respect  to  thread  seizure.  From  an  elementary 
point  of  view,  the  nominal  contact  pressures,  defined  as  the  axial  force  divided  by  the 
projected  area  of  threads,  are  higher  in  the  reduced-depth  threads,  and  therefore  such 
threads  should  be  more  susceptible  to  seizure  and  galling.  Because  of  thread  bending 
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under  load,  the  actual  contact  between  threads  is  concentrated  in  a  limited  area  rather 
than  being  distributed  uniformly  over  the  entire  thread  flank.  Galling  and  seizing  of 
threads  is  thus  governed  mainly  by  the  peak  contact  stresses.  Because  of  the  complexi¬ 
ties  involved,  it  is  virtually  impossible  to  predict  analytically  the  quantitative  peak  con¬ 
tact  stresses  and  subsequent  amount  of  thread  galling  or  seizing.  Judging  from  the  ge¬ 
ometries  involved,  higher  peak  contact  pressures  can  be  expected  in  the  55  per  cent 
thread  than  in  the  75  per  cent  or  full-depth  threads,  and  therefore  thread  galling  or  seiz¬ 
ing  may  become  a  problem  in  reduced-depth  threads. 

It  becomes  apparent  that,  from  the  viewpoint  of  bolt  strength,  the  reduced-depth 
threads  should  be  used  unless  galling,  seizing,  or  stripping  occurs.  One  of  the  require¬ 
ments  for  all  mechanical  fittings  is  that  they  should  be  capable  of  sustaining  several 
assemblies  and  disassemblies.  If  only  thread  galling  or  mild  seizing  would  occur  in 
some  fasteners  of  the  flanged  connections,  the  damaged  fasteners  could  probably  be 
easily  replaced  during  reassembly  when  needed.  Since  the  75  per  cent  thread  (MIL-S- 
8879)  is  widely  accepted  by  the  aircraft  industry,  it  can  be  reasonably  assumed  that  its 
stripping  strength  is  sufficient,  and  therefore  it  appears  to  be  advantageous  to  use  it  for 
fasteners  in  flanged  fittings. 

Use  of  the  55  per  cent  thread  in  fasteners  for  flanged  fittings  is  not  recommended 
at  this  time  because  of  the  uncertainties  concerning  its  stripping  strength  and  thread 
seizure.  Such  a  thread  form,  however,  may  be  considered  for  future  use,  provided 
that  these  uncertainties  are  eventually  resolved  favorably. 


Threaded  Fittings 


Here,  the  threaded  members  are  "sleeves"  with  or  without  wrench  flats.  The  in¬ 
ternal  member  has  the  external  threads  and  the  external  member  has  the  internal  threads. 
In  most  cases,  the  internal  threads  are  loaded  in  tension  and  the  external  threads  in 
compression,  which  is  opposite  to  a  normal  bolt-  and-nut  combination.  Regardless  of 
the  load  directions,  the  primary  function  of  the  threads  is  to  provide  or  sustain  high  axial 
forces.  At  the  same  time,  the  sleeves  should  be  of  a  minimum  weight  design.  Buttress 
threads  fulfill  both  of  these  requirements  because  they  develop  the  highest  axial  force  for 
a  given  torque  value  and  because  they  do  not  develop  hoop  stresses  in  the  sleeves;  there¬ 
fore,  they  permit  minimum  wall  thickness.  The  lower  fatigue  strength  as  compared  with 
the  60-degree  threads  is  of  little  consequence  for  this  application  because  the  critical 
location,  as  far  as  the  fatigue  strength  of  the  fitting  is  concerned,  is  the  tube -to-fitting 
connection.  Since  there  is  practically  no  disengagement  of  threads  due  to  radial  forces  in 
buttress  threads,  they  are  also  expected  to  be  better  from  the  standpoint  of  preload 
relaxation. 

In  view  of  these  considerations,  buttress  threads  are  recommended  for  larger  size 
threaded  fittings.  In  smaller  size  threaded  fittings,  the  increased  cost  of  buttress 
threads  as  compared  with  that  of  NF  threads  may  not  be  justified  since,  based  on  prelimi¬ 
nary  designs  of  a  1/8  in.  threaded  fitting,  it  appears  that  excess  material  will  be  present 
in  the  nut  because  of  manufacturing  requirements.  If  this  occurs,  the  reduction  of  radial 
thrust  by  use  of  buttress  threads  would  be  only  a  minor  advantage.  Also,  in  small  sizes, 
the  advantage  of  high  axial  force  for  a  given  torque,  which  may  be  obtained  with  buttress 
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threads,  is  of  less  importance  since  in  small  sizes  the  required  axial  force  is  relatively 
small.  The  size  division  between  threaded  fittings  with  NF  threads  and  those  with  but¬ 
tress  threads  will  depend  upon  required  design  details  in  intermediate  sizes. 


217  and  218 


APPENDIX  IV 


DETERMINATION  OF  POTENTIAL  THERMAL  GRADIENTS 
FOR  EXPERIMENTAL  FITTING 


A  1/2-inch  commercial  fitting  was  assembled  and  fitted  with  thermocouples  as 
shown  in  Figure  111.  The  thermocouple  measurements  were  recorded  continuously  by  a 
Model  1108  Visicorder.  Aroclors  1254  fluid  was  heated  to  600  F  and  passed  continuously 
through  the  fitting.  The  effect  of  cold  fluids  was  evaluated  by  passing  liquid  nitrogen 
continuously  through  the  fitting. 


FIGURE  111.  LOCATION  OF  THERMOCOUPLES  FOR  THERMAL-GRADIENT 
EVALUATION 

X  designates  location  of  thermocouples. 

Eighteen  tests  were  performed.  The  mean  average  temperature  difference  re¬ 
corded  between  the  tension  and  compression  members  is  shown  in  Figure  112.  The 
maximum  average  difference  was  +276  F  and  -162  F  for  the  hot  and  cold  tests,  respec¬ 
tively.  These  values  were  used  to  determine  the  transient  thermal  displacements  in 
the  design  for  the  experimental  fitting. 


FIGURE  112.  TEMPERATURE  DIFFERENCE  BETWEEN  COMPRESSION 
AND  TENSION  MEMBERS  OF  1 /2-INCH  FITTING  AS  A 
FUNCTION  OF  TIME 
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APPENDIX  V 


LABORATORY  VERIFICATION  OF  THE  THEORETICAL  SPRING  CONSTANT 
CHARACTERISTICS  OF  SELECTED  NUT  DESIGNS 


Answers  to  the  following  questions  were  necessary  to  show  that  the  actual  spring 
constants  of  selected  nut  configurations  could  be  predicted  by  theoretical  considerations: 

(1)  Could  the  spring  constant  of  the  nut  be  controlled  by  variations  of  the 
nut  hub  and  flange  thicknesses  ? 

(2)  How  closely  would  the  theoretical  spring  constant  of  the  nut  match  the 
actual  spring  constant? 

(3)  How  closely  would  the  theoretical  yield  point  of  the  nut  match  the  actual 
yield  point  ? 


Spring  Constant  Versus  Hub  and  Flange  Thickness 


The  test  fixture  shown  in  Figure  113  was  used  to  load  the  nut  on  a  standard  tensile 
test  machine.  By  using  a  calibrated  extensometer  and  a  recorder  integral  with  the  ten¬ 
sile  test  machine,  a  continuous  curve  of  strain  versus  load  was  obtained  during  testing. 

A  commercially  available  1 /2-inch  fitting  nut  made  from  Type  347  stainless  steel 
was  modified  by  removing  the  wrench  flats,  and  a  series  of  experiments  was  conducted 
in  which  only  the  hub  thickness  was  modified  while  the  flange  thickness  was  kept  constant 
Figure  114  shows  the  decrease  in  spring  rate  (an  increase  in  spring  constant)  as  the  hub 
thickness  was  decreased  from  0.  080  to  0.  0190  in. 

A  second  series  of  experiments  was  conducted  to  determine  how  changes  in  flange 
thickness  affected  the  spring  rate  when  the  hub  thickness  was  held  constant.  Figure  115 
shows  the  decrease  in  spring  rate  as  the  flange  thickness  was  reduced. 


Theoretical  Versus  Experimental  Spring  Constant 


The  accuracy  of  the  theoretical  expressions  for  predicting  the  actual  elastic  be¬ 
havior  of  the  nut  was  determined  by  comparing  calculated  force-deflection  curves  with 
actual  force-deflection  curves  obtained  on  a  tensile-test  machine  by  means  of  the  test 
fixture  described  in  Figure  113. 

Several  nut  configurations  determined  by  the  computer  program  were  selected  and 
fabricated  from  AM-355  bar  stock.  The  dimensions  of  two  of  these,  Specimens  AM-  I-  1 
and  AM-4-1,  are  shown  in  Table  26.  Also  shown  are  Specimens  R-l-2  and  R-l-6, 
fabricated  as  per  Figure  89. 

The  theoretical  and  experimental  spring  constants  for  Specimens  AM- 1-1  and 
AM-4-1,  R-l-2,  and  R-l-6,  are  given  in  Table  27.  The  theoretical  spring  constant  listed 
in  Table  27  includes  the  calculated  spring  constant  for  the  test  fixture.  The  percentage 
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FIGURE  113.  TEST  FIXTURE  USED  TO  OBTAIN  LOAD-DEFLECTION  CURVES  ON  TENSILE-TEST  MACHINE 


'“1. 


difference  of  the  theoretical  versus  experimental  spring  constants  is  also  given  in 
Table  27.  The  spring  constant  curves  for  Nuts  R-l-2  and  R-l-6  are  shown  in  Figure  116, 
together  with  the  theoretical  curve.  As  can  be  seen,  there  is  very  good  correlation  be¬ 
tween  the  theoretical  and  experimental  slopes. 


Theoretical  Versus  Actual  Yield  Point 

Included  in  Table  27  are  the  theoretical  and  experimental  yield  points  for  the  four 
specimens.  The  percentage  difference  of  the  theoretical  versus  the  experimental  yield 
points  is  also  given.  The  theoretical  yield  point  was  determined  by  dividing  the  maxi¬ 
mum  allowable  load  by  two-thirds,  which  was  the  basis  for  determining  the  maximum 
allowable  stress.  The  experimental  yield  point  was  the  load  at  which  yielding  apparently 
started,  as  evidenced  by  a  change  in  slope  of  the  curve  plotted  during  the  experiments. 
The  theoretical  and  experimental  yield  points  are  also  indicated  in  Figure  116.  Again 
it  can  be  seen  that  there  is  very  good  correlation  between  the  theoretical  and  the 
experimental  values. 
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TABLE  26.  NUT  DIMENSIONS 


Specimen 

Material 

GA 

T 

FL5 

FI 

DG 

D 

DB 

AM- 1-1 

AM-355 

0.009 

0.290 

0. 156 

o.  696 

1.  013 

1.031 

0.  542 

AM-4-1 

AM-355 

0. 0085 

0.  300 

0.250 

0.  706 

1.032 

1.049 

0.  542 

R- 1-2 

Rene  41 

0. 0253 

0.  246 

0.255 

0. 290 

1.013 

1. 0625 

0.  570 

R- 1-6 

Rene  41 

0. 0253 

0,246 

0.255 

0. 290 

0.  012 

1. 0625 

0.  570 

GA 


TABLE  27.  SPRING  CONSTANTS  AND  MAXIMUM  ALLOWABLE  LOADS 


Yield  Point 


Specimen 

Material 

Sp 

Theoretical 

ring  Constant 

Experi¬ 

mental 

Per  Cent 

Differ¬ 

ence 

Theoretical 

Experi¬ 

mental 

Per 

Cent 

Differ¬ 

ence 

AM- 1-1 

AM-355 

4.27  x 

O 

1 

4. 64  x  10-7 

-7.97 

10,200 

11,100 

-8.  10 

AM-4-1 

AM-355 

4,31  x 

10"7 

5. 12  x  10~7 

-15.82 

10,700 

9,500 

+12. 63 

R- 1-2 

Rene  41 

3.  93  x 

10"7 

4.03  x  10"7 

-2.48 

9206.9 

9795 

1 

CT' 

O 

O 

R-l-6 

Rene  41 

3.93  x 

r^ 

1 

0 

4. 18  x  10“7 

-5.98 

9206.9 

9390 

-1.94 
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Load  (W),  pounds 
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IOURE  1  16.  LOAD  VERSUS  DEFLECTION  FOR  EXPERIMENTAL  NUT 
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APPENDIX  VI 


DIGITAL  COMPUTER  PROGRAMS 

Introduction 

Three  digital  computer  programs  are  given  in  the  following  order: 

(1)  Input  Data  Sheet  and  Operating  Instructions 

(2)  Symbol  Definitions 

(3)  Drawings  showing  Nomenclature 

(4)  Source  Card  Listing  including  Data  Card  Listing 

(5)  Typical  Outputs 

The  Source  Card  Listing  includes  the  control  cards  necessary  for  operation  on  the 
Bendix  G-20  computer.  Modification  of  these  control  cards  may  be  necessary  for  oper¬ 
ation  on  other  computer  systems.  The  algebraic  symbols  are  written  with  the  following 
symbols : 

Exponentiation 

Multiplication  * 

Division  / 

Addition  + 

Subtraction 

Opening  Parenthesis  ( 

Closing  Parenthesis  ) 

Each  line  represents  one  source  card  with  the  algebraic  statements  beginning 
in  Column  7. 

The  output  of  the  programs  requires  120-character  paper. 
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PROJECT 

G-6201-1 

Date  of  Run 

,  19 

DECK  NO. 

DATE 

PREPARED  BY 

FLGDSN 

July  10,  1963 

J.  W.  Adam 

Data  Cards  (4  cards/run) 

CARD  1 

CARD  2 

Col.  1-12+/-. 

E  +/- 

D  Col. 

1-12  +/-  . 

E  +/- 

SG 

13-24  +/-  . 

E  +/- 

TT 

13-24  +/-  . 

E  +/- 

SFA 

25-36  +/-  . 

E  +/- 

STE 

25-36  +/-  . 

E  +/- 

SB  A 

37-48  +/-  . 

E  +/- 

PT 

37-48  +/-  . 

E  +/- 

AM 

49-60  +/-  . 

E  +/- 

GO 

49-60  +/-  . 

E  +/- 

SFT 

61-72  +/-  . 

E  +/- 

AMC 

61-72  +/-  . 

E  +/- 

SBT 

CARD  3 

CARD  4 

1-12  +/-  . 

E  +/- 

SFYS 

1-12  +/-  . 

E  +/- 

P 

13-24  +/-  . 

E  +/- 

SSEYS 

25-36  +/-  . 

E  +/- 

SBYS 

37-48  +/-  . 

E  +/- 

CAPX 

49-60  +/-  . 

E  +/- 

CAPY 

61-72  +/-  . 

E  +/- 

CAPZ 

Data  must  be  entered  as  ±.XXXXXX  times  some 

power  of  10.  ,  e.  g.  ,  - 

372. 56 

goes  in 

as  +/Q  •  3  7  2  5  6  0  E  $/-  0  3 

The  deck  is  a  space  FORTRAN  absolute  deck.  All  the  control  cards  necessary  for 
a  compilation  and  execution  are  included.  Just  put  the  4  data  cards  in  place  of  the  index 
card.  Running  time  is  about  30  seconds  per  set  of  data.  Another  ABS  Deck  is  available 
which  prints  out  intermediate  values  if  desired.  Multiple  sets  of  data  can  be  stacked. 

Note:  (1)  AMC  =  0  if  not  known 

(2)  CAPX  =  1  for  nonmetallic  gaskets 

2  for  metallic  gaskets 

(3)  CAPY  =  1  for  integral  (Type  I)  flanges 

=  2  for  loose  ring  (Type  II)  flanges 

(4)  CAPZ  =  1— >5  (see  Figure  119)  for  Type  I  flanges 

=  1  for  Type  II  flanges 


230 


Definition  of  Symbols  Used  in  FLGDSN  Program 


Flanged- Connector  Design  Program 
A  Outside  diameter  of  flange ,  in. 

AB  Total  required  bolt  area  (max  of  ABG,  ABS),  sq  in. 

ABG  Required  bolt  area  for  operating  conditions,  sq  in. 

ABS  Required  bolt  area  for  seating  gasket,  sq  in. 

AB1  Thread  root  area  of  one  bolt,  sq  in. 

AG  Gasket  seating  area,  sq  in. 

AK  Dimensional  ratio  A/B 

*AM  Residual  gasket  stress  factor 

*  AMC  External  bending  moment,  in-lb 

ANS  Nominal  bolt  size 

ANU  Approximation  factor 

AS  Outside  diameter  of  stub  and  flange 

A1  Stress  calculation  parameter 

A2  Stress  calculation  parameter 

A3  Stress  calculation  parameter 

A4  Stres  s  calculation  parameter 

A5  Stress  calculation  parameter 

A6  Stress  calculation  parameter 

A 7  Stress  calculation  parameter 

A8  Stress  calculation  parameter 

A1)  Stress  calculation  parameter 

A  10  Stress  calculation  parameter 
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B 


Inside  diameter  of  flange,  in. 


BETA  Inside  diameter  of  stub  end,  in. 

BS  Inside  diameter  of  stub  end,  in. 

C  Bolt  circle  diameter,  in. 

*  CAPX  Gasket  type  identification  factor 

*  CAPY  Flange  type  identification  factor 

*  CAPZ  Facing  type  identification  factor 

*  D  Outside  diameter  of  tube,  in. 

DELT  Incremental  variation  in  flange  thickness,  in. 

DH  Bolthole  diameter,  in. 

FMG  Total  flange  moment,  gasket  seating  conditions,  in- lb 
FMO  Total  flange  moment,  operating  conditions,  in-lb 

FMT  Total  flange  moment,  test  conditions,  in-lb 

F14  Stress  calculation  parameter  (table  designation) 

F14A  Stress  calculation  factor  (interpolated  value) 

F15  Stress  calculation  parameter  (table  designation) 

F15A  Stress  calculation  parameter  (interpolated  value) 

G  Average  diameter  of  gasket,  in. 

*  GO  Thickness  of  hub  at  small  end,  in. 

GS  Thickness  of  hub  at  stub  end,  in. 

G1  Thickness  of  hub  at  back  of  flange,  in. 

G14  Stress  calculation  parameter  (table  designation) 

G41  Stress  calculation  parameter  (table  entry) 

H  Hub  length,  in. 

HD  Load  moment  arm ,  in. 

HDM  Bolt  maximum  head  diameter,  in. 

*  Signifies  input  quantities. 
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HG  Load  moment  arm,  in. 

HI  Straight  portion  hub  length,  loose  ring  flange,  in. 

H14  Stress  calculation  parameter  (table  designation) 

H2  Tapered  portion  hub  length,  loose  ring  flange,  in. 

H41  Stress  calculation  parameter  (table  entry) 

I  Counting  factor  (bolt  table  identification) 

J  Counting  factor  (bolt  table  entry) 

K  Counting  factor  (iteration  limitation) 

K1  Gasket  type  identification  factor  =  CAPX 

K2  Flange  type  identification  factor  =  CAPY 

K3  Facing  type  identification  factor  =  CAPZ 

L  Counting  factor  (iteration  limitation) 

M  Stress  calculation  designation  factor 

N  Number  of  bolts  (fixed  point  designation) 

O  Number  of  bolts  (floating  point  designation) 

*  P  Maximum  operating  pressure,  psi 

PB  Internal  pressure  equivalent  to  external  bending  moment,  psi 

PB1  Internal  pressure  equivalent  to  external  bending  moment,  psi 

PB2  Internal  pressure  equivalent  to  external  bending  moment,  psi 

PPRM  Smaller  of  P  and  2/3  PT,  psi 

*  PT  Maximum  test  pressure  (ambient  temp),  psi 

RG  Radial  clearance  between  flange  and  stub  end  hub,  in. 

RR  Minimum  radial  clearance  between  bolt  circle  and  hub,  in. 

RS  Minimum  space  between  bolts,  in. 

*SBA  Allowable  stress  bolt  material  -  ambient  temp,  psi 
•  Signifies  input  quantities. 
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*SBT  Allowable  stress  bolt  material  —  max  operating  temp,  psi 
*SBYS  Yield  stress  —  bolt  material  —  ambient  temp,  psi 
*SFA  Allowable  stress  -  flange  material  —  ambient  temp,  psi 

* SFT  Allowable  stress  —  flange  material  —  max  operating  temp,  ps 

*SFYS  Yield  strength  -  flange  material  -  ambient  temp,  psi 
*SG  Gasket  seating  stress,  psi 

SGC1  Stress  resulting  from  FMG  -  Type  I  flanges,  psi 

SGC2  Stress  resulting  from  FMG  -  Type  II  flanges,  psi 

SIGC  Stress  per  unit  moment,  l/in.  3 

SIG1  Stress  per  unit  moment,  l/in.  3 

SIG2  Stress  per  unit  moment,  l/in.  3 

o 

SIG3  Stress  per  unit  moment,  l/in.  ^ 

SOC1  Stress  resulting  from  FMO  -  Type  I  flanges,  psi 

SOC2  Stress  resulting  from  FMO  —  Type  II  flanges,  psi 

*SSEYS  Yield  stress  -  stub  end  material  -  ambient  temp,  psi 
STC1  Stress  resulting  from  FMT  —  Type  I  flanges,  psi 

STC2  Stress  resulting  from  FMT  -  Type  II  flanges,  psi 

*STE  Endurance  strength  of  tubing  material,  psi 
TEMP  Two-thirds  of  PT,  psi 
THETA  Inside  diameter  of  Flange=B,  in. 

THPI  Bolt  threads  per  in. 

TO  Flange  thickness  estimate 

TOA  Flange  thickness  after  change  due  to  stress  condition,  in. 

TOB  Flange  thickness  after  change  due  to  stress  condition,  in. 

TOG  Flange  thickness  after  change  due  to  stress  condition,  in. 


*  Signifies  input  quantities. 


TOD  Flange  thickness  after  change  due  to  stress  condition,  in. 

TOE  Flange  thickness  after  change  due  to  stress  condition,  in. 

TOF  Flange  thickness  after  change  due  to  stress  condition,  in. 

T0MIN  Minimum  acceptable  flange  thickness  based  on  stresses  and  spacing 
T0MSP  Minimum  acceptable  flange  thickness  based  on  spacing 
TOl  Flange  thickness  estimate,  in. 

T02  Flange  thickness  estimate,  in. 

TS  Thickness  of  lap  on  stub  end,  in. 

*  TT  Wall  thickness  of  tube,  in. 

T13  Stress  calculation  factor 

U13  Stress  calculation  factor 

VI  Flange  and  hub  volume  -  Type  I  flange,  in.  3 

V14  Stress  calculation  parameter  (table  designation) 

V14A  Stress  calculation  factor  (interpolated  value) 

V2  Flange  and  hub  volume  -  Type  II  flange,  in.  ^ 

V2F  Flange  volume  —  Type  II  flange,  in.  ^ 

V2H  Hub  volume  -  Type  II  flange,  in.  ^ 

W  Gasket  width,  in. 

WS  Load  due  to  internal  pressure  plus  external  bending  moment 

W1  Suggested  gasket  width,  in. 

W2  Suggested  gasket  width,  in. 

X  Average  diameter  of  contact  area  between  loose  flange  and  stub  end,  in. 

Y13  Stress  calculation  factor 

ZT  Section  modulus  of  tube,  in.  "3 

Z13  Stress  calculation  factor 

•  Signifies  input  quantities. 
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FIGURE  118.  TYPE  II  FLANGE,  SHOWING  NOMENCLATURE  FOR 
FLANGED  CONNECTOR  DESIGN  PROGRAM 
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CAP  Z  =  l 


CAP  Z  =  3 


CAP  Z=4 


CAP  Z  =  5 


1.  Raised  face, gasket  on  facing  only 

2.  Raised  face,  gasket  extending  to  flange  OD 

for  ease  in  centering 

3. Tongue  and  groove  facing 

4.  Male-female  facing 

5- Double-groove  facing,  with  plated  metal  gasket  a-45644 


FIGURE  119.  TYPICAL  FLANGE-GASKET  CONFIGURATIONS 
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Source  Card  and  Data  Card  Listing  for  Flanged-Connector 


BILIM _ noio _ 

IMP II r  SOURCfc  CARDS 
EXECUTE 


OJTPLir  SUBROUTINE  TAPE 

F ')  RJ  RA  N _ _ _ _ 

NAME  BIL IN 

BIVARIATE  LINEAR  INTERPOLATION  FUNCTION  SUBPROGRAM 


CALLING  SEQIJPNCE 

BILIN(X,Y,Z.NX,MY,ARGX.ARGY) _ 


WHERE  X  IS  A  LINEAR  ARRAY  OF  THE  FIRST  INDEPENDENT  VARIABLE 

_ T HP  VALUER  QF  X  ARE  LISTED  IN  LNCREASIN G _SE QUENCE 

Y  IS  A  LINEAR  ARRAY  OF  THE  SECOND  I  N  D  E  P  E  N_D  E  N  T  V  A  R  I A  R  L  E 
fHc  VALUES  OF  Y  ARE  LISTED  IN  INCREASING  SEQUENCE 


7  IS  A  LINEAR  ARRAY  OF  THE  DEPENDENT  VARIABLE 
_ Z  tS  ORDERED  BY  CHOOSING  AN  X  AND  LISTING  THE  VALuSS 


NY  IP  THE  Number  of  y  values 
ARGx  13  THE  X  FUNCTION  ARGUMENT 


ARGy  IS  THE  Y  FUNCTION  ARGUMENT 
FUNCTION  BlLTN<X,Y,7,NX,NY,ARGX, ARGY) 


DIMENSION  X  (<=;)#  Y  ( 5  )  ,7(5) 
COMMUN  I  , J , K , TEMP , TFMP1 


OF  THE  DEPENDENT  VARIABLE  FOR  ALL  VALUES  OF  Y 

nx  ip  the  number  of  x  values 


BILINniO 


8ILIN020 

BILINnXQ 


BILIND40 
B  I L I  Nfi 5 0 
BILINH60 
8  I  L  I  NO  7 


BIL1NPA0 
I  ' 


BILlNi 00 
B  I  UN1 1  0 


BILlN] ?0 
8  I L  I  NT  30 


BILIN1 40 
I 


BILlNi 60 
BILIN170 


c 

c 

THREE  SP  'VARIABLES  of  COMMON 

TWO  DP  VARIABLES  OF  COMMON 

BILIN180 

BILIN190 

DU  1  1=2, NX 

IF  ( ARGx-X (  I  ) )2, 2, 1 

BILINPOO 
BILINP1 0 

1  CONTINUE 

B  I  L  I  N??  0 

I  =  NX 

B  I  L I N?3  0 

?  no  3  J  =  2 , N Y 

8 I L I N?4  0 

IT  ( ARGY-Y(J) >4,4,3 

B  I  L I N?  5  0 

3  CONTINUE 

B I L I N?6  0 

J  =  NY 

BILINP70 

K=I*NY-NY+J  BILINP80 

TtMP=  (J  ?  (  K  )  -  7  (  K-1  )  )»ARGY  +  ZtK-l>»Y(J)-Z(K)»Y(J-l))  /  (  Y(  J)-Y(  J-l )  )___  B  ILINP90 

K  =  k-NY  8  I L I N 3 0 0 

TEMP  1js_(  (7(K)-Z(K-1 )  )»ARUY»Z(K-1)*Y(J)-Z(K)»Y(J-1)  )/(Y(J)-Y(J-l))  B  I L  I  N  3 1  0 

TIL  IM=  < ( TEMP -TEMPI )*ARGX  + TEMPI *X ( I ) -TEMP*X < I -1 > ) / <  X ( I ) -X (I :i  > )  BIUN3?0 

RETURN _ BILIN330 

END  8  I L I N 3 4  0 

_ BI  L  I  N3j0 


END  OF  JOB 

FLANGE  DESIGN  0060 

INPUT  SOURCE  CARDS 


EXECUTE 

OUTPUT  DFBUG  TAPE 


FORTRAN 

NAME  FLGOSN _ 

EQU I  P=  CARUrp,PPINTe; 

DIMENSION  Anc(15)»THPI (15) » AB1(15) »RR(15) ,RS<15) , DH( 15) ,HDM(15) 


DIMENSION  Gld(9),Hl4(14),Vl4(126),Fl4(12A).F15<l?6) 
F0RMAT(6E12. 6) 


1  FORMAT ( ?7H  BPAR1NG  AREA  NOT  SATISFIED) 

I  FORMAT  ( 8H  D= . El? . 6, 6H  TT=,E1?.6,6H  ST6=,E12.6»6W  PT=,E1 

L  ? .  6  j  6H  GOs . E12 . 6>  6H  AmC= , El?  .  6/8H  SG=,E12.6,6R  SFA=,E12.6, 


Fl'’1!.  r;BAs,hl2.6>6H  AM= , E12 , 6, 6H  SFT  = , El  2 . 6 , 6H  SBT  = ,  El  2  .  6/flH  S 
*r rc=,El?.A.6MSSEYSa.tl?.6»6H  SB YS=» El2 . 6 . 6H  CAPX= , El? . 6 , 6H  CAPY=,E 
'HB. 6.C,H  i;APz-,El2.6/fiH  P=,El2.6/) 

-5  r  0  PM  A  T  j  i  0  Ft  mo  BOLT  AVAILABLE) 

5_runMAI  ( AH  RG=,Ft?.6,6H  ZT= , El? , 6 , AH  BSs,El2.6,6H  B=,El 
PH=.E12.6,6H  TEMP=,E12.6/8H  PPRM= , E12 . 6 , 6H  WS=.E12.6, 

2^1  Wj  «.  El?  ,6,6H  U?=,E12.6,6H  w=,El 2.6/) _ 

rui?MA  I  TYPE  2  FLANGE  FOR;//) 

'  0  ;  ryPMA!  (  '  ■) H  WE  HAvF,  13,F6.2,13H  BOLTS  WITH  j  / /  1 5 H _ A=_ 

I  .  I- 1  ^  .  6  ,  M '  (  AS=,El?.6,0H  B  =  >E12.6,BH  BS=,E12.6,8h 

DH=,E12.6,8H _ G=,E12.6,8H  Gs=,Elg. 

Hb.E12.6i0H  H1  =  ,E12.6/15H  H2s  ,  E3.2 . 6, 8H 

A  PQ->l:r-).6>nH  THPl  =  ,Rl2.6i8R  TO M 1 N  = , FI  2 . 6 , 8H  TQMSPs  ,  El  ? .  6  / 1  5H 
r’  tS=,F12.6,8H  V1=,E12.6»8H  V2=,E12.6,8H  W  = 

6 . 6  L2 ,0, QH  NS=,Ej?.6//) _ 

inn  i-'OumA  f  ( ?'iht  TYPE  1  FLANGE  FOR;/) 

LOW  F  U  R  M  A  r ( 1  •  i  H  WE  HAVE  //8H  TOM  I  N  = , E12 . 6 , 6H  B=,El2.6,6H  A  =  .F12 

I .6.6H  BETAa, PI?. 6, 6H  BSi,E12,6,6H  Vis, E12, 6/PH  THET  A  a , £12 , 6, 6 
?H  J",p12.Aj6H  0s,E12.6.6H  Ws,El?.6,6H  Ns,El2.6»AH  6 

3»»F1?.6/hH  T0MSP=,F12.6/////> 

1  n n 0  FORMAT  (  7F1I) ,  s  ) _ 

I  mil  F U HM A  I  ( 3  ?F  6~.  T  ) 

RE  AD  mil",  <  AMS(  i  ) ,  THPI  (  I  ) ,  ABK  1  )  ,RR(  l),Rg(  I  )  ,DH(  I  ),HDM(  I  ) ,  I  si,  15) 
READ  1  lini , < (nl4( I ), T=l,9), (H14(  I ),  Isi,14), (V14(  I  )  #  Is1,126>» (F14(  I ) 

t. 1=1. 1?6>. (Fi5( 1  ).  1=1,126)  )  _ _ 

PH  INI  IfFni),  (ANS(!),THPHI),ABl(I),RR(l),RSU),DH(  I  ),HDM(  I  ),  lsl,ip) 
PRINT  1 0 1 1 1 , ( ( G 1 4  < I ) , T=t ,9), ( H 1 4 ( I  ), 1=1, ta), ( V 1 4 (  I  ),  1=1,126) . ( F 1 4  <  I 
1  ),  1*1,126), <F15< I ), 1=3 ,126) ) 

9V9  READ  1.  T) ,  TT.STE.PT.  GO,  AMC ,  SG,  SF  A  ,  SBA  ,  AM  .  SFT  ,  SBT  ,  SF  YS,  SSE  YS  ,  SB  YS  >  C 
1.  4PX,  CAPY ,  C Ap7, P 

_  K1  =  CAPX _ _ _ _ _ 

K2=CAPY 

K3  =  CAPZ _ 

AS  =  0 . 

GS  =  0  . _ 

H  =  0. 

HI  =  Q  . _ 

H2  =  0  . 

R  G  =  IK _ 

rs  =  u. 

>/ 1  =  it . _ _ 

rUMSPnO. 

/)'  ».09rtl  /"I?7ii4*(  (0**4.  )-(  (D-2.*TT>**4.  )  )/D 

•  l - 1)  —  .  •  I  I  _ _ 

10  TO  (  I  > .  1 8  i  , F? 

i !  _ _ _ 

"•HINT  I  Tl A 

r'idNl  A.  H,  I  T  .STb.PT.GO,  AMC,5G,SFA,SBA,  AM,SFT,SBT,SFY5,SSEYB.5BYS,C 
1  \P<  .TAP)  .CAiw.P 

III  in  I  v  _ _ 

18  Rii-  .  0  2  fl  t  .  0  Ii  2*s  •  D 
1  -  0  5  '  £  .  » ' !  li  *  *)  .  •  T  T 
WH I  NT  ISA 

11  I  i,j  i  i , 1 1 .  I  I  ,  !i  1 1  ,  P  T .  G  o  .AmC,SG,SFA,5Ba,Am.SFT)SBT,SFYS,SSEYS.SBYS.C 

1  1HW .FAR  I  . r  Ac  -  . P 
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1 9  ..  JF  { AMC-1.  )Pi  .21  .20 

20  |38  =  4.*AM0*Tt  / (D*7T ) 


90  TO  22 


21 

p8ls4,*STt*TT/(3.*0) 

Pd?=240.#( ( D  +  3 . )  **3 , )*TT/(ZT*D) 

DS=M I N1F  ( P8l .  P82 ) 

22 

90  TO  ( 23*  24 ) »  K2 

23 

RtTA  =  8 

GO  TO  25 

24 

R6TA=8S 

25 

TEmP=2.*°  r / 3  . 

pprh  =  MAX1.(-  Ip.  T£MP) 

NS  =  ( BET  A  **2 .  i  *  ( PPHM+PR  ) 

90  TO  <?6*29)*K1 

26 

Rl=.n7+.031n*D 

IF  (wl-. 1127.28, 28 

27 

iJls.l 

2« 

W2=WS/(36.*D»SG) 

W=MAX1F( </l*W2) 

L  =  1 

GO  TO  32 

29 

Wl=.04+(  .  U  06Q230  762*D  > 

IF (Wl-. 0^)30 .31*31 

3  0 

.*11= .  05 

31 

«J2=WS/  (  8  .  *Q#sG ) 

4  =  M  A  X 1 F (Wl* W?) 

90  TO  <39»35>,K2 

32 

GO  TO  (31*33, 34, 33, 34), K3 

33 

G=BETA+W 

90  TO  39 

34 

9=BETA+w+2.*(  .05+.On666667*D> 

30  TO  39 

35 

G=BS+W 

39 

AG  =  3 . 141592654*W*G 

48S=(WS+AM*poRM*AG)/SBT 

abg=ag*sg/sba 

AB=MAX1F(A8s, A8G) 

J  =  1 

4H 

0=(AB/AB1< J)  >  +  .  9999999 

145 

0  =  M 

91=1000. 

GO  TO  (41*42), K2 

41 

91=MIN1P(4.#00* . 6666667* <(B#GO>**. 5) +G0) 

C  =  MAX1F<R  +  2.*<G1  +  RR(.J)  ),G  +  W  +  DH(  J)  ) 

90  TO  43 

42 

C=MAX1F(RS+2.*(?.*TT+RG+DH(J)),G+W+DW(J)) 

43 

IF  (RS(J)-3. 1/11592654*0/0  >45, 45, 44 

44 

90  TO  444 

444 

■J  =  J  +  1 

[F  (J-15  >40.40,52 

52 

PRINT  4 

90  TO  20 n 

45 

A=C+?.*DH( J) 

46 

90  TO  (47*46), K2 

THETA=B 

* 

46  rHETA=0 
ANU=1.0 


'  J  "  !i  +_»/_ 

'  V'':r /(  /(SSbYS*3. 141592*54)  )  +  <THETA**2.  )  )  >61 .48 ,4 

_  1  ‘i_ 

.  ---  f-. 

*  <  ^-un^AS 

l  ~i  t  7*i  ■  r.'ipf/i  i  j‘} , 

<.4  “ 

-  <i  i  r 

■V  ’  V  V  ~  '  '  " 

-  ■’  i  - .  6  '•  6  '•  / 

r' ,< -,v 

4/1  . 1  j  -  .  ;  *  ( r  -  > 

A  ,/  -T  a'  /  ‘  (Il'iS  r  /i 

a  i  * !  1 ,  /  '  a  '  -  i  .  )  )  *  (  n  ,  . 71690*  (  (  AK* AK»L0G1 OF  (  A  K  )  >/(AK»Ak-1.)>> 

'V'-a'm  >*i  H  i  '»(wg+Am»P*AG)*HG/(SFT*THETA)  )**,5) 

-  a  .vi .  j »  ^  (  n  '»AG»Sfi*Hn/(SFA*THETA)  >##.5) 

7  r 

aa  '  ri  -  *  t  / 1  ?  ( r  o  i .  r  o  ? ) 

'fj  H  *rivt(  j)  +  fni  )-3. 141592654*0/0)53, 50, 50 

;•_<  i!  _ 

V"'l  . . 

*  f  -'G  (  J)  -  S .  H  1592654*0/0  >49,49.152 

*0»(3.Uii)92A54»C/(?.*0)  )-DH(J) 

M^SPsTQ _ 

5  1  VO  r'j  (51,10''),K? 

5  1  -• 5 1  . 5  ♦(  ( H  *  G  Q  )  *  *  ■  5  ) _ 

13=( ,+8.55?46*LOG10F(AK> )-l.  )/(1  .36136*(AK*AK-1.  )*( AK-1.  ) 

1 ) 

'lTs(A<*AK  +  l  ,  )/( AK*AK-1.  ) 

_ 'l?i( ( 4K*AK* fl. »8.55?46*LOGlOF(AK))-l.)/f(AK-l.)*(l.  04720 *1.94480* 

i.  A  4  *  A  4  )  )  ) 

i4!„srt/(<rHcTA  *G0  )**  ,5) _ 

.)4  t.sll/Q  ) 

•UA881LIAi(G-|4,H14,F14,9,14,G41,H41) _ _ 

l -I  A«8lL  I  N<G^  4  ,  HI  4,  V1.4,9,14,G41,H41 ) 

•  l  '■  A  s  8  I  L  F  l\i  (  G  i  4,H14,F15,9,14,G41,H41) _ 

r  F  (  F  1 5  A  -  t  .  1 1  4  9 , 1 5 1 , 1  5 1 

I  /  '  l  1  A  a  t  . _ 

5  l  VO  T  .1 

lit":  i  i  l  AM  It  S  _ 

5  5  "i  fc  i  T  -  .  0  i1 »  T  0 

il-r  HA/  (  :.J|J  i  I-  (  THfcT  A  »G0  )  ) _ _ 

A  2  _  (  l  3  »  0  0  » i!  i » 0  R  T  F  (  T  H  E  T  A  *  G  0  )  )  /  V 1  4  A 

13  \  1  i  T  0  »  A  l  ,  l  . 

«  »  -  A  S!  '  l  \  _ _ 

A  3  -  l  T  0  »  »  3  .  )  /  A  O' 

■\  0  -  A  I  A  3  _ _ ______________ 

S  r-51  -F  15^/ (  *Ul*THETA  > 

,  '  -  l  I  .  ■  I  I  »  A  |  /  3  .  )  *  l  .  _ _ _ _ 

.  i  S2  =  A7  /  i  Af.  »  I  0»  l  n*  THFTA  ) 

ill  i  l  >/  l  i  n  *  I  u»  I  III  I  A  )  _ _ 

;k  A8  ’  i  !i  v.siivj  >  . . . 
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Si  G.C  =  MAyj.F — ( g_IG2JS.IS3.g.«SIGl/3.  .  . 5* f S I Gl +S I G? ) .  ■  5*  ( S I  Gl +S I  n3.M 
C  MOMENT  CALCULATIONS 

_ HG= , 5* ( C-G  ? _ 

H0=.5*(C“THEtA"G0) 

_ FMG=AG»SG»HG _ 

A9=.785*G*G*fP+PB)*HD 

_  A 1  0_=  A  M»P»AG»mG _ _ _ _ 

FMO=A9*A10 

_ _ F MT  =  (F MO* (Mt  +  PB)  ) / ( P+PB ) _ 

C  STRESS  CALCULATIONS 

150  GO  1 0  (70.  8p . 90, 98 ) , M _ 

70  SGC1=SIGC*Fmg 

71  IF(SGC1-SFA)72>73> 75 _ 

72  IF(SGC1-.95#bFA)76.76,73 

73  GO  TO  74 _ 

74  M  =  2 

GO  TO  66 _ _ _ _ _ 

75  T  0  A  =  T  6  +  D  E  L  f 

K=K+1 _ 

IF  (K-30)146,146,73 

146  T0=  TO A _ 

GO  TO  65 

76  TOA  =  TO-DELT _ _ _ _ _ _ 

"  K=K+1 

_ _IF  (K-3Q  >146.146,73  _ _ _ _ 

80  S0C1=S I GO*Fmo 

_ 8 1  [F  <S0Cl-SFT)82,93»85 _ _ _ 

82  IF<S0C1-.95#BFT>86,86,83 

8 3_G Q  TO  84 _ 

84  M  =  3 

_G 0  TO  66 _ 

85  TOB=TO+DELT 

_ K  =  K  +  1 _ 

IF  (K-30 >147,147. 83 

147  TQsTOB _ 

GO  TO  65 

_ 86  TQB  =  TO-PEL  T _ 

K  =  K  +  1 

_ IF  (K-30  )  147 , 147»  83 _ 

90  STC1=SIGC*Fmt 

91  IF(STC1-.9»SFYS)92>93,95 _ 

92  IF'(STC1-.85*«;FYS)96, 96*93 

_9_3  _GO  TO  94 _ _ _ 

94  M  =  4 

_ GO  TO  150 _ 

95  TOC=TO+DELT 
K  =  K  +  1 

IF(K-30)148,148,93 

148  TO =TOC _ 

GO  TO  65 

96  rOC=TQ-DELT _ 

K  =  K  +  1 

_ I F ( K-3  0  )  148 , 1  48 , 93 _ 

98  rOMlN=MAXlF(TOA,TOB,TOC,TOMSP> 

_ '/!=(  .  785  3981^,0*  (  (A*  A -THETA*  THE  T  A)  »TQMlN+(  ( (  THETA+GO )  *»2 , )  -( THETA«T 

1 H  t  T  A  )  )-( <DH(  ] ) *  #  9 , )*0*T0MIN) )  +  ( ( Gl- GO ) «H/ 2 . ) * ( THE T A  +  G0+ ( ( Gl-GO ) /3  . 
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2D)  _  _ _ _ 

oR  I  NT  107, N,  ANSI  J) ,  A,  AS,B,8S,C,DH<  J>  .G,G<?,H,Hl,H2,RG,  THpi  ( J) ,  TOMlN 

1. IOMSP; IS,Vl. V2,W,WS 
99  TF( J-15  >44, 700,200 
!  TYPE  ?  FLANGES 

t u n  oELT=,02*fO  *  “  ' 

K  =  0 

X=.5*(AS+THEtA> 

RG=.5#(C-X) 

HO=.B*(C-THEtA) 

F MG=AG*SG*HG 

Al=. “78^398 16#G*G*(P+PB)*HD  — 

H  2  =  AM»P*AG»HG _ _ _ 

FMQs A1+A2 

FMT=FM0#(Pr+PB)/(P+P8) 


101  SIGC=Y13/<T0*T0#THEtA) 

STRESS  CALCULATIONS _ 

10  2  GO  TO  (110, 1.90, 130, 138  ), M 

ii n  sgc 2=sigc»fmg _ 

111  If ( SGC2-SFAJ1 12,113, 115 

112  I F  (  SGC2-  ■  95 «<;F A  )  1 16 . 1 16, 1 1 3 _ 

113  30  TO  1.14 

114  Mf_2  _ _ 

GO  TO  66 

115  TOD  =  TO  +  DPL_T _ 

'K=K+1 

_ I F  (  K  -  3  0  )  1 4  2 , 1 4  2 , 1 1 3 _ _ 

142  TO=  TOD 

GO  TO  101 

116  TODsTO-DELT 
K  =  K  +  1 

!  F ( K-30  ) 142 ,  142.113 

120  S0C2  =  SIGC*FMn _ 

121  I F ( S0C2-SF r ) 1 22, 123 , 1 25 

122  IF (S0C2-,95»gFT)i  26,126, 123 _ 

123  GO  TO  124 

124  N=3 _ 

GO  TO  66 

125  T0E=T0+DELT  _  _ 


K  =  K  +  1 

I  F (K-3  0 >14  3,143,123 _ 

143  TO=TOE 

GO  TO  101 _ _ _ 

126  TOE=TO-DELT 

K  =  K  +  1 _ 

TF(K-30)143,l43,123 
1.3!)  STC2  =  SIGC*Fmt 

1 3 1  inSTC2-.9*ScYS  >132.133, 135 

132  lF(STC2-.a5«sFYS)13K,136,133 _ 

133  GD  TO  134 

134  M  =  4 


GO  TO  101  _ 

136  TOF  =  TO-DELT  . . . 

K  =  K  +  1 _ 

I  F < K-30  )  144, 1.44, 133 

13 8_  TOMINsMAX1F(TQD,TOE, TQF.TOMSP) _ 

V  2  F  =  ( .7863981  6* < ( A* A-THET A*THET A ) *TOM IN- ( DH ( J ) **? . ) #0*T0M  IN ) )  ’ 

_ T  S  =  2.*TT _ 

GS  =  2 .  *TT 

H 1 =  < (THEfA*66)**.5)*2. 

IF(Hl-2.*rOMlN>139,i.39,140 

139  S1  =  2.*T0:1IN 

140  M2=.5*H3 

_ v2h=(  .  7853981  6  » ( (AS*AS~BS»BS>*TS+t ( (RS  +  2,*GS)»*2. )-BS»Bs)*Hl  +  ( ( ( (B 

1S*G0*2. )-BS*qS)#H2> )  +  ( ( ( GS-GO ) #H2/2 . ) # ( GS-GO > /3 .  ) )  ) 

v2=V2F+y?H _ 

PRINT  1B7.N,  aNS(,J),a.AS,B#BS»C«DH< J),G»GS*H,H1,H2#RG>THPI ( Jj.TOMIN 
1, I QMSP.TS, Vl_. y2,w,wq _ 

141  I F ( J-15  >44,?00,200 

20J) _ GO  TO  999 _ 

END 


5 .  rj  ij  0  0  0 

44 . 0  0 0  n  0 

.  13200 

.39600  .14100 

.20000 

6.00000 

4  0 . 0  0  0  0 

.  011874 

.14300 

.42900  .15200 

.22100 

8  .  U  0  0  0  U 

36 . 0  0  0  ('  0 

.(11285 

,IEral 

JCTviiTi^^BKFTrlira 

a  mill  •. 

in . ooooo 

32.00010 

.01750 

.  18600 

.5^800  .20900 

jvTH 

MHIHHimJ 

. n?260 

.202nn 

.61600  .24000 

,  RfUifil 

4.16000 

2  8 . 0  0  0 1 0 

.03260 

.25900 

.66700  .28100 

.43800 

6.16000 

24.00010 

.05240 

.30600 

.  79600  .  344  U  0 

■53100 

6.16000 

24.00010 

.08090 

.36500 

.97400  .40600 

.64900 

7.16000 

20.000i0 

.1  0  9  0  0 

.41500 

1.12500  .46900 

.75000 

6.16000 

2  0  .  U  U  0  n  0 

.  1  4  9  0  0 

.46400 

1.24200  .53200 

.82800 

9.16000 

18.0U010 

.  1  8900 

.51900 

1.4H7U0  .59400 

.93800 

10.16000 

18.00010 

IjllLJ 

1.57500  .68700 

1.05000 

12.16000 

16.00010 

U0  . 

1.84500  .81200 

1.23000 

14.16000 

14.00010 

.48000 

.77900 

2.15700  ,93700 

1.43800 

16.16000 

12 . 000 n0 

.62500 

.  8  7  0  U  0 

2.43700  1.06200 

1.62000 

l.noo 

•tasEiP ; '  r 

■tHIW 

5.500 

.406 

Ml 

.700 

l.Onn  1.250  1.500 

Kiflrfl 

&E3i» 

.55  0 

.550  .550 

.550 

.550 

.370  .350 

.335 

.320 

.310  .280  .275 

.265 

.  255 

.240 

.230 

.270 

.230  .220  .205 

.190 

.175 

.160 

.150 

.135  .130 

.125 

.295 

.265 

.235  .215  .200 

.180 

.135 

.090 

.080 

.173 

.160 

.090 

.070 

.060  .052  .265 

.230 

wmm 

.175 

.160 

,14o  .115 

.095 

m a 

RU| 

.04n 

mm 

.220 

.185 

.165  .142 

.125 

KH9 

•  IlHlB  .  :  M&'i 

Wta; 

.040 

.030 

.240 

.210  .175 

.160 

.135 

IHil 

.095  .078  .063 

.04.) 

.035 

.027  .230 

.200 

.150 

.075 

.062 

.054 

.044 

.039  .030 

.025 

.9  09 

.909  .909  .909 

.909 

nil 

.909 

.909 

.909  .909 

.909 

.9  09 

.909 

.875  .870  .862 

.85  3 

.846 

.84  ■  1 

.833 

.825  .820 

.810 

mm 

"HHil 

WlWii 

.856 

.852 

.833 

.823 

.815  .800 

.790 

EM 

Witt 

HWM 

.  685 

.860 

.840 

.830  .820 

.  8 1 U 

.791 

.772 

.750  .735  .715 

'.66(1 

.630 

.880 

.870  .855 

.8  35 

.825 

.790  .765  .735 

.715 

.655 

.630 

.590  .890 

.875 

.862 

.840 

.830  .815  .785 

.760 

.730 

244 


.  700 _ ^ 

.755  . 

.018  . 


.855  .838  .820  .786  .749  .720  .681  .655  .605  .565  .515  1.000 

1. 


+ .  3  9  0  0  9  0  E  +  0 1  + .  3 !  >  U  0  M  0  E  -  0 1  + . 
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TABLE  28.  TYPICAL  INTEGRAL  FLANGE  DESIGNS 


sTtp£  i  Ur i 

,  c  =  .3'- H' 'I  .+  =1  T  f=  .3fl0unii»-ill  STEs  .9000UO.+05  PTs  .  150000. +  /)4  GOs  .900000.-01  AMCs 


V<  hi  i  n 

AMs  ,3nnnnn.*ni  ptt-  .-tinnnn 

SryS  =  .  L ^ 0 !■  * j ■  „*>6C;SE''S  =  .1  5unn(i„*16  S6YS=  .  150000.+06 
p=  jj  ''("I1  '.  +  "4 

CAP)/:  .1001(10. +  01  GAPYs  .1  00000 

.♦01  CAPZ=  .100000. +01 

JP 

HA  '/F 

13  5 

.  ia  Roi  rs  with 

As 

AS  = 

.  '  ) 

.  R  = 

.  2  9  4 ,1  0 .1  .  +  n  1 

RRr  _  QOijnnn  *ni 

Ea 

■ a 

.310300. +01 

GS  = 

.  0 

H=  .771589. +00 

His  .0 

Hk9 

:JWEa 

.  0 

T  HP  ?  = 

.240010. +05 

T Gm 1 N s  .  3sa4lR-  +  nn 

TDMqp-  ,n 

MB 

.514584. +01 

v  2  = 

.  n 

W=  .163000. +00 

WS  =  .190159. +05 

UP 

HA»P 

A  - 

.  5  w  n  2  o  n .♦ n l 

AS  = 

.0 

R  = 

■  294303. +  01 

RS  =  .  2040(1/1. +  01 

r. s  .4i.7onnnr4-fM 

nn  = 

G  = 

.31 113(10. +  01 

GS  = 

.  0 

H=  .771589. +00 

His  .0 

H2  = 

•  0 

0(,= 

rH°i  = 

,240000. +02 

tdm I n=  .30A99n.+nn 

rriMSP-  j 

TS  = 

•  ft 

111: 

•6Q£34?a+Ql 

V2  = 

,  0 

W=  .163000. +00 

WS  =  .190159. *05 

wf 

HA’iF 

9  / 

■  IB  BOLT  i  WITH 

] 

As 

.  342800. +  ol 

USA 

_ *JL_ 

R  = 

.  3 94  0 00. +  01 

RS=  .  20400/1. +  01 

r-  T449nnn„*oi 

0H  = 

.  <IA90UO»  +  tlU 

b  = 

.310300. +01 

GS  = 

.  0 

H=  . 771 5B9 .  +  0  0 

Hl=  .0 

H^s 

.  1 

PG  = 

THp  1  = 

tuniiinimif’i 

EiiPTP^Enii  M'filWiTiB 

TOMRP -  T n 

TS  = 

•  u 

V/  1  = 

.(■>530  78.  +  01 

«2  = 

.  0 

W=  .163000. +00 

WS=  .190159. +05 

wc 

HA'»b* 

R  R 

.16  POL  T S  WITH 

A  = 

.S657J0.+I1 

USA 

.  '1 

_ R^ 

.294J-J0.  +  O1 

_ RS=  .  294  000.  +  01 

g s  .45HRno.  +  ni 

DH  = 

.  5 UP 'J 0  0 .  +  ll  J 

G  = 

.31  03uU»+U! 

GS  = 

.  n 

H  =  .  771  589. +  00 

His  .0 

H?s 

.  0 

pG  = 

.  II 

T  H  P  1  = 

?Ofnno »  +  o? 

ICtMlN=  ■  41  7R50.  +  fi(1 

T/1MRP-  n 

Tb  = 

<  '1 

\/l  = 

.  783(198. +  01 

i/?  = 

.  n 

W=  .163000. +00 

WSs  .190159.+05 

WH 

HA"F 

R  ^ , 

,16  HOLT'S  WITH 

; 

A  =  . 

,38860  > . 

AS  = 

#  n 

0=  . 

294 ) 0  u .  +  0 1 

SS_S  .  294  00  0  .  +  0  1 

g s  .  46980  0. +  m 

nn=  . 

,  394(100. +  l)M 

G  = 

.  31O300. +  01 

GS  = 

.  1 

H  =  .771  589. +  00 

HIS  .  0 

H2  = 

.  n 

6G  = 

T  H° 1 =  . 

188.400. +  02 

TOM  1  N=  .  42D612-.+88 

TOM.RP-  .  n 

TS  = 

.  u 

1/1  = 

.  8“U402. +  01 

V2  = 

.0 

W=  .163000. +00 

WSs  .190159. +05 

H  A  '»F 

7  ’  . .  16  BOLTS  WPH 

. 

A  =  . 

6  :840n.*»ii 

AF  = 

.0 

R=  . 

294  J'lJ.  +  Ol 

PR:  .20:000. +01 

Gs  .  481  00  0  . +  01 

HH=  . 

OA  /A  0 1!  .  +  !'  U 

G  = 

.310300. +01 

GS- 

.  0 

H 5  .  771  589. +  00 

His  .0 

H2  = 

.'1 

RG  = 

_ »  L1 

T  HP  T  =  . 

lBI11'."J.  +  02 

TQM  1  Ms  ,439n7R.  +  nn _ 

TQMSPs _ JJ _ 

T  S  = 

.  II 

V/ 1  = 

.  961(814. +  01 

v2  = 

.  0 

W=  .163000. +00 

WSs  .190159. +05 

WF 

HA'/F 

7  11- . 

1+  SOL  IS  WITH 

t 

_A=_  ■  6ft  1  a Q n „ -m l  AS= _ ■_!!_  _ fl=  . 29A8Q] .ifll  RSI  ■  Ron n fl n .+  n  1  Gs  .  4Qon p  n  . .. p i 

Ohs  .dl  2n0f).*'ju  G  =  .3111300. +  01  GS  =  .0  H=  .7715B9.+00  His  ,n 

H2s _ .  U  RG  = _ J T  H  p  1  =  .  1AJUUL3 .  +  02 TOM  I  Ns  ,  4  j  n  71  7  -  +  n  n TDM  R  P  - _ _q. 


1ei=  _ 

rs  = 

_ - 

.  'J 

_ ^U~— . 

vi  = 

_ _ 

. 112993. +02 

_ 1  flT  I  r._ 

V?  = 

— i  Lin  i.ra- 

W  = 

a  11  f  1.1  at  11  [I 

. 163000. +on 

iiinars 

WS  = 

- -a — 

. 190159. *05 

wc  HAwE  /  1  «* 

.14  HOL/S  - i TH 

J _ 

A  = 

.  /noPdii  -4- Ml 

A  S  = 

_ .  'i 

_ a=_ 

.  7940(in.  +  ni _ 

_ BSp 

.294000. +01 

_ c^- 

.  5 9 1  r n n j.ni 

DH  = 

.  9  3  7 1)  O  (  .  +  0  0 

G  = 

.3103UO.+OI 

GS  = 

.  n 

H  - 

.771589. +00 

His 

.  n 

H2  = 

■  0 

PU  = 

_ 

THPI 1 

■  1  400(11  .  +  02 

_L0MI.HI-  . 

.  447R71  -♦(!  fl 

TflMSE=_ 

_ 

TS: 

.  H 

\/l  = 

.132369. +02 

02  = 

.0 

w  = 

.163000. +00 

WS  = 

.190159. +05 

WF  H  A  >'  F  6  1  <■  .  If  BflLli  a  I  TH  1 


A  3 

'.  /5?40r!.  +  ul 

A  S  =  .0 

B  =  .. 

^S=  .294008. +81 

r- 

. t540fipn 

Hh  = 

,l'l6^0U»*  1 

G=  .310300. +01 

GS* 

.0 

H=  .771589, +00 

His 

.0 

MP  = 

■  0 

PG=  .0 

TH°  f  =. . 

RrJilillimirJ 

TGMRP: 

n 

TsT 

•  J 

i'i=  .156412. +  02 

V2* 

.0 

W»  .163000. +00 

WSs 

.190159. +05 

246 


TABLE  29.  TYPICAL  LOOSE  RING  FLANGE  DESIGN 
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Input  Data  Sheet  and  Operating  Instructions 


Threaded 

-Fitting  Design  Prog 

ram 

PROJECT 

DECK  NO. 

DATE 

PREPARED  BY 

G-6201 

TFD 

July  10,  1963 

J.  W.  Adam 

Data 

Cards  (5 

cards/ run) 

Date  of  Run 

19 

CARD  1 

CARD  2 

Col. 

Col. 

1-14  +/-  . 

E  +/- 

GS 

1-14  +/-  . 

E  +/- 

DP 

15-28  +/-  . 

E  +/- 

P 

15-28  +/-  . 

E  +/- 

FL 

29-42  +/-  . 

E  +/- 

DO 

29-42  +/-  . 

E  +/- 

PSI 

43-56  TF  . 

E  TF 

SY 

43-56  +/  -  . 

E  TF 

FN 

57-70  +/-  . 

E  +/- 

FS 

57-70  +/-  . 

E  +/- 

WZ 

CARD  3 

CARD  4 

1-14  +/-  . 

E  +/- 

FL2 

1-14  +/-  . 

E  +/- 

FL  5 

15-28  +/-  . 

E  +/- 

D2 

15-28  +/-  . 

E  +/- 

ALPHA 

29-42  +/-  . 

E  +/- 

DELTC 

29-42  +/-  . 

E  +/- 

SB 

43-56  +/-  . 

E  +/- 

FL3 

43-56  +/-  . 

E  +/- 

DELTH 

57-70  +/-  . 

E  +/- 

E 

57-70  +/-  . 

E  +/- 

DG 

CARD  5 

1-14  +/-  . 

E  +/- 

DT 

15-28  +/-  . 

E  +/- 

TO 

Data  must 
goes  in  as  +/0  . 

be  entered  as  ±.  XXXXXXXX  times  some 
3  7  2  5  6  0  0  0  E  «/-  0  3 

power  of  10,  ,  e.  g.  , 

■372.  56 

The  deck  is  a  systems  FORTRAN  source  deck.  All  the  control  cards  necessary 
for  a  compilation  and  execution  are  included.  Just  put  the  4  data  cards  in  place  of  the 
index  card.  Running  time  depends  on  DG  and  DT,  but  it  is  about  Z  to  4  minutes  per  set 
of  data.  Multiple  sets  of  data  can  be  stacked. 


Note:  DG  and  DT  should  be  entered  as  negative. 


Definition  of  Symbols  Used  for  Threaded- Fitting-Design  Program 


A  Nut  equivalent  outside  radius  in. 

*  ALPHA  Coefficient  of  thermal  expansion  in./in./F 

AM  External  bending  moment  in-lb 

AMT  External  bending  moment  in-lb 

AU  Poissons  ratio 

B  Inside  radius  of  nut  inwardly  projecting  flange  in. 

BETA  Calculation  variable  l/in. 

BTl  Calculation  variable 

BT2  Calculation  variable 

BT3  Calculation  variable 

*D  Nut  dimension  across  wrench  flats  in. 

DCAPI  Minor  thread  diameter  in. 

DCAPO  Minimum  nut  equivalent  outside  diameter  based  on  radial  in. 

thread  force 

DE  Nut  equivalent  outside  diameter  in. 

DELA  Calculation  variable  in. 

DELCLD  Nut  elongation  due  to  cold  thermal  gradient  in. 

DELHT  Nut  elongation  due  to  hot  thermal  gradient  in. 

*DELTC  Cold  thermal  gradient  F 

❖DELTH  Hot  thermal  gradient  F 

DELTOT  Total  nut  flange  deflection  in. 

DEL4  Nut  elongation  in  threaded  portion  at  maximum  load  in. 

DEL5  Nut  elongation  in  hub  at  maximum  load  in. 

DEL6  Nut  elongation  at  maximum  load  due  to  flange  rotation  in. 

❖  EG  Incremental  variation  in  nut  hub  thickness  in. 

•  Designates  input  data. 
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i. 


DI 

Inside  tube  diameter 

in. 

DM 

Major  thread  diameter 

in. 

*  DO 

Outside  tube  diameter 

in. 

*  DP 

Thread  pitch  diameter  • 

in. 

DSG 

Inside  diameter  of  nut  hub 

in. 

*  DT 

Incremental  variation  in  nut  flange  thickness 

in. 

Dl 

Average  diameter  of  threaded  stub  end 

in. 

*D2 

Average  diameter  of  seal  tang 

in. 

D3 

Average  diameter  of  flanged  stub  end 

in. 

D4 

Average  diameter  of  threaded  portion  of  nut 

in. 

D5 

Average  diameter  of  nut  hub 

in. 

E 

Modulus  of  elasticity 

psi 

FE 

End  load  due  to  pressure 

lb 

FKC 

Deflection  rate  of  compression  members 

in -lb 

FKT 

Actual  deflection  rate  of  tension  members 

in -lb 

FKTD 

Desired  deflection  rate  of  tension  members 

in-lb 

*  FL 

Length  of  nut  thread 

in. 

FLPRM 

Length  of  nut  thread  plus  hub  length 

in. 

FL1 

Length  of  threaded  stub  end  under  compression 

in. 

*FL2 

Length  of  seal  tang 

in. 

*  FL3 

Length  of  flanged  stub  end  under  compression 

in. 

FL4 

Length  of  nut  thread  under  tension 

in. 

*  FL5 

Length  of  nut  hub 

in. 

FM 

Equivalent  end  load  due  to  bending  moment 

lb 

FMH 

FMHO 

Bending  moment  at  nut  hub-flange  intersection 

Calculation  variable 

in-lb 

•  Designates  input  data. 
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FMO  Restraining  bending  moment  at  nut  hub-flange  intersection  in-lb 


*  FN  Number  of  threads  per  in. 

*  FS  Required  seal  seating  load  lb 

G  Equivalent  nut  hub  thickness  in. 

GA  Minimum  nut  hub  thickness  in. 

GO  Initial  hub  thickness  in. 

*GS  Maximum  seal  line  diameter  in. 

HG  Moment  arm  in. 


I  Controlling  stress  identification  factor 

II  Controlling  stress  identification  factor 

12  Controlling  stress  identification  factor 

13  Controlling  stress  identification  factor 


*  P  Operating  pressure  psi 

PB  Pressure  equivalent  of  bending  moment  psi 

*  PSI  Thread  angle  (bearing  face  to  perpendicular  to  axis)  degrees 

*SB  Fitting  material  200,000  cycle  fatigue  strength  psi 

SCAPH  Longitudinal  hub  stress  (designated  SH  in  output  list  heading)  psi 

SH  Maximum  allowable  stress  psi 

SHP  Bending  stress  psi 

SHT  Allowable  stress  based  on  SB  psi 

SR  Radial  ring  stress  psi 

ST  Tangential  ring  stress  psi 

STHF  Thread  shear  stress  psi 

STHG  Tensile  stress  in  nut  hub  psi 

STTF  Tensile  stress  in  nut  thread  section  psi 

*  Designates  input  data. 


251 


*SY  Fitting  material  yield  stress  psi 

T  Nut  flange  thickness  in. 

TEMP  Calculation  variable 

THETM  Nut  flange  rotation  degrees 

TN  Minimum  nut  thickness  of  threads  based  on  radial  thread  force  in. 

*  TO  Initial  nut  flange  thickness  in. 

TT  Minimum  tube  thickness  in. 

Y  Nut  volume  in.  3 

W  Nut  load  (based  on  either  FS  or  WSTR)  lb 

WMAX  Maximum  allowable  nut  load  lb 

WMAX  1  Maximum  allowable  nut  load  (based  on  SCAPH)  lb 

WMAX  2  Maximum  allowable  nut  load  (based  on  SR)  lb 

WMAX  3  Maximum  allowable  nut  load  (based  on  ST)  lb 

WMAX  4  Maximum  allowable  nut  load  (based  on  STTF)  lb 

WMAX  5  Maximum  allowable  nut  load  (based  on  STHF)  lb 

WMAX  6  Maximum  allowable  nut  load  (based  on  STHG)  lb 

WMAX  7  Maximum  allowable  nut  load  (based  on  SCAPH  and  SR)  lb 

WMAX  8  Maximum  allowable  nut  load  (based  on  ST  and  STTF)  lb 

WMAX  9  Maximum  allowable  nut  load  (based  on  STHF  and  STHG)  lb 

WPRLD  Recommended  preload  for  assembly  lb 

WSL  Minimum  allowable  seal  load  lb 

WSTR  Nut  load  (based  on  FE  and  FM)  lb 

W  1  Thickness  of  threaded  stub  end  in. 

*W  2  Thickness  of  seal  tang  in. 

W  3  Thickness  of  flanged  stub  end  in. 


•  Designates  input  data. 
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W  4 
W  5 
ZB 


Average  thickness  of  threaded  portion  of  nut 
Average  thickness  of  nut  hub 
Section  modulus  of  tube 
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FIGURE  120.  DRAWING  SHOWING  NOMENCLATURE  FOR  THREADED-FITTING  DESIGN  PROGRAM 
AND  FOR  THREADED-FITTING  CAPABILITIES  PROGRAM  (SEE  CIRCLED  ITEMS) 


Source  Card  and  Data  Card  Listing  for  Threaded-Fitting  Design  Program 

I  THREADED  FITTING  DESIGN  0  030 _ 3M  8C 

E  INPUT  SOURCE  rARDS 

E  EXECUTE 

H  OUtPUT  DEBUG  TAPE 

E  FORTRAN 

H  NAME  TFD 

H  EQulP  =  CARDRE,PRINTE; _ 

C  DECK  NUMBER  *016C 

1  FORMAT  (5El4.fi) 

2  FORMAT  (25H1THREADED  FITTING  DESIGN  //8H  GSs,E12.6»6H  Pr.El 

12 . 6  >  6H  DOa,El2.6>iAH  SY=»E12.6,6H  FS=,E12.6,6H  Pp=,El2.6/8H _ 

2  FLs , El2 . 6*  6H  PS  I = » E12 . 6, 6H  FN=,E12.6,6H  W2=,El2.6.6H  FL 

32=,E12.6,6H  D2=,E12.6/8H  DELTC= » E12 . 6 , 6H  FL3= > E12 . 6 , 6H  Ea, E _ 

412. 6, 6H  FL5=,El?.6,6HALPHAa,E12.6,6H  SB=,E12.6/8H  DELTHa,El?.6 

5.6H  DG=  >  Elp , 6  >  AH  DT=,E12.6.6H  T0=.F12.6,6H  D=<E12.8///  ) _ 

3  FORMAT  ( RH1  FOR  D=.E12.6,10H  WE  HAVE  //fiH  FE«  #  E12  •  6#-6H  FM  =  » 

1E12.6,6H  WSTR=»E12.fe»6H  W=,E12.6,6H  DE= , E12 . 6 , 6H  Ag.El2.6Z _ 

28H  D 1 5 »  Ei 2 . 6 »  6H  TT»,E12.6,6H  B  =  ,E12.6#6H  SH=,E12.6,6H 

3  OM=  <  E12 . 6<  8H  DCAP I  a, E12.6////// ) _ 

4  FORMAT  (10H  W  j.  = ,  E12  •  6*  8H  Dl  =  ,Ej2.6*8H  FL1=, E12 . 6, 8H 

1  FKC  =  >  E12 . 6/10H _ Wps,E12.6,8H  n2=,E12.6,8H  FL2a.E1P.6 _ 

2 . 8H  DELCLD=,El2.6/lnH  W3=»E12.6,8H  D3*,E12.6*8H  FL3  =  » 

3El2.6,8H  DEI  HT  =  ,  Elg  .  6/10H _ W4  =  ,  E12 . 6* 8H  D4  =  ,El2.6.8H _ 

4FL4  =  ,E12.6,8H  WS|_  = ,  E12 . 6/50H 

5 _ Fi  5  = «  E12 . 6/  /  ) _ 

5  FORMAT  (1H1.10H  FoR  Gb,E12.6#15H  WE  HAVE  HG*  >  E12 • 6/ 10H  AND 

1  Ga  =  .E12.6/ /  ) _ 

6  FORMAT  ( J.16H  T  I  WMAx  WPRLD  SH  SR  ST 

1  STTF _ STHF _ STHG _ FKt _  FKTD _ V// ) _ 

7  FORMAT (  F5 . 3 , I3j2F8.1,8E11.5#F7,4) 

45  READ  l,GS>P,nO.SY,FR,DP,FL,PSI>FN,W2.FL2.D2,DELTC>FL3>E,FL5.ALPHA< _ . 

lSB,DELTH.DG,nT»TO*D 

_ PRINT  2,GS,P.D0,SY,FS,DP,FUPSI,FN,W2,FL?,D2,DELTC,FL3,E,FL5,  ALPHA _ 

1,SB#DELTHjDG»DT#TO»D 
FE=GS«GS*P*n. 785398183 
DCAPI=DP-( .649519/FN) 

DM  =  2.»DP-DCApI _ ___ 

SH=, 8666666687 *SV 

_ SHT=.5»SB _ 

IF  (SHT-SH)lOf ll.ll 

in  SH=SHT _ 

11  TT={P*D0)/<2.*SH) 

IF  (TT-.  005)12. 13>13 _ 

12  T T=  .  0  0 5 

13  DI=D0-2.*TT  _ 

70=.O98l7477n4*((DO**4.)-(DI**4.))/DO 

B=.285 

Aff=SH*ZB 

AMT  =60.»(00+7. >«»3. _ 

IF  ( AM-AMT)15,15,14 

1 4  AM  =  AM  T _ 

15  SHP= AM7ZB  . 

Pd=4 . *TT*SHp/DO  _ 

F  M  =  .  70539816T*UO*DO*PB 

WSTR  =  FM  +  FE  _ _ _ _ _ 

IF  (WSTR-TU)l  6.17,  17  . ’  .  I 
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GO  TO  18 

17  W=WSTR _ 

18  TN=  W*T ANF (PSl/57.295780)/(3.141592654*FL*Sy) 

DCAP0=DM+2.»tN _ 

177  DEaD#l. 050075135 

A=DS».5 _ 

PKINT  3,D/FE,FM,WSTR,WiDE/A,DI,TT,B,SH>DM/DCAPl 
Wl=.5*(DP“Dl ) 

W3=.5*(DCAPl-.03-DI ) 

W4=.5»(DF-DP) _ 

MSL=.1*WSTR 

Dl= . 5» ( DP+D I  ) _ 

D-3=.5*(DCAPl-,03+UI  ) 

D4= .  5*  ( DE  +  DP  ) _ 

FL1=.5*FL 

F  L  4  =  F  L 1 _ 

FKC=( (FL1/(W1*D1)  )  +  (FL2/(W2*D2> )  +  (FL3/(W3*D3) ) ) / ( 3 . 141592654*E ) 
FLPRM  =  FL4  +  FL5  _ _ _ _ _ _ 

delcld=alpha*deltc*fiprm 

DEI  HT  =  Al.PHA»nELTH»Fl  PRM _ 

PRINT  4,W1» D1 »FLl,F«C#W2,D2f FL2#DELCLD#W3»D3#FL3#DELHTf W4»D4*FL4#W 

1SL.FL5 _ 

G0=A-DM/2. 

G  =  GO _ 

50  HG=A-G/2.-9 

DSG=2 . » ( A-G ) _ 

GA=(D-DSG)/2, 

_ AU= . 3  _ 

PRINT  5,G,HG,GA 

°H  I  NT  6 _ 

T  =  TO 

20  BTl  =  3  .  ♦  ( 1 «  - Al i»A|j  ) _ 

8T2=A*A*G*G 

8T3  =  BT1/RT2 _ _ 

RfcTA=BT3** • 25 

22  TEMP  =  LOGF( A/R) _ 

FHH0  =  HG/(A*6. 2831853  0 8* ( ( ( < 1 .  - AU* AU > *TEMP* ( ( T/ G ) **3 . ) ) / ( 2 . *RET A# A ) 

l)+l.  +  <BETA»T/2.  )  )  ) _ 

^MAX1=SH*G*G/<6.#FMH0) 

WMAXPsSH»T*T/(6.«(1.»BETA*T/2,  )»FMHQ) _ 

WMAX3=(8*T*T*SH*TEMp)/(3.*<(HG/3.14l592654)-2.*A*FMH0*(l.+BETA*T/2 

i.  n ) _ 

WMAX4s(SH*3.i  41592654 #(DE*DE-DM#DM>  >/4 . 

WMAX5=SH*2.51 32741232*FL»DP _ 

WMAX6=SH*3. 1415926 5a*(A*A-(A-G)*  (A-G)  > 

IF(WMAX1-WMay2)4(10»401,4Q1 _ 

400  WMAX7=WMAX1 

11  =  1 _ 

GO  TO  420 

401  WMAX7=WM AX2 _ 

11  =  2 


420  IF(WMAX3-WMAy4)402»403»403 
402  WMAX8=WMAX3 


4  0  3  WMAXB  =  U<MAX4 _ 

12-4 

421  lF(WMAX5-WMAy6  )404,405>  405 _ 

41)4  WMAX9  =  WMAX5 

_ j 3  =  5 _ _ 

GO  TO  422 

405  WMAX9=WMAX6 _ 

13  =  6 

422  [F(WHAX7-WMAv8  )406>  407>  407 _ 

406  (F(WMAX7-WMAy9)4n6,d09,4Q9 

408  4MAX=WMAX7 
[=11 

GO  TO  415 _ 

409  i^MAX  =  WMAX9 

[=13 _ 

GO  TO  415 

407  [F(WMAXe-WMAy9)4lO»411,411 _ 

417  IF(WMAX8-WMAY9)41CI»4U,411 

_41 0  WMAX  =  WMAXH _ 

1  =  12 

GO  TO  415 _ 

411  WMAX=WMAX9 

1  =  13 _ 

415  OEl.  4=(WMAX*Fl  4 > / ( 3 . 141592654*E*W4*D4  ) 

W5  =  G _ 

05  =  2.#(A-G/2.  ) 

0El5=(WMAX»F1,5)/(3.1  41592654»E»W5»D5) 

OELA=FKC*(WmaX-WGL-WSTR) 

FKTD=(DEi.CLD4.DEL.HT-DFLA)/(  WMAx-WSL-WSTR) _ 

FMO  =  WMAX-»HG 

925  FMH=Fh0/(6.?R318530P«A»(((l.-AU»AU)/(2.»BETA»A))«(T/G)»»3.» _ 

1TE.MP  +l.+BETA*T/2.  )  ) 

8CAPH=(6.*Fmh)/(G*G) _ 

SRs{6./(T*T))#(l.+BFTA*T/2. >*FKH  . " 

ST=(3. /(T«T»P»TEMP ))»(FM0/3, 141 5926 54-2. »A»FMH«(l,+BETA»T/2.)) 
GTTF=(4.*WMAy)/(3.l4l592654#(DE#DE-DM#DM) ) 

STHF  =  MMAX/ (2.5132741  ?3?*FL* DP) _ 

STHG  =  WMAX/(3.141592654MA*A-(A-G)**2.)> 

V=3.141592654*((A»A-B«B)*H-(A»A-(A-G)»*2.)*FL5*(A»A-DP»DP/4.)«FL) 

DEL6=(2.*HG*n*ST)/(F*T) 

FKT=(DEL4+DEl  5+DFL6)/WMAX 
DELTOT=FKT*WMAX+FKC#(WMAX-WSTR) 

wPRLD=(DELTqt-DELHT)/(FKC*FKT) _ 

THFTM=DEI 6*57.295780/HG 

PRINT  7,1,  I<MMAX<WPPLD<SCAPH<SR<ST<STTF<STHF<STHG<FKT<FKTD<V 


±.  82  0 10  0  0  0  E+0Q  +  , 3000000  QE+04+. 5  (J0Q(j000F  +  00+.l5f0OO0OE+C6+.120OOQQnF  +  n4 
+  . 9675 11  O0l!(:  +  0  0+  , 290OOOO  0  E  +  00+. 300000  0UE  +  02+. 20  0  00000E  +  02+.95000000E-01 
+  .2n0OOQ00E  +  00+.  53P0OOOIJE4-00+.1620OQ00E  +  03+.8QD000Q0E-Ql+.290Q00QnE  +  Ofi 
+  .255fH)0OOE+Gn  +  .75'10OO0nE-n5+.23OO000OF  +  06+.30PO0O0OE  +  O3-.3O000000E-02 
30 Gnn000E-02+. 30^00000 E+00+. 10625 000E+01 


END  OF  JOB 
PAUSE 


Typical  Output  for  Threaded-Fitting  Design  Program 
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Input  Data  Sheet  and  Operating  Instructions 


Threaded-Fitting  Capabilities  Program 


PROJECT  G-6201-1  Date  of  Run 

DECK  NO.  TFC 

DATE  July  10,  1963 

PREPARED  BY  J.  W.  Adam 

Data  Cards  (5  cards/run) 
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CARD  1 


CARD  2 


Col. 


1-14  +/-  .  E  +/-  SY 


15-28  +/-  . 

E  +/- 

DE 

29-42  +/-  . 

E  +/- 

D 

43-56  +/-  . 

E  +/- 

_  DP 

57-70  +/-  . 

E  +/- 

_  FN 

CARD  3 

1-14  +/-  . 

E  +/- 

_  FL5 

Col. 


1-14  +/-  .  E  +/-  FL 


15-28  +/-  . 

E  +/- 

DG 

29-42  +/-  . 

E  +/- 

DB 

43-56  +/-  . 

E  +/- 

T 

57-70  +/-  . 

E  +/- 

E 

CARD  4 

1-14  +/-  . 

E  +/- 

DI 

15-28  +/-  . 

E  +/- 

W2 

29-42  +/-  . 

E  +/- 

FL2 

43-56  +/-  . 

E  +/- 

FL3 

57-70  +/-  . 

E  +/- 

TQ 

CARD  5 


Col. 


1-14  +/-  . 

E  +/- 

P 

15-28  +/-  . 

E  +/- 

GS 

29-42  +/-  . 

E  +/- 

ALPHA 

43-56  +/-  . 

E  +/- 

D2 

Data  must  be  entered  as  ±.  XXXXXXXX  times  some  power  of  10.  ,  e.  g.  ,  -372.  56 
goes  in  as  +/Q  ,^_37__2_5_6£0_£I5  $/  -  0_  3_ 

The  deck  is  a  systems  FORTRAN  source  deck.  All  the  control  cards  necessary 
for  a  compilation  and  execution  are  included.  Just  put  the  5  data  cards  in  place  of  the 
index  card.  Running  time  is  about  2  minutes  per  set  of  data.  Multiple  sets  of  data  can 
be  stacked. 

Note:  Either  DE  or  D  must  equal  zero. 
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Definition  of  Symbols  Used  for  Threaded- Fitting  Capabilities  Program 


A 

* ALPHA 
AU 
B 

BETA 

BT1 

BT2 

BT3 

*  D 

*  DB 
DCAPI 

*  DE 

DELCLD 

DELHT 

DELTC 

DELTH 

DEL4 

DEL5 

DEL6 

*  DG 
*DI 

DM 

*  DP 

D1 

*D2 


Nut  equivalent  outside  radius 
Coefficient  of  thermal  expansion 
Poisson's  ratio 

Inside  radius  of  nut  inwardly  projecting  flange 

Calculation  variable 

Calculation  variable 

Calculation  variable 

Calculation  variable 

Nut  dimension  across  wrench  flats 

Inside  diameter  of  nut  inwardly  projecting  flange 

Minor  thread  diameter 

Nut  equivalent  outside  diameter 

Nut  elongation  due  to  cold  thermal  gradient 

Nut  elongation  due  to  hot  thermal  gradient 

Cold  thermal  gradient 

Hot  thermal  gradient 

Nut  elongation  in  threaded  portion  at  maximum  load 

Nut  elongation  in  hub  at  maximum  load 

Nut  elongation  at  maximum  load  due  to  flange  rotation 

Inside  diameter  of  nut  hub 

Inside  fitting  diameter 

Major  thread  diameter 

Thread  pitch  diameter 

Average  diameter  of  threaded  stub  end 

Average  diameter  of  seal  tang 


in. 

in. /in./ F 


in. 


1/in. 


in. 


in. 


in. 


in. 


in. 


in. 


F 

F 


in. 


in. 


in. 


in. 


in. 


in. 

in. 


in. 


in. 


*  Designates  input  data. 
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D3 

Average  diameter  of  flanged  stub  end 

in. 

D4 

Average  diameter  of  threaded  portion  of  nut 

in. 

D5 

Average  diameter  of  nut  hub 

in. 

*  E 

Modulus  of  elasticity 

psi 

FE 

End  load  due  to  pressure 

lb 

FKC 

Deflection  rate  of  compression  members 

in -lb 

FKT 

Actual  deflection  rate  of  tension  members 

in-lb 

*  FL 

Length  of  nut  thread 

in. 

FLPRM 

Length  of  nut  thread  plus  hub  length 

in. 

FL1 

Length  of  threaded  stub  end  under  compression 

in. 

*  FL2 

Length  of  seal  tang 

in. 

*  FL3 

Length  of  flanged  stub  end  under  compression 

in. 

FL4 

Length  of  nut  thread  under  tension 

in. 

*  FL5 

Length  of  nut  hub 

in. 

FM 

Equivalent  end  load  due  to  bending  moment 

lb 

FMH 

Bending  moment  at  nut  hub-flange  intersection 

in- lb 

FMHO 

Calculation  variable 

FMO 

Restraining  bending  moment  at  nut  hub-flange  intersection 

in-lb 

*  FN 

Number  of  threads  per  inch 

G 

Equivalent  nut  hub  thickness 

in. 

GA 

Minimum  nut  hub  thickness 

in. 

*GS 

Maximum  seal  line  diameter 

in. 

HG 

Moment  arm 

in. 

I 

Controlling  stress  identification  factor 

11 

Controlling  stress  identification  factor 

12 

Controlling  stress  identification  factor 

•  Designates  input  data. 
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13 


Controlling  stress  identification  factor 


K  Counting  factor 

*P  Operating  pressure 

SCAPH  Longitudinal  hub  stress  (designated  SH  in  output  list  heading) 
SH  Maximum  allowable  stress 

SR  Radial  ring  stress 

ST  Tangential  ring  stress 

STHF  Thread  shear  stress 
STTF  Tensile  stress  in  nut  thread  section 
*SY  Fitting  material  yield  stress 

*  T  Nut  flange  thickness 

TEMP  Calculation  variable 

*  TQ  Recommended  preload  torque 

V  Nut  volume 

WMAX  Maximum  allowable  nut  load 

WMAX1  Maximum  allowable  nut  load  (based  on  SCAPH) 

WMAX2  Maximum  allowable  nut  load  (based  on  SR) 

WMAX3  Maximum  allowable  nut  load  (based  on  ST) 

WMAX4  Maximum  allowable  nut  load  (based  on  STTF) 

WMAX5  Maximum  allowable  nut  load  (based  on  STHF) 

WMAX6  Maximum  allowable  nut  load  (based  on  STHG) 

WMAX7  Maximum  allowable  nut  load  (based  on  SCAPH  and  SR) 

WMAX8  Maximum  allowable  nut  load  (based  on  ST  and  STTF) 

WMAX9  Maximum  allowable  nut  load  (based  on  STHF  and  STHG) 

WPLD  Preload  based  on  TQ 

WSL  Minimum  allowable  seal  load 

*  Designates  input  data. 


psi 

psi 

psi 

psi 

psi 

psi 

psi 

psi 

in. 

in-lb 

in.3 

lb 

lb 

lb 

lb 

lb 

lb 

lb 

lb 

lb 

lb 

lb 

lb 
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I  '  .  . .  -  .  - - -  - —  - r~ .  . . . . . *T* 

WSTR  Nut  load  (based  on  FE  and  FM)  lb 

W1  Thickness  of  threaded  stub  end  in. 

*  W2  Thickness  of  seal  tang  in. 

W3  Thickness  of  flanged  stub  end  in. 

W4  Average  thickness  of  threaded  portion  of  nut  in. 

W5  Average  thickness  of  nut  hub  in. 


•  Designates  input  data. 
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Source  Card  and  Data  Card  Listing  for  Threaded-* Fitting  Capabilities  Program 


I  THREADED  FITTING  CApABll  ITIbS  0  03 U  _ _ 

e  im put  source  hards 

E  EVECUTE 

E  OUTPUT  DEBUG  TAPE 

E  FORTRAN 

H  NAME  TFC 

H_  EQ|JIP  =  CARDRE,PRINTE; _ 

C  DECK  3 0 1 6D  PLUS  THERMAL 

1  FORMAT  (5E14.8) 

2  FORMAT  CUHitHREADED  FITTING  CAPIBILITIES  //8H  SY=>E12.6,6H 

1DE=,E12.6>6H  n  =  ,F1.2.6,6H  DP=,E12.6,6H  FNs,El2.6/8H  Fjs, 

2E12.6.6H  DG=>E12.6,6H  DB=,E12.6,6H  T=,E12.6,6H  E=.E12.6/ 

3 AH  FL  5  =  <  El  2 . 6//  ) _ 

3  FORMAT  U0H  SH=,E12.6,6H  DE=>E?2.6,6H  D=,E12.6,8H 

1  A  s  >  E 1 2 . 6 , 8H  W4  =  ,  E12.6/10H _ n4=,E12.6.8H  FL4a.El9.6 

2,8H  M5  =  ,P12.6#8H  D5  =  *El2.6»8H  FL5= , E12 . 6/1  OH  G  =  * 

3  E 1 2 . 6  j  8  H  GA=,E12.6,BH _ B=,El?.6,8H  HGb,E12.6»8H  AU 

4a#E12.6/1UH  WMAX1 =,E12.6,8H  WMAX2=> Ei 2 . 6, 8H  WMAX3=, E12 . b, 8H 

SUMAX4  =  ,E12.h.8H  WMAX5=> El 2 . ft  ) _ 

4  FORMAT  (10H  WM AX6 = . F 1 2 . 6 , 6H  DEL  4  =  >E;i2.6,8H  DEL  5=,E1?.6,8H 

1  DEL  H  =  ,E12.A.8H  SCAPH  =  , E12.6/10H _ SR=,E12.6>8H  STr,El9.6 

2,8H  STTFa,cl2.6#8H  STHF  =  >  E12 . 6>  8H  STHG  =  ,  El? .  6/ 1 0  H  \]-, 

3E12.6, 6H  FKTr,El2.6.8H  WMAX=,El2.6/) _ 

5  FORMAT  <BH  '  D I  =  #  F12 . 6H  1*2= ,  El2 . 6 , 6H  FL2  = ,  E12 . 6 , 6H  FL3  =  ,E1 

12.  A,  AH  TQs.E12.6/8H  P=,El?.6,6H  GS=.,  E12 . 6 , 6  HALPH  A  =  .  E12 . 6  * 

26H  D2s,6.l2.6/) 

8  FORMAT  (1,1H _ Wl=,E12.6,8H  W3  =  ,F12.6>8H  Dl=,Elp.6,8H 

1  D3  =,Fl2.A/lpH  FKC=»E12.6»8H  WPLD  = , El2 . 6 , 8H  WS|=,E12. 

26, 8H  FE=,E12.6/1 HH  FM=,E12,6,8H  WSTR= , E12 . 6 , 8H  DELHT= 

3.E12.6,8H  UEl  CID  = , El  2 . 6/1  OH  DELTH= , El? . 6, 8H  DELTC= , E12 . 6// / ) 

45  Rt  AD  1,SM>UE.D.Dp.Fm,FL,DG,DB,T,E,FL8 _ 

PRINT  2,SY,DF/D,DP,FM,FL,DG,DB,T,E,FL5 

_ READ  1. PI. W2tFL2.FL3»T Q<P<GS<ALPHA<D2 _ 

PRINT  c5,OI,W?,FL2,FL3,TQ,P,GS,  ALPHA, D? 

SH=, 6666666 6 A7»SY _ 

IF  ( DE-n  )  177 , 177. 41 

177  DE=D»1.0?J 075135 _ 

00  TO  4? 

41  OfDE/1 . QBU07F135 _ 

42  A  =  D E * . ? 

l)CAPI=DP-(  .649519/Fm) _ 

DM=2.*DP-DCAp1 

_ U4=.5»( DE-UP  i _ 

D4=,5*(DF+DP) 

r  L 1  =  .  5  »  F  L _ 

FL4=FL1 

GA= ( D-DG ) / 2 . _ 

0= A-DG/2 . 

B  =  D  8  /  2  . _ _ _ 

'“"50  HGsA-G/"?  ,-B 

AU=  ,  3 _ __ _ 

"  2  0*R  T 1  =  3  .  *  { 1  •  ~  A  i  J  *■  A  U ) 

BT2=A»A*G*G _ _ 

. H  T  3  =  B  T  .1.  /  R  T  2 

W  c  T  A  =  8  T  3  »  *  » 2  S _ _ 

22  r E M P = L 0 G F t  A / r ) 


Z66 


1 >  +  1.  +  <BETA*t/2.  )  ) ) 

_ WMAX1=SH*G*G/(6.»FMH0) _ 

WMAX2=SH*T*T/(6.*(l.+BETA*T/2. >*FhHO) 

_  W  M  A  X  3  =  ( B  »  I  »T»SH»TEMp )/ (3.* ( (H6/ 3. 141592654 )-2.»A»FMHQ»(1.+BFTA»T/ 

1?.))) 

WMAX4=(SH*3.l 41592654 »(DE*DE-DM*DM) )/4. _ 

WMAX5aSH*2.5i  3274j. 23?*FL*D P 

UM A X6  = SH»3. 141592654 MA* A- ( A -G>»  (A-G)  ) _ 

IF (WMAX1- WMAy2>40 0,4 01,401 

400  WMAX7=WM4X1 
11  =  1 

GO  TO  42  0 _ 

401  WMAX7=WMAX2 

11  =  2 _ 

420  IF(WMAX3-WMAx4)402f 403.403 

402  WMAX8aHMAX3 _ 

12  =  3 

GO  TO  421 _ 

403  WMAX8=WMAX4 

12  =  4 _ 

421  IF(WMAX5-WMAX6)404»405.405 

404  WMAX9=WMAX5 _ 

13  =  5 

GO  TO  422 _ 

405  WMAX9=WMAX6 

13  =  6 _ 

422  IF(WMAX7-W^AX8)406»407»407 

406  IF  (WMAX7-WMAy9)4Q6,4Q9,409 _ _ _ 

408  WMAX=WMAX7 

1  =  11 _ 

GO  TO  ^15 

409  WMAX=WMAX9 
1  =  13 

GO  TO  415  _ _ 

407  TF(WMAX8-WMAV9)41 0,411,411 

417  IF(WMAX8-WMAX9)410,411,411 _ 

410  WMAX=WMAX8 

1  =  12 _ 

GO  TO  415 

411  WMAX=WMAX9 _ 

1  =  13 

415  DEL4=(WMAX»Fi.4  )/(3.1415  92  654»E«H4»D4) _ 

W5  =  G 

D5  =  2 ■ » ( A ~G/g ,  ) _ 

DE|_5=<WMAX*F|  5>/<3.J.41592654*E*W5*D5> 

FMO=WMAX*HG 

225  FMH=FMO/(6.2R318530P*A*< ( ( l . - AU* AU ) / ( 2 . *RETA*A ) ) * ( T/G ) *#3 . * 

1TEMP  +l.+BETA*T/2. )) _ 

SCAPH=(6.*Fmh)/(G«G) 

5R=(6./(T»T) )»<1.+BeTA*T/2. )*FMH _ 

ST=(3./(t#T#R#TEMP) )*(FM0/3.141592654-2.*A*FMH*(1.+BETA#T/2. ) ) 
STTF=(4.*WMAY)/{3.l41592654#(D6*DE-DM*DM) ) 

S THF=WM A X/C?, 513274j ?32*FL*DP) 

STHG  =  WM AX/ (3. 141592654* ( A  * A - ( A-G>**2. ) ) 

^  =  3. 141592654* ( (A*A-R*B)*T+(A*A-( A-G) **2. )*FL5+ 1 A*A-DP*DP/4. )*FL) 
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_ DEL6=(2.»HG»p«ST)/tg«T>  _ 

FKT=(DEU+DE!_5  +  DEL6)/WMAx 

_ PH  I  NT  3,SH,DE,D,A)W4,D4,FL4,W5<D5,FL5>G,GA>B>HG,AU,WMAXl,WMAX2,WMA 

1X3, WMAX4  »  WMAX5 

_ PH  I  NT  4,WMAx6,DEL4,DEL5,DEL6>SCAPH>SR,ST.STTF,STHF,STHG,V,FkTiWMAX 

C  THERMAL  CAPAR I L I T I Er 

_ K^Oj _ 

30  Wl= . 5* C DP-D I ) 

W3=,5*(DCAPl-.03-DI) 

Dl= . 5* ( DP  +  G I ) 

_ D3=.5*(DCAPI-.Q3+D1  ) _ 

FKC=<  <FL1/<W1 *D1) )  +  (FL2/(W2#D2) )  +  (FL3/(W3*D3) ) )/(3.141592654#E) 

WPLD=TQ/(0.2*DP) 

wsl=.i#wpld 

FE  =  GS#GS*P*0 . 785398j  63 

31  FM=.5*FE 
GO  TO  33 

32  FM  =  0 . 

33  WSTR=FM+FE 
K=K+1. 

_ DELHT  =  FKT*(i>JMAX-WPLD)+FKC»(WMAX-WSTR-WPLn) _ 

FLPRM  =  FL4  +  F'L.5 

OElTH  =  DELHT/(ALPHA»FLPRM) _ 

DELCLDaFKC*'(wPLD-WSL)+FKT*(wPLD-WSL-WSTR) 

_ PElTCsDElCLD/< ALPHA »FLPRM) _ 

PRINT  8,Wl,W3,Dl,D3.FKC,WPLD,WSL,FE,FM,WRTR,DELHT,DELCLD,DELTH,DEL 

1  TO _ 

GO  TO  <32,34),K 

34  GO  TO  45 _ 

END 

L_ _ 

♦  ,  48  000Q00E  +  05  +  .iJ0n0n000E  +  f)0  +  .11260000E  +  Ql+. 96750000  E  +  00  +  .2000000|}E  + 02 
+  .  25 00000 0E  + 00+. 93R00000E  +  00  +  . 6560000 OE  +  0  0+.15200000E+00  +  .  290 OOOOQE  +  08 

+.1250000QE+0n _ 

+  , 406 0 0000 E  +  00+. 125 00000 E  +  00  +  .20000000E-01+. 21 500000 E  + 00  +  . 40000000 E  + 03 

+.30000000F+04+.8o^OOOOOE+00+.10400000E*04+.53400000E+00 _ 

E  END  OF  JOB 

E  PAUSE 
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APPENDIX  VII 


LEAKAGE  FLOW  ANALYSIS 


The  flow  through  a  seal  can  be  analyzed  as  a  laminar  flow  of  a  viscous  fluid  if  the 
mean  free  path  of  the  gas  molecules  is  less  than  the  smallest  passage  dimension.  If  the 
mean  free  path  is  the  same  order  of  magnitude  as  the  passage  dimension,  the  flow 
becomes  molecular  rather  than  laminar,  and  a  correction  for  slip  flow  at  the  wall  must 
be  applied  to  the  laminar-flow  analysis.  In  general  the  flow  is  laminar  if 

—  <  1  =  Knuds en*  s  number 
h 

A.  =  Mean  free  path  of  molecule,  in. 
h=  Passage  height,  in. 

It  is  possible  to  analyze  the  flow  through  a  seal  on  the  basis  of  laminar  flow,  apply¬ 
ing  a  correction  which  is  a  function  of  Knudson' s  number  if  Knudsen' s  number  approaches 
1.  0. 


The  Laminar-Flow  Analysis 


In  the  following  the  complete  derivation  is  given  since  the  case  of  flow  through 
slots  is  not  given  in  the  literature,  which  discusses  flow  through  capillary  tubes.  (*)* 

Consider  a  narrow  slot  of  height  h,  width  w,  and  length  i,  as  shown  in  Figure  121. 
Flow  is  in  the  direction  of  i,  and  the  width  w  would  correspond  to  the  periphery  of  a 
circular  seal. 


FIGURE  121.  SLOT  ASSUMED  FOR  LAMINAR-FLOW  ANALYSIS 

Consider  now  a  section  dx  in  length  and  of  unit  width  through  Figure  121  in  the  plane 
of  i,  as  shown  in  Figure  122.  Since  the  flow  is  laminar,  the  velocity  must  be  zero  at  the 
walls,  and  the  velocity  profile  will  be  symmetrical  about  the  center  line  of  the  passage. 

A  pressure  difference,  dp,  acts  across  the  length  dx.  If  we  now  consider  a  section  Sh  in 
height,  we  can  write  the  pressure  force  on  the  segment, 

F  j  =  -<5hdp. 


•References  for  Appendix  VII  are  listed  on  page  277. 
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FIGURE  122.  FLOW  AT  SECTION  dx  OF  SLOT 

The  pressure  force  must  be  equal  and  opposite  to  the  viscous  shearing  forces  on 
the  segment  if  the  flow  is  to  be  steady.  The  viscosity  is  defined  as  the  ratio  of  shear 
stress  to  velocity  gradient.  Thus  the  shearing  forces  must  have  the  form 

F2=T)dxfi, 

where 


7]  =  viscosity 
v  =  velocity 

y  =  ordinant  in  h  direction. 


At  the  outer  surface  of  the  element  6h,  the  shearing  force  will  be 


,  ,  dv 

2o=  Tldx^' 


Since  the  velocity  increases  as  the  center  line  is  approached,  the  force  on  the  inner  sur¬ 
face  of  the  element  will  be 


?zi=  Tidx^(v  +  ^6h)- 

Also,  the  velocity  gradient,  dv/dh,  is  greater  at  the  outer  surface  of  the  element, 
and  the  net  shearing  force  on  the  element  will  be 


dv  d  ,  .  dvu, 

L  dTdyv  +  d^6h) 


f2  =  f2o  ‘  F2i  =  7)dx 
If  the  element  is  not  accelerating,  the  pressure  force  must  equal  the  shearing 


force : 


F1  =  F2 
-  6hdp  =  7]dx 

=  7]dx 


,  ^  -  f 'v  +  71  6h> 

L  dy  dy  dy 


dv  dv  ^ ^d2v  dv  d6 h 
L  dy  dy  dy2  dy  dy  J 


Leaving  out  the  second-order  term  results  in 

d2v 


■<5hdp  =  7)dx5h 


dy2 


1  dp _  d2v 
7]  dx  dy2 
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Considering  first  the  right  side  of  this  equation,  assume  a  solution  of  the  form 

v  =  A  +  By  +  Cy2 

dv  d2v 

—  =  B  +  2Cy  ,  — y  =  2C 
dy  dy2 

2C=^. 

7]  dx 

From  the  laminar  flow  requirement,  v  =  0  when  y  =  0;  therefore,  A  =  0. 


The  flow  must  also  be  symmetrical  about  the  center  line.  Therefore, 

17  =  0  when  y  =  j 

0=B+2Cy  =  B+  --^- 
7]  dx  2 

B  =  -  — -  — 


2  7]  dx 


The  equation  for  the  velocity  profile  is  therefore 


=  .  JLiEy +_Li2y2 

27]  dx  27]  dx 


=  ,_LdE(h  y2| 

27]  dx  ^  y  y  '■ 

The  volume  flow  rate  through  the  slit  will  be 

rh/2  w  dp  r*1/2 

Q  =  ZwJ0  vdy=-^dS]0  *hy ' 

r  ,  2  3  -i  h/2 

w  dp  hy^  y 

7}  dx  L  2  3  _  o 


y2)  dy 


=  _  J5L  h3. 

127]  dx 

The  mass  flow  rate  through  the  slit  is 

M  =  pQ  =  -  - 


p  wh2  dp 
12RT  7]  dx 


Since,  from  continuity,  the  mass  flow  must  be  constant 


dM  q  _  wh 


wh3  [  + 

12RTt]  L  dx2  \dx 


an  isothermal  process  being  assumed. 


z  -  .iE  . 

Z  dx' 


then, 


d2p  _  dZ  dp  _  _z  dZ 
dx2  dp  dx  dp 
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The  bracketed  term  in  Equation  (83)  then  becomes 

p  Z  ~  +  Z2  =  0 
dp 


or 


which  can  be  integrated  to 


or 


Since 


which  can  be  integrated  to 


From  the  boundary  conditions 


and 


Therefore, 


z  p 


log  Z  +  log  p  =  log  C1 


zP=  cx 


Z  =  - 

dx 

-c„ 

dx  1 


^-  =  -C  |X  +  • 


p  =  when  x  =  0 


p  =  p^  when  x  =  &  . 


and 


C1  ~  2 i  (P1Z  "  P22 

The  equation  for  the  pressure  variation  lengthwise  in  the  slit  is  therefore 

2  2  x  /  2  2\ 

P  =P1  “l(Pl  _P2  J* 

Referring  again  to  the  mass -flow  equation 

M  =  pQ  =  .^L  4e, 

p  12RT7]  dx  * 
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we  can  write 


dp  1,2  2\ 

■p^  =  H(pi  “pa  ) 


wh3  (Pi2  -  p22) 

Ml  “  24RTr}i  ’ 

Since  pj4,  -  p2  =  (Pj  “  PzHpj  +  P2^  ^s  can  wr^ten  in  terms  of  the  average 
pressure  or  density; 

wh3  (p.  -  p_)  p 

'rl  r2  ravg 
Mr  =  - 6 

L  12  RT  T)i 

wh3  (Pl  -p2)  pa 

M ,  =  — — — - ® 

L  12t]U 


Since  leakage  rates  are  usually  measured  at  the  discharge  pressure,  p2,  it  is  also 
useful  to  write  the  mass-flow  equation  in  terms  of  the  discharge  pressure 


wh' 


ml  = 


Pi 

*2 


-  1 


P2P2 


24r\& 


(84) 


Molecular  Flow 


The  flow  is  molecular  if  the  mean  free  path  of  the  gas  molecules  is  large  compared 
with  the  passage  height.  In  this  case  the  laminar-flow  boundary  condition  of  zero 
velocity  at  the  wall  is  no  longer  true.  There  is  some  slip  along  the  wall. 

Knudson  develops  an  equation(^)  for  the  flow  in  this  regime  as 

M  s /I  /F^. 

3  V  7r  V  p  O  dx 

where 


A  =  flow  area  of  passage 
O  =  parameter  of  passage. 


If  the  passage  is  in  the  form  of  a  slot,  of  height  h  and  width  w, 

A2  _  w2h2 
O  "  2{w  +  h)  ‘ 


If  h«w 


wh2 

2 


from  which 


(i  fe 

7T  V  p 


wh2i£ 

dx 
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Since  the  mass  flow  is  constant, 

dM 

dx 

or 


=  0  = 


_i  JI  JI  wh2  £2 

3  F  71  r  P  dk2 


dx2 


=  0  . 


This  differential  equation  has  a  solution  of  the  form 

p  =  a  +  bx 


But, 


Therefore, 


d£  = 

dx 


b  . 


Using  the  boundary  conditions 


*2  _  _i  ,/]f  _M_  /E  _  b  . 

dx  4  I  2  wh2  j p 


_3  /rr  fp  Mx 

^  a  4  F  2  1 Ip  wh2 


and 


it  follows  that 


p  =  p ,  at  x  =  0 
1 

p  =  p^  at  x  =  H  , 


a  =  Pl 

4  V2  wh2 


MM  = 


3  -\pn  & 


P  =  Pi  ~ 


(P  "  P  ) 

pi  2 

Mx 


p  wh4 


Note  that  the  pressure  distribution  along  the  length  of  the  passage  is  linear  for  the 
molecular-flow  case,  rather  than  parabolic  as  in  the  laminar-flow  case.  The  mass  flow 
rate  is  proportional  to  the  square  of  the  passage  height,  rather  than  the  cube. 


Comparison  of  Laminar  and  Molecular  Flows 


The  flow  equation  for  the  laminar-flow  case  is 

.3 


ml  = 


wh  (pI-pz)Pavg 
12RTr)i 


and  for  the  molecular  flow  case 
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From  kinetic  theory  of  gases,  an  approximate  relationship  between  viscosity  and 
mean  free  path  is  found: 

7}  =  po  C  X  , 

where 


C  =  mean  velocity  of  the  gas  molecules 
-  RT 

7T 

p 

p  =  density  =  . 

r  1  RT 

The  equation  for  mass  flow  rate  in  the  molecular  case  can  therefore  be  written 


MM  =  3 


4  [2  1  [8  wh  (Pi  -  P2>  Pavg 

V  7T  X  3  V  7T  7]RT 

2 


X 


16  wh^  (P]  -  p2)  paygX 
9tt  7]RT 

The  ratio  of  molecular  to  laminar  flow  can  then  be  written 


ML 


16  x  12  X  X 

-  =6.8-. 

97th  h 


Transition  Flows 


For  the  transition  region  of  flow  between  laminar  and  molecular  flow,  a  relation¬ 
ship  of  the  form 


M  =  Ml  +  E  Mm 

is  used,  where  E  is  a  constant  found  experimentally  to  be  approximately  0.9  for  single 
gases  and  0.66  for  mixtures  of  gases. (1) 

Using  the  ratio  of  molecular  to  laminar  flow  and  E  =  0.  9>  the  total  flow  is 

M  =  Ml  (1  +  0. 9x6. 8-^)  =  ML  (1  +  6.1^). 

The  mean  free  path  should  be  evaluated  at  the  average  pressure  in  the  passage. 


References 


(1)  Loeb,  L.  B.,  The  Kinetic  Theory  of  Gases,  3d  Edition,  Dover  Publications,  Inc., 
New  York  (1961). 


277 


APPENDIX  VIII 


EXPERIMENTAL  EVALUATION  OF 
CONOSEAL  SEALING  ACTION 


Experiments  Performed 


Two  types  of  experimental  evaluations  were  performed.  In  the  first  series  of 
experiments  -2,  -8,  and  -16  Conoseal  gaskets  were  assembled  at  prescribed  axial  loads 
in  the  tensile-test  machine  as  shown  in  Figure  123.  The  force-deflection  curves  for 
each  size  gasketwere  determined.  The  gaskets  were  removed  from  the  fitting  after  each 
assembly,  and  were  examined  visually  and  with  the  aid  of  a  250-power  microscope. 
Changes  in  dimension  and  geometry  were  recorded  and  these  changes  were  correlated 
with  the  gasket's  corresponding  force-deflection  curve. 

In  the  second  series  of  experiments,  Conoseal  fittings  were  (1)  assembled  to  pre¬ 
scribed  gasket  loads  chosen  from  the  force-deflection  curve,  (2)  encapsulated  in  a  plas¬ 
tic  material,  (3)  sectioned  along  their  axial  length,  and  (4)  polished.  Afterward  the 
specimens  were  examined  with  the  250-power  microscope.  As  a  result  of  this  exami¬ 
nation  technique  the  physical  changes  in  the  gasket  were  revealed.  Also  the  microscopic 
interrelationships  at  the  sealing  surfaces  were  made  clearly  visible. 


Evaluation  of  Results 


Force-Deflection  Curves 

Force-deflection  curves  for  the  -8  and  -16  Conoseal  gaskets  are  shown  in  Figure 
124.  The  force-deflection  curve  for  the  -2  gasket  is  shown  inFigure  125.  The  thin  con¬ 
tinuous  lines  are  curves  obtained  for  specific  gaskets.  The  broad  lines  represent  the 
approximate  straight-line  average  for  all  specimens  evaluated. 


One- Inch  Gasket.  There  are  five  distinct  slopes  which  make  up  the  force- 
deflection  curve  for  the  -16  gasket.  The  0.0075-inch  axial  travel  from  Point  6  to  7 
serves  to  seat  the  gasket  at  all  four  corners  (Figure  126a),  and  to  take  up  tolerances  and 
misalignments.  The  0.0065-inch  travel  from  Point  7  to  8  represents  elastic  displace¬ 
ment  as  the  gasket  is  rotated.  Buckling  apparently  begins  between  1500-  and  2000-lb 
force  (Figure  126b),  and  continues  for  a  travel  of  0,016  inch  (Figure  126c),  At  Point  9 
the  slope  suddenly  becomes  steeper  even  though  buckling  sometimes  may  continue  to 
about  3000  lb.  However,  it  is  presumed  that  at  Point  9  or  thereabouts  the  gasket  is 
being  flattened.  This  continues  for  a  travel  of  0.027  inch  to  Point  10  on  Figure  124, 
Apparently,  as  shown  in  Figure  126d,  the  OD  of  the  gasket  is  firmly  seated  and  continued 
application  of  force  causes  the  ID  of  the  gasket  to  flatten.  At  Point  10,  the  seal  responds 
like  a  flat  gasket  under  continuous  load  (Figure  126e)  and  the  slope  becomes  almost 
vertical. 


One- Half- Inch  Gasket.  Examination  of  the  1/2- inch  gasket  at  various  prescribed 
loads  revealed  a  slight  bulking  of  the  gasket  between  800  and  1000-lb  force  (Figure  127b), 
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FIGURE  123.  SETUP  FOR  DETERMINATION  OF  FORCE- DEFLECTION  CURVES 
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Applied  Force,  pounds 


FIGURE  124.  FORCE-DEFLECTION  CURVES  FOR  MECHANICAL  SEALS, 
SPECIMENS  39  AND  52 


28 


Applied  Force  ,  pounds 


0.015  0.020  0.030  0.040  0050  0.060  0.070  0.080 

Deflection,  inches  a- 44 122 


FIGURE  125.  FORCE-DEFLECTION  CURVE  FOR  MECHANICAL  SEALS, 
SPECIMEN  61 
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a.  1000  Lb 


b.  2000  Lb 


c.  2500  Lb 


FIGURE  126.  SEQUENTIAL  DEFORMATION  OF  1-INCH  CONOSEAL  GASKET 


Shaded  areas  represent  pressurized  fluid. 


This  phenomenon  occurs  during  a  travel  of  0.  030  inch  from  Point  3  to  4  on  Figure  124 
and  explains  the  presence  of  dips  and  momentary  fall- offs  in  applied  force.  Elastic  dis¬ 
placements  at  all  the  contacting  surfaces  and  throughout  the  gasket  body  probably  cause 
the  steep  rise  in  the  curve  from  Point  2  to  3.  At  Point  4  the  ID  of  the  gasket  was  seated 
firmly  whereas  the  OD  was  only  partially  seated  (Figure  127c).  Some  curvature  is  still 
visible.  At  Point  4  on  Figure  124  the  gasket  behaves  more  like  a  flat  metal  gasket  under 
continued  application  of  force  although  intimate  contact  is  still  not  achieved  on  both  flat 
faces  (Figure  127d).  However,  it  appears  that  in  order  to  firmly  seat  the  gasket  on  both 
faces,  the  fitting  might  be  overstressed. 


One- Eighth- inch  Gasket.  The  force-deflection  curve  for  the  1 /8-inch  gasket  dif¬ 
fers  from  the  pattern  of  the  two  larger  gaskets.  The  differences  noted  are: 

(1)  The  initial  seating  slope  (Point  12  to  13,  Figure  125)  is  steep.  This 
is  probably  caused  by  the  greater  stiffness  of  the  1 /8-inch  gasket. 

(2)  Although  buckling  first  becomes  apparent  with  a  load  between  350 
and  400  lb  (Figure  128b)  the  slope  from  Point  13  to  14  (Figure  125)  is 
quite  erratic  and  nonlinear.  Generally  this  portion  of  the  slope  would 
represent  elastic  displacement  which  should  be  characterized  by  a 
straight  steep  slope. 

(3)  As  shown  in  Figures  128b  and  128c,  buckling  apparently  occurs  between 
Point  14  and  15  (Figure  125).  However,  this  portion  of  the  curve  is  a 
steep  straight  slope  which  is  unexpected. 

(4)  At  600-lb  load  the  gasket  apparently  collapses  and  the  slope  of  the 
force-deflection  curve  is  essentially  horizontal  for  0.015-inch 
travel. 


Geometrical  Effects 


The  behavior  of  the  Conoseal  gaskets  is  apparently  dependent  upon  the  geometrical 
relationships  of  the  critical  dimensions  shown  in  Figure  129.  The  average  values  of 
these  dimensions  for  each  size  gasket  are  shown  in  Table  30. 

It  is  readily  seen  that  in  each  gasket  three  of  the  dimensions  are  nearly  constant: 
t,  L,  and  9.  Therefore,  the  variations  in  plastic  behavior  are  probably  attributable  to 
the  variations  in  diameter  ratios.  The  Dg/Di  ratio  for  the  -2  gasket  is  approximately 
equal  to  a  similar  ratio  for  standard  Belleville  disk  springs.  The  D^/Dj  ratio  for  the 
-16  gasket,  however,  is  not  much  greater  than  unity. 

On  the  basis  of  the  evidence,  the  dimensional  relationships  of  the  -8  gasket  would 
appear  to  be  best  if  buckling  of  the  gasket  were  to  be  prevented.  If  convex  buckling  is 
required,  the  change  in  dimensional  ratios  should  tend  toward  the  -2  gasket.  Concave 
buckling  is  best  achieved  with  the  -16  gasket. 
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FIGURE  127.  SEQUENTIAL  DEFORMATION  OF  1/2-INCH  CONOSEAL  GASKET 


Shaded  areas  represent  pressurized  fluid. 


FIGURE  128.  SEQUENTIAL  DEFORMATION  OF  1 /8-INCH  CONOSEAL  GASKET 


Shaded  areas  represent  pressurized  fluid. 


A-44126 


FIGURE  129.  CRITICAL  DIMENSIONS  OF  CONOSEAL  GASKETS 


TABLE  30.  AVERAGE  VALUES  FOR  CRITICAL  DIMENSIONS 


-2 

-8 

-16 

t 

0.0199 

0. 0213 

0. 0202 

L 

0. 1270 

0.  1252 

0. 1265 

D1 

0. 1867 

0. 5974 

1.  0780 

D2 

0. 3922 

0. 8024 

1. 2857 

e 

49 0 

o 

00 

50' 

D2/Di 


2.  100 


1.  343 


1.  193 


Microscopic  Analysis 

Surface  Finish.  The  gaskets  were  delivered  in  two  lots.  Generally  those  in  the 
first  lot  had  received  a  secondary  machining  operation  on  both  the  ID  and  OD.  Those  in 
the  second  lot  had  not.  Inspection  with  the  250-power  microscope  revealed  that  the  gas¬ 
kets  in  the  first  lot  were  free  of  all  burrs  and  that  the  machining  marks  on  the  sealing 
surfaces  were  concentric  rings  normal  to  the  flow  path.  (Figure  130b). 


Machining  marks 


c. 


A' 44127 


FIGURE  130.  INSIDE-  AND  OUTSIDE-DIAMETER  SURFACE  FINISHES  ON 
CONOSEAL  GASKETS 

The  sealing  surfaces  of  the  gaskets  in  the  second  lot,  however,  were  quite  differ¬ 
ent.  Deep  scratches  and  shear  grooves  parallel  to  the  flow  path  were  present.  These 
extended  across  1  / 3  to  1/2  the  width  of  the  sealing  face  (Figure  130c).  The  remaining 
1/2  to  2/3  of  the  sealing  face  was  rough,  ragged,  and  irregular  (the  gray  area  in  Figure 
130c).  This  type  of  surface  is  typical  with  sheet  metal  sheared  in  a  power  press.  Edge 
A  in  Figure  130c  was  quite  irregular  and  ragged  and  there  was  a  heavy  burr  on  the 
entire  circumference  along  this  edge.  The  same  type  of  surface  existed  at  the  ID  which 
also  serves  as  a  seal. 

Re-examination  of  the  sealing  faces  after  assembly  revealed  that  the  shear  marks 
and  rough  areas  were  still  evident  even  when  the  gasket  was  assembled  with  a  force  175 
per  cent  greater  than  the  recommended  maximum  torque.  It  should  be  noted  that  the 
gasket  and  the  retaining  flanges  are  fabricated  from  stainless  steels  with  approximately 
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the  same  yield  point  and  the  same  degree  of  hardness.  Even  though  plastic  yielding  and 
deformation  did  occur,  apparently  plastic  deformation  in  itself  will  not  assure  a  good 
seal  or  adequate  surface  conformity.  The  photomicrographs  in  Figures  131  through  134 
show  clearly  that  for  the  -8  gasket,  even  at  2000  lb  load  (175  per  cent  overload)  the  gas¬ 
ket  does  not  mate  properly  at  the  OD  with  the  retainer  flange. 

Although  leakage  tests  have  not  been  performed,  it  appears  from  microscopic 
examinations  that  failure  to  machine  the  sealing  faces  and  to  remove  all  burrs  will 
sharply  reduce  the  reliability  of  the  seal. 


Surface  Conformity.  The  photomicrographs  in  Figures  131  through  134  show  at 
100X  the  actual  surface  conformity  achieved  at  the  ID  and  OD  for  various  axial  loads. 

The  location  of  Plates  1  through  4  in  each  of  these  figures  with  respect  to  the  total  fitting 
configuration  is  shown  below.  Figure  131  shows  that  at  a  280-lb  load  the  seal  mates  with 
the  flanges  only  at  the  four  corners.  Note  the  hanging  burr  on  the  OD  and  the  tear  on  the 
ID  where  the  shearing  punch  broke  through.  The  seal  pictured  in  Figure  132  was  assem¬ 
bled  at  900  lb.  Although  there  is  a  greater  contact  area,  it  is  still  restricted  to  the  four 
corners.  The  hanging  burr  has  been  rolled  under.  Figure  133  assembled  at  1040  lb  re¬ 
veals  that  contact  has  shifted  from  the  corners  to  the  seal  faces.  There  is  evidence  of 
the  flange  member  yielding  plastically  on  the  seal's  OD  (marked  with  arrows).  The 
gasket  assembled  at  2000  lb  (Figure  134)*  has  achieved  excellent  surface  conformity  on 
the  ID  and  along  part  of  the  convex  surface.  However,  only  partial  contact  has  been 
achieved  on  the  OD. 


Although  the  -2  and  the  -16  gaskets  buckled  differently,  both  nevertheless  achieved 
approximately  the  same  degree  of  conformity  except  on  opposite  diameters.  In  general 
both  the  -2  and  -16  size  gaskets  appear  to  have  sealed  better  than  the  -8  gasket.  The 
degree  of  conformity  achieved  with  the  -16  gasket  is  shown  in  Figures  135  through  137. 
At  2000  lb  (Figure  135),  which  is  about  1/2  the  maximum  load,  the  seal  at  the  OD  is 
nearly  equivalent  to  the  best  seal  obtained  with  the  -8  gasket  even  at  175  per  cent  rec¬ 
ommended  load.  Even  the  seal  on  that  portion  of  the  ID  in  contact  appears  to  be  quite 


•This  gasket  (Figure  134) 


had 


received  a  secondary  machining  operation,  whereas  die  others  (Figures  131,  132,  and  133)  had  not. 
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c,  Plate  3,  ID  d.  Plate  4,  OD 

FIGURE  131.  PHOTOMICROGRAPHS  OF  1  /2-INCH  CONOSEAL  (SPECIMEN  57)  AT 
280-POUND  AXIAL  LOAD 
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a.  Plate  3,  ID 


d.  Plate  4,  OD 


FIGURE  132.  PHOTOMICROGRAPHS  OF  1 /2-INCH  CONOSEAL  (SPECIMEN  58) 
AT  900  -POUND  AXIAL  LOAD 
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FIGURE  133.  PHOTOMICROGRAPHS  OF  1 /2-INCH  CONOSEAL  (SPECIMEN  59) 
AT  1040-POUND  AXIAL  LOAD 


c.  Plate  3,  ID 


d.  Plate  4,  OD 


FIGURE  134.  PHOTOMICROGRAPHS  OF  I /2-INCH  CONOSEAL  {SPECIMEN  17) 
AT  2000-POUND  AXIAL  LOAD 


FIGURE  135.  PHOTOMI 
AT  ZOOO-I 
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FIGURE  137.  PHOTOMICROGRAPH  OF  1-INCH  CONOSEAL  (SPECIMEN  41) 
AT  40 00 -POUND  AXIAL  LOAD 


I 


good.  At  3000  lb  (Figure  136)  the  seal  on  the  OD  and  the  convex  face  is  excellent, 
whereas  only  a  partial  seal  is  evident  on  the  ID.  At  4000  lb  (Figure  137)  the  applied  load 
has  caused  a  reverse  buckling  of  the  seal.  This  phenomenon  probably  caused  the  sepa¬ 
ration  at  the  convex  surface  (marked  with  arrow).  Both  the  ID  and  OD  have  sealed  along 
the  entire  sealing  face. 


I 
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APPENDIX  IX 


INFORMATION  REVIEW  AND  BIBLIOGRAPHY 

Considerable  effort  was  expended  to  determine  the  extent  of  available  knowledge 
in  the  open  literature  and  the  experience  of  manufacturers ,  users,  and  designers  rela¬ 
tive  to  fittings  and  similar  components.  This  effort  is  described  briefly.  A  selected 
bibliography  is  given  of  the  references  which  have  been  of  assistance  in  Phases  I  and  II. 

Information  Review 

Technical  information  was  obtained  through  personal  interviews  with  engineers 
and  designers  and  from  written  reports  of  test  and  development  programs  on  fittings. 
Additional  related  data  basic  to  fitting  design  were  collected  and  reviewed. 

Technical  Interviews 

During  the  first  month  of  the  project  the  Battelle  staff  visited  various  organiza¬ 
tions  with  experience  in  the  design,  manufacture,  and  use  of  aircraft  and  missile 
fittings.  The  organizations  visited  were: 

(1)  Aerojet-General  (11)  Marman  Division,  Aeroquip  Corp. 

(2)  Aerospace  Corp.  (12)  Parker-Hanifin  Corp. 

(3)  Armour  Research  Foundation  (13)  Resistoflex  Corp. 

(4)  Astronautics  Division,  General  Dynamics  (14)  Rocketdyne  Division,  North 

(5)  Douglas  Aircraft  American  Aviation 

(6)  Flexonics  Division,  Calumet  and  Hecla  Co.  (15)  Space  Technology  Laboratory 

(7)  General  Electric  Co.  (16)  Stanford  Research  Institute 

(8)  Jet  Propulsion  Laboratory  (17)  Weatherhead  Corp. 

(9)  Lockheed  Aircraft  Co.  ,  Burbank 

(10)  Lockheed  Missile  and  Space  Division 

The  data  sought  during  these  visits  related  primarily  to  specific  past  experience 
with  and  knowledge  of  fitting  failures.  The  types  of  failure,  possible  causes,  and  the 
location  in  the  piping  system  were  items  of  major  interest.  Design  philosophy  was  dis¬ 
cussed  only  in  general  terms.  Unfortunately,  little  failure -analysis  work  had  been  done 
in  this  area.  Moreover,  results  of  the  work  which  had  been  done  had  not  been  published. 
When  failure  data  were  available,  they  were  very  general. 

Most  of  the  information  received  consisted  of  technical  reports  of  laboratory  tests 
and  analytical  studies  of  present  and  new  designs.  The  most  frequent  comments  of  the 
engineers  interviewed  were: 

(1)  The  basic  seal  design  of  flared  type  fittings  is  inadequate,  and  the  seal  is 
subject  to  deterioration  with  increased  pressure  and  temperature. 
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(Z)  Human  error  during  assembly  is  the  major  source  of  difficulties  with 
"zero-leak"  fittings. 

(3)  Stricter  quality  control  should  be  imposed  on  the  manufacturers  of 
fittings . 

(4)  Future  specifications  should  classify  the  fitting  according  to  the 
application. 


Technical  Literature 

During  the  first  2  months  a  literature  survey  was  conducted.  Documents  were 
collected,  analyzed,  and  catalogued.  Thereafter,  additional  pertinent  documents  were 
added  to  the  file  as  they  were  noted.  The  file  presently  consists  of  more  than  500  docu¬ 
ments  and  is  divided  into  nine  major  categories: 

(1)  Bolts 

(2)  Design 

(3)  Fittings 

(4)  Flanges 

(5)  Materials 

(6)  Manufacturing 

(7)  Seals 

(8)  Testing 

(9)  Threads. 

The  major  sources  of  data  are  Armed  Services  Technical  Information  Agency, 
Interservice  Data  Exchange  Program,  Machine  Design,  Mechanical  Engineering, 

Defense  Metals  Information  Center,  Transactions  of  American  Society  of  Mechanical 
Engineers,  Society  of  Automotive  Engineers,  and  internal  reports  and  memos  from 
individual  companies. 

A  comprehensive  literature  search,  even  if  restricted  to  just  one  or  two  of  the 
major  categories,  would  have  been  beyond  the  scope  of  the  Phase  I  program.  New  and 
typical  information  only  was  gathered.  When  it  appeared  that  a  document  contained 
redundant  information,  it  was  usually  omitted. 

Reports  dealing  with  the  state  of  the  art  of  flared  and  flareless  fittings  were  con¬ 
ducted  on  a  restricted  basis  also.  Only  major  reports  known  to  contain  original  test 
data  were  collected.  The  state-of-the-art  study  was  intended  to  provide  only  sufficient 
data  for  failure  analysis  or  analytical  evaluation. 
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